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ABSTRACT 
The term `dual fuel' refers to a compression ignition engine where a small quantity of 
diesel fuel called the pilot is used to ignite a second gaseous fuel which is the primary 
energy source. The motivation to use dual fuel has traditionally been economic, as 
the primary fuel is often less expensive than the distillate fuel it replaces. However, 
some benefits in terms of the reduced emissions of smoke and oxides of nitrogen 
(NOx) can also be achieved. 
In this research, a small, direct injection diesel engine was converted to dual fuel 
operation. This engine is typical of those used in stationary power generation 
applications. A review of literature revealed that whilst performance and emissions 
trends were well established for indirect injection engines, little research had been 
conducted on a direct injection engine. In particular, this class of small, high speed 
industrial engine had been somewhat neglected, partly because they have been subject 
to less stringent emissions legislation than their automotive counterparts. 
It was further identified that there had been limited research where the performance of 
different primary fuels were directly compared. Therefore, an experimental 
programme was conducted to establish the operational performance and emissions 
trends of a small diesel genset when using methane, propane and butane as the 
primary fuels. This is the only example in literature of these three fuels being 
compared under the same conditions using a direct injection engine. 
In order to analyse the results, a three zone model for heat release rate analysis was 
developed. This new approach allows dual fuel performance data to be examined 
using a tool that is physically representative of the actual conditions encountered 
within the engine: pilot is injected as a fuel rich zone into an unburned zone 
consisting of air, the primary fuel and residual gases. Upon the start of combustion, a 
burned zone containing the equilibrium products of combustion is formed. 
By performing a detailed investigation ' into the errors and assumptions that have a 
bearing on the three zone technique, it was possible to challenge some previous 
assumptions regarding the dual fuel combustion process. Namely, the theory that the 
-i- 
pilot bums in two separate initial stages was found to be a deficiency of previous 
analysis techniques and therefore incorrect. 
It was found that as the proportion of the gaseous fuel was increased, the combustion 
process retained similar characteristics and magnitudes of mass burned to diesel until 
all but the highest equivalence ratios. At this point, the premixed and diffusion 
burning periods merged, but continued to show a fundamental dependence on the 
pilot ignition and the combustion processes were never independent of the pilot. The 
range of equivalence ratios over which the transition between the two patterns occurs 
is firstly a function of the primary fuel, and secondly a function of the operating 
conditions (such as in cylinder temperature). 
It is proposed that the dual fuel combustion process is better described as a diesel 
combustion process with a modified diffusion burning period that results from the 
gaseous fuel concentration and type. By using this explanation, it was identified that 
the emissions characteristics of the engine could be modified through the use of a 
second fuel. The primary fuel can reduce the initial mass burning rates (to reduce 
NOx) and simultaneously elevated the diffusion burning rates (to reduce smoke 
emissions). This provides an alternative, beneficial means by which the classic diesel 
NOx-Particulate trade-off can be manipulated. 
Butane was found to be unsuitable for this type of engine, and propane consistently 
yielded the best performance and emissions trends. Additionally, it was found that 
the addition of small quantities of methane or propane can result in disproportionately 
large reductions in smoke and NOx without the penalty of increased carbon monoxide 
and unburned hydrocarbons. 
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CHAPTER ONE - INTRODUCTION 
CHAPTER ONE: INTRODUCTION 
1.1 GENERAL INTRODUCTION 
A dual fuel engine is an internal combustion engine where the primary fuel source 
(often natural gas) is pre-mixed with air just before or as it enters the combustion 
chamber. This homogenous mixture is ignited by a small quantity of diesel fuel called 
the `pilot' that is injected towards the end of the compression stroke. The diesel fuel 
auto-ignites in the same way as in compression ignition (CI) engines and the resulting 
flame then propagates through the rest of the air fuel mixture. 
Dual fuel can involve one of two methods. 
1. The most widespread and well-known approach is the injection of a small 
quantity of diesel to provide a means of igniting the lean gaseous fuel-air charge: the 
goal is to maximise the use of the gaseous fuel and minimise the use of diesel fuel. 
This is a fuel substitution strategy, and the objective is to reduce operating cost, 
Karim (1987). 
2. An alternative approach is the fumigation of a small quantity of gaseous fuel 
to the incoming air of a fully operational diesel engine. This flexible approach to 
producing more power through increased fuel addition requires no modifications to 
the engine or injection equipment, Papagiannakis and Hountalas (2003). 
Dual fuel engines are considered to combine two fuels and two modes of combustion 
simultaneously; the auto-ignition of diesel fuel, and the rapid turbulent flame 
propagation through the gaseous fuel. The term dual fuel should not be confused with 
"bi-fuel" which refers to applications of SI engines where the liquid fuel is completely 
replaced by the gaseous fuel. Dual fuel engines can bum mixtures much leaner than 
bi-fuel engines, and typically have much higher fuel and thermal efficiencies. 
1.1.1 Historical Context 
The concept of a dual fuel engine is not new. It was first proposed at the beginning of 
the 20`x' century, but did not receive any serious research attention until the Second 
World War when supplies of liquid fuel became scarce, but low quality gaseous fuel 
(such as coal gas) were more available. Subsequently, research was conducted on an 
`ad hoc' basis until the oil crisis of 1973 when dual fuel research increased 
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dramatically. Dual fuel was seen primarily as a cost reduction method for diesel 
engines until the advent of increasingly stringent emissions legislation during the 
1990's when the potential for reduction of pollutants became more important. Turner 
and Weaver (1994) reported that the characteristic diesel smoke is virtually eliminated 
on dual fuel operation, and that emissions of oxides of nitrogen (NOx) are 
substantially reduced. According to Park et al. (1999), the cost in pounds per tonne of 
NOx reduced for a dual fuel conversion is significantly lower than most other NOx 
reduction strategies. There may in addition be benefits in terms of extended engine 
and oil life, Beck et al. (1997). 
1.1.2 Classifications 
Generally, dual fuel engines are modified or converted versions of diesel engines so 
they share many characteristics and applications. Turner and Weaver (1994) divided 
diesel engines into three classes. 
1. Slow speed (0-600rpm) typically two stroke engines as found in ships and 
some stationary engine applications. 
2. Medium speed (600-1300rpm) engines typically used in railway locomotives, 
ships, stationary generating and pumping applications. 
3. High speed (1300rpm and higher) engines. This is the largest class and it 
includes trucks, buses, construction machinery, boats, farm equipment and 
Cars. 
Slow speed engines are typically of the two-stroke type, and although this has been a 
successful dual fuel application it is not considered in this work Instead, attention is 
focused on the high-speed class, which are by far the most numerous. Dual fuel 
applications in medium and high-speed engines have been so far concentrated on 
pumping devices, engine-driven power generators and some limited transport 
applications, typically in buses and trucks. 
1.1.3 Problems 
There are some significant problems associated with dual fuel. Karim (2000) 
identified a number of superior characteristics of Cl operation that are undermined in 
dual fuel mode. 
i. It is difficult to avoid knock in dual fuel operation while maintaining the 
2 
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efficient high compression ratios of some high brake mean effective pressure 
(BMEP) diesels. This can be a function of the type of primary fuel used. 
ii. Low load operation is associated with poor engine performance, such as 
misfire, reduced power output and increased fuel consumption. 
iii. Lean mixtures of gaseous fuel and air can lead to increased emissions of 
unburned hydrocarbons and carbon monoxide that are higher than for 
corresponding diesel operation. Catalytic exhaust gas treatment can be 
impaired by some primary fuels. 
iv. The use of minimum pilot quantities can increase incidence of knock and 
cause a greater degree of cyclic variations. 
v. The interaction between pilot and gaseous fuel is thermal and kinetic. At 
some operating points and fuel quantities, this interaction can extend ignition 
delay and increase some exhaust emissions. 
1.1.4 Advantages 
Karim (1991) concluded that dual fuel engine can achieve higher power outputs with 
better specific energy consumption than corresponding diesel engine operation. The 
high thermal efficiency of CI engines is maintained (through the high compression 
ratio), while dual fuel can display superior exhaust emissions, smoother operation and 
reduced thermal loading of engine parts. The dual fuel engine is also superior to the 
corresponding SI engine as it can utilise a wider range of fuels without needing large 
changes in spark timing with load or fuel, nor does it experience as large a degree of 
cyclic variation. This work was conducted using an indirect injection (IDI) single 
cylinder research engine. It is uncertain if these findings also relate to a multi- 
cylinder direct injection (DI) engine, more typical of those currently in use. 
1.1.5 Fuelling Strategies 
The most common gaseous fuel used in dual fuel engines is natural gas, and the 
motivation to use this fuel is usually economic, particularly when in certain locations 
it is readily available. Workman and Beshouri (1990) found that methane, (the main 
constituent of natural gas with a Cetane Number of 120) is well suited to Cl engines 
because it can tolerate high compression ratios. The use of the pilot provides a 
reliable and high-energy source of ignition that speeds up the relatively slow flame 
propagation speeds through the lean fuel-air mixture. 
3 
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The tendency when converting diesel engines to dual fuel is to retain diesel operation 
and design the conversion so that the engine can run interchangeably in either dual 
fuel or diesel mode on demand. This is particularly advantageous when the gas 
supply is unreliable, or during engine operating conditions where dual fuel 
combustion is unstable, for example at low load. An additional advantage to dual fuel 
conversions is that most existing diesel engines can be easily converted without the 
need to modify the cylinder head and most of the benefits of diesel operation are 
retained such as their high efficiency. 
1.2 RESEARCH OBJECTIVES 
Given the benefits associated with dual fuel operation; the economic advantages of 
replacement of distillate fuel, and the potential for reductions of NOx, smoke and 
noise emissions; this remains a relevant subject for research Moreover, dual fuel 
operation is a particularly attractive solution for low cost engines, especially those that 
operate in very neatly defined duty cycles with a minimum of transient conditions, 
such as small diesel gensets. There remains some scope in the investigation of dual 
fuel, particularly with regard to the combustion process, in order to improve 
efficiency, to obtain better control of the exhaust emissions and achieve greater 
flexibility in choosing the fuels. 
The purpose of this research is to develop an understanding of the fundamentals of 
dual fuel combustion. Although this area has been the subject of some study, many of 
the underlying principles and processes are poorly understood. In pursuit of this 
objective, a number of sub tasks can be defined. 
9 To perform an extensive experimental investigation of the direct injection (DI) 
dual fuel engine in order to characterise performance and emissions. 
" To investigate the changes to performance and emissions characteristics at 
different load and speed conditions. 
" To investigate the changes to performance and emissions characteristics when 
different primary fuels are used 
" To develop a new rate of heat release (or rate of reaction model) for dual fuel 
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combustion, in order to provide a research tool that can be used to analyse 
experimental data. 
" To understand the contribution and effect of the burning of different types of 
gaseous fuel, in different proportions. 
1.3 OUTLINE OF THESIS 
A literature review is conducted in chapter two, which begins with a description of the 
combustion process and the resulting emissions trends. A discussion of the pilot fuel 
and then the primary fuel follows in order to understand their effects on the engine. 
Finally, discussions of dual fuel modelling investigations are made. Details of the 
most important sub models, (ignition delay and knock), are also reported. 
Chapter three describes the experimental procedure and the experiments that were 
carried out to evaluate the performance and emissions characteristics of a Lister-Petter 
4x90 four stroke, DI engine. In chapter four the derivation and application of the heat 
release rate model that was used to analyse the experimental data is discussed. 
Critical analysis of this model is made in chapter five in order to properly understand 
the limitations and benefits of the technique. The conventional method of defining an 
`equivalent fuel' (which has the same number of carbon and hydrogen atoms as the 
mass proportions of primary and pilot fuels), is also examined. 
The results of the experimental and modelling study for are brought together and 
analysed in chapter six. A discussion of the results at all load, speed and methane 
concentration levels is presented. This process is repeated in chapter seven and eight 
for propane and butane respectively. The objective of chapter nine is to compare and 
contrast the different operating characteristics that result from the use of three 
different primary fuels; methane, propane and butane. 
Conclusions are drawn and recommendations for further work are made in chapter 
ten. Various appendices are included in support of the text within the main body of 
the thesis and to provide additional data that might be required. 
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CHAPTER TWO: LITERATURE REVIEW 
2.1 INTRODUCTION 
The concept of running a diesel engine on a gaseous fuel was first proposed by 
Rudolph Diesel in the early part of the 20th century. Some limited commercial 
applications appeared in the 1920's in stationary engines, but serious attention did not 
begin until the Second World War, motivated by the scarcity of liquid fuel. 
Numerous stationary and transport applications for dual fuel engines appeared, 
predominantly using coal gas mixtures, sewage gas and stocks of poor quality 
gasoline in the form of gasified vapour, Crooks (1949). 
From the end of the war, research was carried out on an `ad hoc' basis without 
significant progress until the oil crisis of 1973 when attitudes to research associated 
with energy use changed dramatically. As oil prices rose, so did interest in alternative 
fuels: the emphasis was placed on those that could be used in existing engines without 
modifications. Up to this point, the interest in dual fuel was purely economic. The 
goal was to reduce consumption of conventional fossil fuels, Karim and Rogers 
(1967). This trend changed again in the early 1980's; when petroleum oil became 
more available and prices fell, and so did research interest. 
Dual fuel returned to favour in the 1990's as a result of emissions legislation: 
concerns regarding exhaust emissions of internal combustion engines have become 
the major driving force behind the development of alternative engines technologies. 
Gaseous fuels are the fossil fuel of least environmental impact as they produce 
virtually no sulphur oxides and relatively little NOx (the main constituents of acid 
rain), and substantially less CO2 (a greenhouse gas) than most oil products and coal, 
Henham and Makkar (1998). This is not to say that there is no economic benefit 
achieved through the use of a gaseous fuel, and in some areas of the world where 
supplies of gaseous fuel are readily available, its use is obvious, Karim (2003). 
2.2 COMBUSTION PROCESSES IN DUAL FUEL ENGINES 
In dual fuel engines, a homogenous mixture of the primary (gaseous) fuel and air is 
burned, as in Otto cycle engines. The ignition source is not a spark, but the injection 
of a small quantity of diesel fuel (the pilot), and consequently the overall combustion 
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process is similar to diesel cycle with similar fuel efficiency and power output. 
Therefore, the dual fuel combustion process shares features with both Otto cycle and 
Diesel cycle combustion. 
2.2.1 Otto Cycle Combustion 
Otto cycle engines bum a homogenous mixture of air and fuel which is created by 
mixing either before or as it enters the cylinder, and by air turbulence within the 
combustion chamber. Ignition is provided by means of a spark just before the piston 
reaches the top of its travel near top dead centre (TDC). A flame kernel is formed 
then after a small delay, a flame front propagates across the combustion chamber at 
the turbulent flame speed. 




where r, - 
is the compression ratio and y is the ratio of specific heats. Smaller values of 
y mean there are greater quantities of air in the mixture. The efficiency of an Otto 
cycle engine is higher with lean air fuel ratios, for reasons including lower heat losses 
and efficiency increases with compression ratio. In practice compression ratio is 
knock limited: a highly destructive effect where parts of the air fuel mixture auto- 
ignite due to the heat of compression before the flame front arrives. The best 
efficiency in Otto cycle engines occurs when most of the mixture is burned near TDC. 
Mixture that burns after TDC does less work on the piston, and mixture burned before 
TDC increases the compression work that is done by the piston. Therefore, a 
compromise must be reached between these two effects. 
This compromise is also related to emissions. In order for successful combustion to 
occur, stoichiometric (or near) air fuel mixtures are used, which allow for the use of 
three-way catalysts as an exhaust gas treatment method. Otherwise, the emissions of 
greatest concern in Otto Cycle engines are oxides of nitrogen (NOx), unburned 
hydrocarbons (UHCs) and carbon monoxide (CO). NOx is formed from nitrogen at 
high temperatures in the presence of excess oxygen, and these conditions occur 
predominantly near TDC. Proportions of air fuel mixture that burn at or before TDC 
experience higher temperatures for a greater time. CO is mainly due to the 
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combustion of fuel rich mixtures where there is insufficient oxygen to oxidise CO to 
CO2 and UHC emissions are caused by unburned or partially burned elements of fuel 
air rruxtures. 
A common NOx control strategy is to retard ignition timing, but excessive retardation 
can cause higher UHC emissions and reduces the power output of the engine. Lean 
air fuel ratios have longer ignition delays and slower flame speeds, which require 
spark timing to be advanced. Lean bum engines are also more successful if 
combustion time can be speeded up as this reduces the tendency towards knock and 
enables higher compression ratios to be used. At rich air fuel ratios there is too little 
oxygen to react fully with the fuel so UHC and CO emissions increase. As 
progressively leaner air fuel ratios are used, the emissions of NOx increase to a peak 
at a point just lean of stoichiometric where flame temperatures are high and excess 
oxygen is available. Increasingly lean air fuel ratios result in a decrease of flame 
temperature as the chemical energy from the same amount of fuel must heat a larger 
volume of gas, so NOx emissions are consequently reduced. However, ignition 
becomes more difficult, and the flame front ceases to propagate across the whole of 
the combustion chamber. This results in a decrease in efficiency and an increase in 
UHC emissions, Heywood (1988). 
There are two key limitations with SI engines: load is controlled by throttling which 
results in pumping losses during the gas exchange process. This lowers the effective 
compression ratio, which decreases thermodynamic efficiency. The second is from 
the reliance on flame propagation itself, which attains speeds of only 30-40m/s even 
at the pressure reached after the compression. Higher flame speeds are required in 
order to follow the ideal Otto cycle more closely, and this could be achieved by 
increasing the compression ratio, but this would lead to knock When both limitations 
are present, (throttling combined with a compression ratio that allows operation over 
the entire speed and load range), part-load efficiency is considerably reduced. 
2.2.2 Diesel Cycle Combustion 
For diesel cycle combustion, air alone is compressed, which eliminates the possibility 
of knock occurring. Higher compression ratios can therefore be used yielding higher 
power outputs. The compression process heats the air to above the ignition 
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temperature of diesel, which is injected as the piston approaches TDC. There follows 
a short delay as the edge of the spray is mixed with the air before it ignited, upon 
which a sudden and rapid rise in cylinder pressure occurs, known as the premixed 
combustion phase. The subsequent rate of burning is controlled by the rate at which 
diesel mixes with air and is called the mixing controlled phase, (illustrated in figure 
2.1). A consequence of heterogeneous combustion is that Cl engines use higher 
compression ratios than SI engines. They also operate unthrottled, and so high part- 
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Figure 2.1- Stages of diesel combustion from Heywood (1988) 
As the diesel is consumed through a diffusion flame, the outside boundaries of the 
fuel jet are readily mixed with air and lean combustion occurs, whilst in the jet core 
(where mixing with air is more difficult), very rich combustion occurs. The problem 
of inadequate mixing is addressed through the use of swirl imposed on the intake air- 
steams, however the emissions characteristics are degraded compared with SI 
engines: In addition, due to the necessarily low air utilization, specific power outputs 
of normally aspirated diesels are lower than for corresponding SI operation. 
Cl engines are, however, well suited to turbocharging which further increase their 
efficiency and in combination with common rail injection systems their power density 
is on a similar level with SI engines, Heisler (1995). Most importantly, turbo- 
charging can be used without the compression ratio reduction requirement which is 
necessary for turbo-charged SI engines (in order to avoid knock). One of the biggest 
arguments in favor of diesel is the higher power outputs, lean Air fuel ratios and high 
thermal efficiency. 
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The most significant emissions from diesel engines are NOx, UHC and particulate 
matter (PM) or smoke. Smoke is formed in the premixed combustion phase from 
locally rich mixtures, although most is subsequently oxidised in the mixing control 
phase due to the excess of oxygen at the flame front. UHC emissions are also 
significant at light loads when excessive mixing leads to mixtures that are too lean to 
bum. They can also occur if mixing is too rapid and the flame front is quenched 
leaving partially reacted products. 
Diesel engines use very lean Air fuel ratios as fuel and air must mix inside the 
cylinder. The minimum lean air fuel ratio (AFR) is smoke limited because cylinder 
temperatures become too low to bum out the residual hydrocarbons. Air fuel ratios 
that are too rich also cause higher levels of smoke emissions, as there is insufficient 
air to oxidise during diffusion burning. This is more an issue in naturally aspirated 
engines where the inducted air quantity is dependent on speed. 
Diesel is injected a few crank angles before TDC because there is a delay between 
start of ignition (SOI) and start of combustion (SOC). Fuel that is injected earlier 
meets with a cooler charge and so the delay is longer. This promotes mixing and 
more fuel is burned during the premixed phase, which increases the maximum 
temperatures and pressures inside the cylinder. This also increases NOx, but reduces 
smoke and UHC emissions. Fuel that is injected later causes lower cylinder 
temperatures and pressures, and although this reduces NOx, smoke is increased: the 
classic emissions trade off in diesel engines. 
2.2.3 Dual Fuel Combustion 
Dual fuel engines bum a homogenous mixture of gaseous fuel and air: the ignition 
source is provided by the injection of a small quantity of diesel fuel resulting in a 
combustion process that is similar to diesel cycle. During compression, the premixed 
gaseous fuel-air charge is subjected to increasing temperatures and pressures leading 
to significant pre-ignition reaction activity. Partial oxidation products can build up 
during the latter part of the compression stroke to influence the ignition and 
combustion processes of the pilot. The remaining charge is affected indirectly as 
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turbulent flame propagation will only proceed once a limiting concentration of 
gaseous fuel has been reached, Karim (1983). 
Both the diesel pilot and the gaseous fuel contribute to the emissions from a dual fuel 
engine. Smoke is much reduced compared to diesels because the gaseous fuel 
contains no heavy hydrocarbons, and most of the combustion is premixed and so there 
is less opportunity for locally rich mixtures to form These lean conditions have 
lower flame temperatures and so NOx emissions are lower than for diesel engines. 
However, the combustion of the pilot is at or before TDC where the burned gases 
remain at high temperatures for longer so NOx tends to be higher than for lean burn 
SI engines. CO depends on local temperatures and oxygen concentration. If 
temperatures are low it is formed in insignificant quantities. If temperatures are high, 
such as in the flame front, it is oxidised. Therefore CO formation is only significant 
at intermediate temperatures. 
One of the main causes of UHC emissions are portions of unburned air fuel mixture 
that collects in crevice volumes (the gaps between the piston and combustion chamber 
wall above the piston rings) during the combustion process. Diesel engines have 
relatively large crevice volumes and so UHCs are higher in dual fuel engines than for 
diesels, and similar to levels in SI engines. A second source of UHC is scavenging: 
the process of removing burned gas from the cylinder to allow fresh charge to enter. 
Diesel engines employ some degree of valve overlap to allow incoming air to sweep 
out burned gas, but in a dual fuel engine the charge air also contains fuel that will be 
expelled. To reduce or eliminate fuel losses and UHC emissions the intake valve 
timing could be modified, but this can reduce power output and increase smoke 
emissions when on pure diesel operation, Galal et al. (2002). 
2.2.4 Phases of Dual Fuel Combustion 
Karim (2003) described the dual fuel combustion process as proceeding in three 
stages after ignition. 
" Stage I is due to the combustion of approximately half of the pilot fuel and a 
small amount of gaseous fuel entrained within it. 
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9 Stage II is due to diffusive combustion of the rest of the pilot and the rapid 
burning of gaseous fuel in the immediate surroundings. 
" Stage III is due to flame propagation through the remainder of the premixed 
gaseous fuel-air charge, (shown in figure 2.2) 










Figure 2.2 - Schematic representation of the different components of dual fuel energy release at full 
load from Karim (2000) 
When lean mixtures are used most of the energy release comes from the pilot and the 
entrained primary fuel. Kishnan et al. (2002) argued that most NOx would be formed 
in the region around the pilot spray where high temperatures exist and the equivalence 
ratio is close to stoichiometric. Relatively little of the energy release comes from the 
gaseous fuel air charge further away from the pilot as consistent flame propagation 
from the ignition centres does not take place, as shown in figure 2.3. The main cause 
of UHC emissions would be the slow burning rates of natural gas during the third 
stage. This would be particularly pronounced at low loads, where some gaseous fuel 
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Figure 2.3 - Schematic representation of different components of dual fuel energy release at light load 
from Karim (2000) 
At full load, Poonia et al. (1998) found that the heat released in all three stages is 
significant, and changes of inlet temperature have little affect on stage I. Increasing 
the temperature leads to the second stage of combustion dominating as the magnitude 
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of the second stage heat release spike is a strong function of heat release rates, and 
stage I and II would become indistinct. At low load, as the intake air temperature 
increases the ignition delay decreases and combustion duration increases slightly. 
The rate of heat released in the first stage of combustion also increases slightly due to 
the burning of an increased amount of entrained primary fuel. At low load, the effect 
of temperature is significant only on stage I of heat release. 
i. Cylinder Temperature. Kishnan et al. (2002) found that increasing the 
intake manifold temperature from 40 to 115°C causes a sharp decrease in brake 
specific energy consumption (BSEC), and at the highest temperatures the fuel 
conversion efficiency surpassed diesel engines. The elevated temperatures caused an 
increased mass-burning rate during the third stage of combustion, (but was almost 
unchanged during the first and second phases). An increase of the mass fraction 
burned confirmed that combustion was more complete at higher temperatures. 
Increasing the temperature decreased UHC emissions by more than 80% due to higher 
burning rates and smaller wall quench volumes although there was a moderate 
increase in NOx. There is an optimum temperature where UHC is considerably 
decreased without excessive NOx, but this optimum level changes at different pilot 
injection timings. 
ii. Pilot. When the pilot quantity is reduced, the amount of fuel prepared for 
burning during ignition delay decreases, and the amount of primary fuel entrained by 
the pilot decreases and peak cylinder pressure is lowered. These factors result in a 
decreased amount of heat released during stage I. The weaker ignition source also 
leads to a sluggish combustion in stage II and a latter occurrence of peak cylinder 
pressure. Poonia et al. (1998), suggested that during the increased ignition delay, the 
reduced quantity of diesel fuel may be increasingly dispersed and this further weakens 
the gaseous fuel-air ignition 
At full load, the peak cylinder pressures are higher than for diesel at all but the 
smallest pilot quantities where heat release is mainly by flame propagation. An 
increase intake temperature in this region causes combustion in stage II to dominate 
resulting in higher peak cylinder pressures. The maximum rate of pressure rise in 
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dual fuel engines increases with pilot quantity and rapid combustion in stages I and II 
can lead to knock, Poonia et al. (1998). 
Gebert et al. (1997) described the minimum possible pilot quantity as the best pilot 
quantity, because there is no benefit in increasing the pilot once stable combustion has 
been achieved (i. e. the absence of misfire). Reducing the pilot quantity decreases 
BSEC, increases ignition delay and causes progressively slower burning rates. This 
leads to lower and delayed peak cylinder pressure which causes smoother running of 
the engine compared to diesel. However, at the lowest pilot quantities, the 
performance of injection equipment is degraded which can result in considerable 
variation in engine torque. 
Kishnan et al. (2002) maintained a constant natural gas substitution level, but varied 
the pilot quantity. Fuel conversion efficiency increased with increasing overall 
equivalence ratios and eventually surpassed diesel levels. This is due to an increased 
fraction of gaseous fuel-air mixture being burned with most of the energy being 
released close to TDC and so more work was done during expansion. The effect of 
increasing equivalence ratio on emissions was to reduce UHC due to increased 
combustion efficiency but increase NOx due to higher local temperatures. CO levels 
initially increased with increased natural gas concentration due to the partial oxidation 
of natural gas and some contribution of the diesel pilot. However increasing natural 
gas concentrations above 75% of the total equivalence ratio lead to an increase in CO, 
which was thought to be due to the lean gaseous fuel-air mixture being enriched to 
such an extent that a greater concentration of incomplete combustion products 
formed. 
Nwafor (2000a) varied the injection timing of the pilot to assess what its affect on 
various combustion parameters might be. It was found that increasing the advance 
from a standard setting causes a slight increase in BSFC. The difference between 
BSFC in dual fuel and diesel modes decreases with increasing BMEP until at high 
load it is negligible, but at low load and low fuel flow, the difference is significant. 
Advancing the injection timing incurs a penalty on BSFC at a given operating 
condition as the governor injects more fuel than on a standard setting. A reduced 
quantity of diesel leads to lower cylinder temperatures. It also causes reduced flame 
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propagation speed and an increase in compression work due to the large volume of 
gas and air, and these two factors lead to reduced combustion efficiency. 
In terms of temperatures, advanced timing increases the exhaust temperatures in dual 
fuel mode, which are always higher than for diesel. Conversely, the diesel has the 
lowest wall temperatures. This partly explains the reduced thermal efficiency in dual 
fuel mode. UHCs decrease with a timing advance and decrease with load in dual fuel 
engines, but are always much higher than for diesel engines. CO and CO2 were also 
significantly reduced with a timing advance. 
W. Primary Fuel. Increasing amounts of natural gas substitution also lead 
to a decrease in NOx levels to less than 10 % of diesel levels but an equally dramatic 
increase in UHC emissions occurs. Both trends are explained by an increased ignition 
delay and lower flame speeds that lead to widespread bulk quenching, Acker (1986). 
Brake thermal efficiency is highest for diesel engines, which is expected because it is 
the ratio of brake power and heat supplied. Methane has a lower energy density than 
diesel so a greater quantity must be supplied for the same output. Also, the addition 
of natural gas increases compression work The resulting late burning from longer 
combustion duration means that methane's internal energy isn't converted efficiently 
to useful work: instead higher exhaust temperatures occur. Thermal efficiency is 
slightly improved by a timing advance, Nwafor (2000a) and Nwafor (2002). 
iv. Load. Fuel conversion efficiency increases with load in the dual fuel 
engine, and efficiency at full load was higher than in diesels. At low loads there are 
low charge temperatures, very lean fuel-air mixtures and inconsistent spray patterns 
with reduced diesel injection quantities. This results in low flame speeds and a 
reduced fraction of gaseous fuel being burnt. The low charge temperatures also cause 
bulk quenching, which increases UHC levels, Kusaka et al. (2000). 
At low load, combustion duration is increased due to slower flame propagation 
through the lean gaseous fuel-air mixture, Poonia et at. (1998). As the pilot quantity 
increases the combustion duration decreases due to a stronger ignition source. The 
combustion duration also decreases with increasing load. At full load, the combustion 
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duration was shorter in dual fuel due to rapid flame propagation. Abd-Alla et al. 
(2002) found that advancing injection timing did not increase combustion durations, 
however the resulting higher temperatures caused increased brake power output and 
consequently increased thermal efficiency. UHC and CO emissions were reduced, 
but NOx was increased. There is also a tendency with advanced injection timing for 
knock to occur earlier. 
2.2.5 Light Load Operation 
An important drawback of duel fuel operation is the poor light load performance that 
occurs because power output is controlled by varying the concentration of the primary 
fuel. Dual fuel engines are not throttled and so as load is decreased, Air fuel ratios 
become lean, ignition delay increases, and the flames originating from the pilot cannot 
propagate through the whole of the charge. This leaves a significant amount of the 
gaseous fuel unreacted resulting in higher CO and UHC emissions compared with 
diesel engines. There is also a greater degree of fluctuation in peak cylinder pressure 
and torque until the gaseous fuel concentration is increased to a limiting value that 
allows flame propagation to sweep through the whole of the combustion chamber, 
thus improving the performance. Consequently, diesel operation is typically retained 
for low load and idling conditions when converting an engine to dual fuel. 
There are numerous techniques for the improvement of light load performance, and 
Poonia et al. (1999) argued that there is a need to optimise each effect for a specific 
dual fuel engine, providing that they do not undermine diesel performance, and they 
are not used at full load if they could lead to knock. They can be summarised as: 
i. Methods involving the pilot. In dual fuel engines at low loads and hence 
lean Air fuel ratios, the ignition delay is extended. Any measure that lowers the 
effective lower flammability limit (LFL) of the charge and promotes flame 
propagation will improve performance. The use of higher pilot quantities at low loads 
provides more ignition centres, a larger reaction zone and greater energy release, 
Karim (1991). This shortens the ignition delay, which permits improved flame 
propagation. Advancing the injection timing to increase the residence time and 
activity of the partial oxidation reactions, increase the charge temperatures, and so 
extends the flammability boundary Abd-Alla et al. (2002). 
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Enhancing the Cetane Number (CN) of the pilot fuel can permit the use of gaseous 
fuels that contain high quantities of diluents, or allow lower pilot quantities to be used 
Park et at. (1999). Using nitrate and peroxide type enhancing additives yield a 
reduction in CO at all loads and a NOx reduction in low load in CI engines. This is 
important at low load, where most of the energy release is from the pilot. The 
selective addition of higher hydrocarbon vapour in small quantities is similarly 
effective, but must be avoided beyond the light load region as it adversely affects the 
specific energy consumption and can lead to knock, Karim (1991). 
ii. Throttling gives an effectively richer mixture for the same mass of gaseous 
fuel, but the pumping losses due to the air restriction produce a marked reduction in 
volumetric efficiency. Throttling increases the combustion rate in both stages I and II 
through an decreased AFR, Poonia et al. (1999). At optimum temperature levels, 
throttling also causes a small improvement in brake thermal efficiency at low loads. 
Variable valve timing to admit less air-fuel mixture to the engine has the same effect 
as throttling, but less effect on engine efficiency due to lower pumping losses. It can 
also help reduce UHC emissions due to over-scavenging, however, the cost and 
complexity of such a system is high, Milovanovic et al. (2005). 
In turbocharged engines the AFR can be decreased through bypassing some of the 
excess air away from the engine. The air can be dumped in the exhaust to recover 
some of the work expended in compressing it, or rerouted back to the intake, Heisler 
(1995). Both methods involve a loss of efficiency because the air is compressed 
unnecessarily. Variable geometry turbochargers (VGTs) can improve light load 
performance through varying the size of the exhaust nozzles leading to the turbine 
section, Watson and Janota (1982). By increasing or decreasing the pressure drop of 
gas entering the turbine, the control system can vary the speed of the intake 
compressor. This change in speed vanes the mass of air inducted into the engine, but 
VGTs cannot control the power to such low levels as throttling, and this type of 
system is complex and expensive. 
The slip fire technique, reported by Gebert et al. (1997), can be used on multi- 
cylinder engines. This method shuts off fuelling to some of the engine cylinders at 
light load and idle, allowing charge at the optimum AFR to be supplied to the firing 
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cylinders. The number of cylinders to be fired is calculated from the target AFR, and 
the firing order is determined to give the best uniformity of rotational speed. If full 
electronic control of both the pilot and natural gas supply is provided, a rolling skip 
fire can be applied to the engine to ensure a well-balanced temperature distribution 
across the engine. Skip-fire is effective at controlling AFR at light loads and 
substitution levels of 95 % or more are possible even at idle, but there are as yet some 
unresolved problems associated with transient performance, rough running and visible 
shaking of the engine as reported by Abd-Alla et al. (2002). Karim (1991) suggested 
that some cylinders could run on diesel fuel, and some on dual fuel, although the 
success of this method has not been established. 
iii. Increasing the initial temperature through slight pre-heating of the intake air 
or raising water jacket temperatures, leads to a higher temperature at the end of 
compression Karim (1991). The flammability limits of gaseous fuels widen almost 
linearly with increased temperatures and this reduces the amount of unreacted gas in 
the cylinder and UHC's in the exhaust. However, if this technique is employed at full 
load it will lead to knock. 
iv. Stratification of the gaseous fuel component of the charge so that the AFR 
near to the pilot injection is richer will ensure the mixture ignites more easily. This is 
a useful technique, if it can be achieved, although uncooled exhaust gas recirculation 
(EGR) has the same effect, Karim (2003). 
v. EGR improves the combustion by re-circulating active radicals that enhance 
the pre-flame reactions, but too high a level of EGR affects flame propagation. When 
EGR is optimised at different loads, improved combustion processes lead to increased 
peak cylinder pressures at TDC, Selim (2003b). At optimum intake temperature and 
pilot quantity, the addition of EGR improved brake thermal efficiency up to 80 % 
load but increases ignition delay. At full load any improvements to brake thermal 
efficiency or changes to ignition delay are not significant, Poonia et al. (1999). 
2.2.6 Full Load Operation 
Dual fuel engines can burn much leaner mixtures than gas fuelled SI engines through 
a combination of the widespread and high energy auto-ignition of the pilot with rapid 
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turbulent flame propagation from the ignition regions. Karim (1987), reported that 
because dual fuel operation at high load has shorter injection and combustion times 
relative to diesel operation, significant increases in power can be obtained. Normal 
operation with various gaseous fuels can yield satisfactory operation with most 
common diesel engines, but when very high power outputs or very high intake 
temperatures and pressures are involved, the problem of knock may be encountered. 
Knock in dual fuel engines usually involves the auto-ignition of the gaseous charge in 
the region close to the ignition centres of the pilot, referred to as `diesel knock', which 
is typical of large pilots. This leads to very high rates of pressure rise, very rapid 
burning of the remaining parts of the charge, increased heat transfer to the walls, a 
consequent loss in thermal efficiency and if left unchecked, mechanical failure, 
Nwafor (2002). When smaller pilots are used the energy release of the pilot and 
subsequent flame propagation can lead auto-ignition of the end charge well away 
from ignition centres similar to knock in SI engines, where the tendency to knock 
increases with increased combustion temperature. In dual fuel engines, it also 
depends on the time between ignition of the pilot then the second ignition process of 
the primary fuel, where knock is seen to decrease with temperature, Nwafor (2002). 
This two stage ignition process has lead to the definition of a third type of knock 
called `erratic knock' that can occur in dual fuel engines as a result of depleted 
oxygen concentrations and variation in the second ignition process. 
For any pilot quantity and gaseous fuel, the knock limited power output deteriorates 
with increasing intake temperature, Karim (2000). Therefore the onset of knock can 
be delayed through operational measures such as lowering the intake air or water- 
jacket temperatures or slightly retarded fuel injection. Lowering the compression 
ratio is also effective but this would undermine the engines performance in diesel only 
mode. The onset of knock occurs earlier with the increase of the pilot quantity at 
constant injection timing, but beyond the light load region, there is no need to use 
large pilot quantities. 
Enhancing the CN of the diesel fuel has a relatively minor effect, but the quality and 
type of the gaseous fuel has a profound influence. For example, methane tends to 
produce less power than hydrogen because hydrogen has the fastest burning rates; 
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however, it is ultimately possible to produce higher power outputs with methane due 
to the lower likelihood of the onset of knock. The knock characteristics of a gaseous 
fuel such as natural gas can be modified significantly through the presence of diluents 
or small amounts of higher hydrocarbons. However, the presence of diluents will 
reduce the power output and may adversely affect the specific energy consumption. 
The presence of some hydrocarbon fuels e. g. gasoline vapour will improve power 
output and specific energy consumption if added in small quantities. If too much of 
the higher hydrocarbon is added, then specific energy consumption will be increased 
and the maximum power that can be produced without knock will be severely limited. 
This is because gasoline vapour is much more reactive than methane and undergoes 
significant pre-ignition reactions during the compression process. The energy 
released makes the mixture more prone to auto-ignition, prematurely bringing a limit 
to the ultimate useful output of the engine. Controlling the composition of the 
gaseous fuel through reducing the concentration of higher hydrocarbons or increasing 
the concentration of diluents is, according to Karim (2000) one of the most effective 
methods of avoiding knock. 
2.3 DUAL FUEL EMISSIONS 
The mechanisms by which emissions are formed in dual fuel engines are a 
combination of those involved in both Cl and SI combustion. The most important 
factors influencing dual fuel emissions are pilot quantity, and primary fuel 
concentration, but injection timing and intake temperature have a significant effect. A 
summary of emissions trends is made in table 2.1 at the end of this section. 
Quantity of Pilot and Injection Timing When the quantity of pilot fuel is 
less than ten percent of maximum, poor atomisation and penetration of the diesel 
spray occurs. A strategy to improve poor combustion at low load is to increase the 
pilot quantity as the improved injection characteristics lead to more stable combustion 
without misfire. In figure 2.3 it was shown that at light load, most of the energy 
release is from the ignition and combustion of the pilot and the gaseous fuel entrained 
by the pilot spray. Karim et al. (1993) found that increasing the pilot quantity for lean 
mixtures increases the total energy release more than proportionally. The larger pilot 
has a larger reaction zone with a greater multitude of ignition centres so flame 
propagation paths from each centre become shorter and the volume of the charge 
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affected by pilot combustion is increased. However, when the gaseous fuel 
concentration is above the LFL (such as at high load), increased pilot quantity has 
little effect. 
The injection timing of the pilot is also important. Advancing the injection timing 
causes combustion to occur earlier in the cycle, which increases the peak cylinder 
pressure as more fuel is burned close to TDC where the cylinder volume is smallest. 
The overall combustion is more complete due to higher temperatures and the greater 
activity of partial oxidation reactions that widen the lower combustion limit of the 
lean mixture. Retarded injection timing delays the pilot fuel combustion and peak 
cylinder pressure is reduced. The consequent lower temperature prevents complete 
flame propagation throughout the cylinder. 
Gaseous Fuel Concentration and Intake Temperature Dual fuel 
combustion and emissions characteristics are strongly related to the concentration of 
the gaseous fuel. Increased pre-ignition reaction activity during compression raises 
the charge temperature, which compensates for the temperature drop that addition of a 
gaseous fuel tends to cause. The intermediate species from these reactions such as 
radicals, aldehydes and CO are produced in significant amounts towards the end of 
compression where they directly influence the pre-ignition processes of the pilot, and 
consequently all subsequent features of the combustion processes. Similarly, changes 
in intake temperature are important in dual fuel engines because they affect the 
ignition behaviour of the pilot and the pre-ignition reactivity of the gaseous fuel-air 
charge. Increased intake temperatures result in successful flame propagation through 
the lean gaseous fuel air mixture, but can lead to knock at high loads. 
Combustion of the pilot fuel directly contributes to the combustion of the entrained 
gaseous fuel, but turbulent flame propagation from the pilot regions will not occur 
until the concentration of gaseous fuel is beyond a limiting value. Figure 2.2 shows 
that once this concentration has been reached, there is a sudden increase in the 
gaseous fuel's contribution to total energy release. Continued gas addition results in a 
greater overlap and the eventual amalgamation of zones II and III, where much of the 
energy is released immediately following pilot ignition. 
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2.3.1 Oxides of Nitrogen (NOx) 
According to the kinetics of oxidation of nitrogen, Heywood (1988), oxygen atoms 
dissociate at high temperatures and oxidise atomic nitrogen to NO and NO2, 
collectively referred to as NOx. The key parameters that encourage NOx formation 
are high local concentrations of oxygen and nitrogen, high local temperatures and 
sufficient time for the reactions to proceed. NO is the dominant species in dual fuel 
engines although NO2 is also present in similar proportions to diesel engines, Bittner 
and Aboujaoude (1992). However, NOx levels are markedly lower in dual fuel 
engines than in diesels at all operating conditions, Pirouzpanah and Sarai (2003). The 
trends in NOx formation have been researched extensively using IDI diesel engines, 
particularly by Abd-Alla et al. (2000a) and Abd-Alla et al. (2000b). 
Pilot As the pilot quantity is increased at low loads, the size of the 
combustion zone increases which leads to higher charge temperatures and greater 
emissions of NOx, as shown in figure 2.4. However at higher loads where charge 
temperatures are greater, the combustion of the gaseous fuel is more complete and 
less affected by varying pilot quantity than at light load. Advancing the injection 
timing increases the maximum charge temperature and so increases NOx formation. 
Retarding the injection timing lowers the temperatures and so NOx production is 





Figure 2.4 - Variations in NOx concentrations with equivalence ratio for different pilot quantities, with 
corresponding diesel values from Karim et al. (1993) 
Primary For a fixed pilot quantity, increased gaseous fuel concentration 
leads to an increase in the size of the combustion zone. At higher loads, the increased 
gaseous fuel concentration leads to an increase in the rate of energy released and 
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consequently increases the maximum temperature so NOx increases. However, at 
light loads ignition delay increases with small amounts of gaseous fuel addition up to 
a point just lean of stoichiometric. Under these conditions, the charge temperature is 
reduced and NOx formation is suppressed. Increased intake temperatures (and hence 
charge temperatures) will increase flame propagation through the lean fuel air 
mixture. The increased maximum cycle temperature for the same oxygen 
concentration also increases the amount of NOx, as shown in figure 2.5b. 
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equivalence ratio for different injection timing, 
from Abd-Alla et al. (2000a) 
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Figure 2.5b - Variations in NOx with total 
equivalence ratio for different intake 
temperatures, from Abd-Alla et al. (2000a) 
Exhaust Gas Recirculation (EGR) EGR is used to reduce NOx in Cl and SI 
engines, Stone (1999). In SI engines it increases the specific heat capacity of the 
charge thus lowering the maximum temperature and hence NOx emissions. In Cl 
engines, EGR displaces oxygen to reduce NOx, but has little effect on heat capacity. 
The main disadvantages are increased wear of the piston rings due to increased SO2 
levels and increased noise due to increased CO2 which cause an extended ignition 
delay. According to Abd-Alla et al. (2000b), these disadvantages can be avoided in 
dual fuel. The main purpose of EGR is to reduce NOx, and in the dual fuel engine 
this is achieved by three mechanisms; thermal, chemical and dilution. 
The thermal effect of EGR is reflected in the higher temperature of the charge, which 
improves combustion characteristics through decreasing the ignition delay, Abd-Alla 
et al. (2000c) and Adb-Alla et al. (2000). Abd-Alla et al. (1999) and Gebert et al. 
(1997) reported that this improves brake power output and thermal efficiency while 
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reducing emissions of UHC and CO, and cycle pumping work was not significantly 
affected. The disadvantage is that the thermal effect tends to increase NOx. 
The dilution effect was investigated by Abd-Alla et al. (1999) and Abd-Alla et al. 
(2000b), who found that increased admission of the diluents CO2 and N2 decelerate 
the reaction rates of the mixture and produce lower temperature. UHC emissions will 
increase if this leads to un-sustained flame propagation, and CO emissions will 
increase due to increased ignition delay of the pilot and the displacement of oxygen. 
However, NOx emissions will simultaneously decrease because both the 
concentration of 02 and the maximum cycle temperature are reduced. 
Chemical effects were investigated by Abd-Alla et al. (1999) and Abd-Alla et al. 
(2000b). It was found that the presence of re-circulated radicals can help initiate the 
combustion processes, especially when the intake temperature is increased, enhancing 
the rates of pre-ignition reactions. For example, one consequence of EGR is 
increased concentrations of the OH radical, which was found by Abd-Alla et al. 
(1999) to reduce ignition delay. UHC is also re-circulated, and subsequently burned 
which contributes to its reduction. 
An experimental study was conducted by Pirouzpanah and Sarai (2003) where cooled 
EGR was used in variable quantities over the load and speed range of an automotive 
DI diesel engine. It was found that lower quantities of EGR were beneficial at low 
load, and higher quantities (15%) could be used at high load to significantly reduce 
exhaust emissions of CO, NOx and smoke without sacrificing engine performance 
parameters such as volumetric efficiency or power. The use of cooled EGR has also 
been noted to have a more beneficial effect on noise than hot EGR, Selim (2003a). 
2.3.2 Unburned Hydrocarbons (UHC) 
A serious problem with dual fuel engines are high UHC emissions at light load. The 
mechanism of UHC formation is similar to SI engines, but much higher due to the 
larger crevice volumes found in diesel engines, Ren et al. (2000). Increased UHC 
emissions are due to over-scavenging and unreacted or partially reacted fuel 
emissions that occur at light load. Strategies to improve UHC emissions are to revert 
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to diesel operation at low load and idle, to reduced the intake air flow, or to use timed 
gaseous fuel injection. 
Pilot Poonia et al. (1999) found that at full load, UHC emissions are high at 
all intake temperatures when small pilot quantities are used. This is because reduced 
pilot quantities increase ignition delay, while the higher cylinder temperature 
disperses the pilot fuel prior to ignition leading to poor combustion. With larger 
pilots, UHC emissions are lower and decrease with increasing intake temperature. 
Abd-Alla et al. (2000a) and Karim et al. (1993) found that when using a small pilot 
quantity at light load, the flames initiated from the ignition centres would not 
propagate through the whole of the cylinder so the gaseous fuel that is entrained by or 
in the immediate vicinity of the pilot will burn Consequently emissions of UHC are 
high. Increasing the primary concentration will at first cause only a small increase in 
the latter part (stage III) of combustion, but has little effect on the early energy release 
associated with the pilot. This was confirmed by Ren et al. (2000) who also found 
that the poor injection characteristics of the reduced diesel quantities also contributed 
to higher UHC emissions, illustrated in figure 2.6. UHC emissions will reach their 






Figure 2.6 - Variation of UHC with total equivalence ratio for different pilot quantities from Karim et 
a1. (1993) 
Karim et al. (1993) and Abd-Alla et al. (2002) found that UHCs could be reduced by 
advancing the injection timing because the longer ignition delay allows fuller spray 
penetration and development. This causes higher flame temperatures so the improved 
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flame propagation decreases UHC emissions to lower levels than encountered in SI 
combustion, but this method is unsuitable at full load or high intake temperatures. 
Primary Fuel. Abd-Alla et al. (2000b) and Poonia et al. (1999) found that UHC levels 
decrease with increasing intake temperature and this effect is more pronounced with 
lower pilot quantities. At low load, increasing the intake temperature reduces UHCs 
because pre-flame reactions are increased, ignition delay is reduced and the 
combustion rates are higher. For the same temperature, UHC reaches a peak then 
decreases with increased total equivalence ratio. 
During lean operation significant amounts of gaseous fuel and products of pre- 
ignition reactions survive to the exhaust stage to undermine fuel utilisation efficiency 
and power output, Karim et al. (1993). As the gaseous fuel concentrations increased, 
the emissions of UHC will also increase almost linearly at first. When the 
concentration reaches a limiting value (where the LFL is reached) UHC emissions 
drop rapidly to lower levels than observed in corresponding SI or CI engines. Abd- 
Alla et al. (2000a). Dual fuel engines are operated with lean fuel/air ratios, so further 
oxidation of UHCs by the excess air is possible in the exhaust. Additionally, direct 
injection of the gaseous fuel reduces scavenging losses. 
Control Strategies Multi-point injection, where a gas injector is supplied at 
each intake port, allows supply of the primary fuel only when the exhaust valve of 
that cylinder is closed. Although this method successfully reduces UHC emissions 
from over-scavenging, the system increases costs and has been reported to reduce the 
reliability of the engine, Turner and Weaver (1994). Consequently Ren et al. (2000) 
proposed the use of a `manifold respirator' where the gas is supplied to each intake 
manifold through separate pipes leading into a pre-chamber as shown in figure 2.7. 
This causes a smooth stratification of fuel, which is inducted in pulses into each 
chamber independently. Thus the respirator delays gaseous fuel induction preventing 
scavenging losses, and provides a stratified charge in the cylinder to reduced UHC 
emissions to levels that can be achieved with multipoint injection, but at a much 
reduced cost. 
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Fore-pipe Buffer Antrum Tail Pipe 
Figure2.7 - Diagram of the manifold respirator from Ren et al. (2000) 
Wang et al. (2000) developed a similar system, which also used the differential 
pressure of the inlet air just before each inlet port to delay the admission of gaseous 
fuel. This system used a cone shaped mixture that was mounted on the end of a short 
pipe just behind the inlet valve to promote gaseous fuel air mixing. Again, dramatic 
reductions in UHC resulted from the virtual elimination of scavenging losses and 
some slight stratification. 
Both UHC and NOx emissions are strongly related to cylinder temperature conditions. 
Abd-Alla et al. (2002) refers to an UHC-NOx trade-off that exists for dual fuel 
engines, where measure that decrease UHC tend to increase NOx and vice versa. This 
trade-off can be related to a NOx-efficiency trade-off because efficiency is directly 
related to the amount of UHC in the exhaust. 
2.3.3 CARBON MONOXIDE (CO) 
CO formation is as a result of incomplete combustion of fuel that can occur when 
insufficient oxygen is available, or when the flames are quenched near a cold surface. 
The CO in dual fuel is thought to result from the gaseous fuel component in regions 
within and adjoining the burning pilot, so CO concentrations depend largely on the 
size of these regions, Bittner and Aboujaoude (1992). Much CO is produced in the 
early stages of combustion, and most of this oxidises further to CO2. For very lean 
mixtures, the incompleteness and relative slowness of the combustion processes leads 
to high CO concentrations, but when the combustion process engulfs the whole of the 
charge CO is reduced. However, the percentage of total carbon present that appears 
as CO in the exhaust is relatively small and comparable to diesel levels. 
Pilot Karim et al. (1993) found that for the same equivalence ratio increased 
pilot quantity increases the size of the burning zones, and so produces higher 
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emissions of CO. Abd-Alla et al. (2000a) found the change in oxidation reactions 
from unsuccessful to successful flame propagation reduces CO, but where flames can 
propagate unaided, variation of pilot quantity has little effect. 
Changes in injection timing for the same pilot quantity can modify the extent of 
gaseous fuel conversion and exhaust concentrations of CO. Abd-Alla et al. (2000a) 
and Abd-Alla et al. (2001) found that the effect of relatively higher temperatures as 
injection timing was advanced was to lower CO emissions due to the increased 
activity of partial oxidation reactions, as shown in figure 2.8. 
Primary CO levels generally increase with increased intake temperature 
at light load. During compression, the inducted fuel is partially oxidised and only 
those portions that are close to the pilot are burned. Thus some partial oxidation 
products including CO may appear in the exhaust. At higher intake temperatures, the 
concentration of these partial oxidation products increase, and also the inducted 
charge will be fuel-rich due to a drop in volumetric efficiency, Poonia et al. (1999). 
However, Abd-Alla et al. (2000a) were in disagreement as they found that when 
operating with very lean mixtures, increasing the intake temperature reduced CO due 
to more successful flame propagation. Although increased pilot quantity produces 
higher CO, it is increased intake charge temperature that will enhance the oxidation of 
CO within the time available, Karim et al. (1993). It can be concluded that to control 
CO, pilot quantity has to be high, and increased intake temperature has no advantage. 
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Figure 2.8 - Variations of CO, C02 and UHC with total equivalence ratio with normal and earlier 
injection timing from Karim et al. (1993) 
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Abd-Alla et at. (2000a) found that for fuel lean conditions, the CO appearing in the 
exhaust gases increased with the increasing admission of gaseous fuel air charge. For 
very lean mixtures that are below the LFL, flame propagation does not occur and CO 
emissions result from local partial oxidation reactions. A continued increase of 
gaseous fuel concentration leads to flame propagation, more complete oxidation of 
CO occurs, and the concentrations in the exhaust drop. The contribution of pre- 
ignition reactions to CO is variable but small. 
CO - UHC Trends According to Karim (1991) and Badr et at. (1999), 
certain operational regions can be identified through observing the variation of CO 
and UHC emissions with variation of total equivalence ratio. These regions, as 
illustrated in figure 2.9 are- 
* Region 1 is associated with very low equivalence ratios, and low levels of CO, 
which are produced mainly by the combustion of the pilot. The contribution 
of the surrounding charge is low so UHC emissions are high. The limiting 
value of equivalence ratio, 41, corresponds to the start of local partial 
oxidation reactions. 
" Region 2 occurs with the increased admission of the primary fuel. CO 
formation results increasingly from the pre-ignition reactions of gaseous fuel 
in the unburned zone, but cannot be oxidised to CO2 in the time available. 
The point at ý2 corresponds to the equivalence ratio where peak CO emissions 
occur, and is indicative of the start of some limited flame propagation, called 
the flame initiation limit (FIL) by Badr et al. (1999). +2 is where flame 
initiation begins and further increases in equivalence ratio beyond c2 allow 
some limited flame propagation so UHC emissions decrease. 
" Region 3 is identified when CO and UHC emissions decrease. Increased 
gaseous fuel concentration extends the size of the pilot reaction zone, and 
extends flame propagation until at 43 it reaches all parts of the combustion 
chamber. The start of flame propagation is indicated by 43 and is known as the 
flame spread limit (FSL). Badr et al. (1999) defined this as the minimum 
boundary for satisfactory engine operation and it is identified as being the 
limiting total equivalence ratio, beyond which UHC and CO levels become 
independent of pilot quantity. FSL is approximately two times higher than the 
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LFL under the same conditions, so calculating LFL on the basis of 
temperature, pressure and equivalence ratio at start of combustion gives some 
indication of the minimum gaseous fuel concentration that can be used. 
" Region 4 is where further increases in gaseous fuel concentration produce 
proportionally higher rates of heat release leading to higher cylinder pressures 
and increased power output. In this region, the smallest values of CO and 
UHC emissions are found. 
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Figure 2.9 - Schematic variations of CO and UHC with total equivalence ratios, showing different 
operational regions from Badr et al. (1999) 
Increased pilot quantity or increased charge temperature lowers FSL due to greater 
energy release on ignition. This is caused by improved pilot characteristics, larger 
pilot envelope size and greater gaseous fuel entrainment, more ignition centres 
requiring shorter flame distances, higher rates of heat transfer to unburned gas-air 
mixture and increased contribution of hot residual gases. The FIL shows a similar 
trend. 
2.3.4 Smoke (PM) 
Smoke emissions under dual fuel operation are much lower than for corresponding 
diesel operation, illustrated by figure 2.10. The reason for this is that methane is lower 
paraffin (it contains only carbon and hydrogen atoms with single bonds, Borman and 
Ragland (1998)) and as it contains no heavy higher hydrocarbons, it has a low 
tendency to form soot, Papagiannakis and Hountalas (2004). 
Ultra-fine particulates are now considered as having significant health hazards, 
although these have never been specifically studies in dual fuel applications. In fact, 
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smoke emissions from dual fuel engines have generally been dismissed as 
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Figure 2.10 - Variations of smoke (Hartridge Units) with total equivalence ratios for different intake 
temperatures from Karim et al. (1993) 
Particulate-NOx trade off 
Euro IV legislation, effective in October 2006, will force the use of much more 
advanced emissions controls in diesel engines. According to Johnson (2003) the most 
effective methods to control particulates focus on the combustion process such as post 
injection, retarded fuel injection and induction air management. More precise control 
of the combustion process may lead to better performance of particulate traps where 
one of the key issues is safe regeneration. This depends on even soot distribution to 
avoid catastrophic temperatures in high soot regions or no regeneration in low soot 
regions. Future methods will include the incorporation of oxidation catalysts to 
generate NO2 for soot oxidation are expected to perform well in low NOx exhaust 
gases because NO2 can be recycled in the filter. 
Improved understanding of catalyst cell geometric and substrate is required to 
optimise the NOx catalyst system as geometric surface area is more important than 
thermal mass to performance, Miller et al. (2000). The major issues with deNOx 
catalysts are HC slip, while ammonia slip is an issue of concern with SCR, Hammer 
and Broer (1999). Lean NOx traps are predicted to have full industry implementation 
by 2010 but there are significant problems with improving desulfation and high 
temperature durability, Johnson (2003). 
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It is possible that dual fuel could address these issues through lower NOx emissions. 
Moreover, it has been noted that increased gaseous fuel substitution in a dual fuel 
engine reduces emissions of smoke, but do not increase NOx emissions, Karim 
(2000), and Karim (2003). This is one of the key benefits of dual fuel operation: it 
provides an alternative means to manipulate the diesel NOx-PM trade off. 
2.3.5 Noise 
There are two forms of combustion noise that are important in diesel engines. The 
first is direct noise, generated in and radiated from a region undergoing turbulent 
combustion. It is caused by fluctuations in the heat release rate which, although 
small, generate pressure waves in the frequency range of 1600 to 2000 Hz, Selim 
(2005). The second form is indirect noise which is generated downstream of the 
combustion chamber due to the interaction of different streamlines of different 
temperatures, Selim (2004). 
One of the main factors influencing combustion noise is rate of pressure rise during 
combustion. Selim (2001) used the maximum rate of pressure rise, which is directly 
proportional to sound pressure levels in the combustion chamber, to evaluate the 
effect of changing parameters in an IDI dual fuel engine. It was found that at all 
engines speeds, the combustion noise generated by the dual fuel engine was higher 
than for corresponding diesel operation, and that combustion noise decreased with 
speed, as a result of the decrease in the maximum rate of heat release. In both dual 
fuel and diesel mode, combustion noise was also found to increase with load. The 
experimental method used a constant pilot and load was increased through increasing 
the primary fuel concentration. This resulted in an extended ignition delay so the 
gaseous fuel is consumed at a higher pressure rise rate, and the maximum rate of 
pressure rise occurs later. 
Selim (2001) also found that combustion noise at first decreased with increasing pilot 
mass because the increased combustion zone burned the gaseous fuel more smoothly. 
Subsequently, the increased pilot quantity resulted in an increased rate of pressure rise 
for stage I and II of combustion, and this increased the noise. As the injection timing 
of the pilot fuel was advanced, ignition delay increased resulting in higher pressure 
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rise rates and so more noise was produced in both the diesel and the dual fuel cases. 
For late injection of the pilot, combustion noise is comparable for diesel 
It has also been noted that combustion noise characteristics change depending on the 
type of gaseous fuel used in the engine. Selim (2005) found that LPG exhibits higher 
combustion noise than methane, due to higher peak cylinder pressures and a greater 
degree of cyclic variability. However, this work is at odds with Karim (1983), Turner 
and Weaver (1994) and Karim (2000), who report that combustion noise is reduced 
compared to diesel operation as a result of lower peak heat release rates. Combustion 
noise has not yet been studied in DI dual fuel engines. 
2.3.6 Dual Fuel Catalysts 
UHC reduction using an oxidation catalyst is reported to be easier than NOx reduction 
by after-treatment in a diesel engine and smoke reduction in particulate traps, Kishnan 
et al. (2002). However, Liu et al. (2000) argued that the development of dual fuel 
catalysts is challenging when the main fuel used is natural gas containing the 
relatively unreactive methane. A further difficulty is the low exhaust temperatures 
that occur at low load, which was address by the reversing flow catalyst of Liu et al. 
(2000). The feed is periodically switched between the two ends of the reactor, to take 
advantage of higher temperatures at the exit. This stored energy is used to effectively 
pre-heat the feed and achieve temperatures that are higher than the temperature of the 
fresh feed. It is thus possible to use such a system at temperatures well below those 
needed for auto thermal operation of a unidirectional flow catalyst, Liu et al. (2001). 
Unthrottled dual fuel engines with lean Air fuel ratios at light load and excess oxygen 
in the exhaust, hamper the ability of conventional catalysts to reduce NOx, according 
to Abd-Alla et al. (2002). Some catalysts use plasma to oxidize NO to NO2, which is 
then reacted with UHCs in another catalyst. By using the plasma to first oxidise NO 
to NO2, more durable and more active catalysts can be used to oxidise the remaining 
NO2. However, the complicated exhaust plumbing means that this system is only 
suitable for stationary engines. 
In the catalyst system reported by Bittner and Aboujaoude (1992), dual fuel exhaust 
gases pass over an oxidation catalyst, then are mixed with ammonia before entering 
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an SCR catalysts. The oxidation catalyst removes CO and non-methane hydrocarbons 
(NMHC) by oxidising them to CO2 and H20, while at the same time causes a 
reduction of heavy hydrocarbons to minimise the formation of smoke. Automatic 
control was provided to achieve a balance between ammonia slip and poor NOx 
reduction. The oxidation catalyst converted slightly more CO and slightly less 
NMHC in dual fuel mode than the corresponding diesel case. This was attributed to 
higher concentrations of less reactive light hydrocarbons in the dual fuel exhaust 
while in diesel there was a greater amount of higher hydrocarbons. The SCR catalyst 
was equally effective in both diesel and dual fuel mode reducing NOx by up to 90% 
in both cases. CO was reduced by 90% in diesel and 93% in dual fuel and NMHC 
was reduced by 85% in diesel and 30 % in dual fuel mode. 
2.3.7 Summary of Emissions Trends 
For clarity, the dual fuel emissions trends using methane as the primary fuel as 
compared to corresponding diesel operation are summarised below in table 2.1. 
Light Load NOx CO UT-HC Noise BSFC Power Cyclic Variations 
Increased Intake Temperature T T I ? j 
Increased Pilot Quantity T T I I- 
Increased Gaseous Fuel I-T T-1 T-1 I I T 1 
Advanced Injection Timing T I I T I T I 
Full Load NOx CO UHC Noise BSFC Power Knock Tendency 
Increased Intake Temperature T T I ? T T T 
Increased Pilot Quantity - - I I-j I T T 
Increased Gaseous Fuel J T-j T-J j I T L 
Advanced Injection Timing T I I T I I j 
Table 2.1 - Su amary of emissions trends 
T Increasing Decreasing j-f Increase then decrease - Small or no effect ? Unknown 
2.4 PILOT FUEL INJECTION AND CONTROL 
The requirements of a dual fuel injection system are to consistently deliver the right 
quantity of pilot at the right time, while maintaining good atomisation and penetration 
using a much-reduced quantity of diesel. The provision of some flexible control of 
the injection timing is advantageous, Abd-Alla et al. (2002). The injection system 
must be adequately matched to both diesel and dual fuel cases, and care must be taken 
to ensure that the injector does not overheat with small pilot quantities and significant 
energy release from the gaseous fuel. 
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The diesel injection system normally consists of a low-pressure pump to transfer fuel 
from the tank; one or more high-pressure pumps to create pressure pulses that send 
the fuel into the cylinder through injection nozzles, a governor and a fuel metering 
system. In dual fuel engines there is usually some provision to reduce quantity of 
diesel that is injected. Bosch (1993) divided diesel fuel injection systems into three 
categories on the basis of their control systems: mechanical, electromechanical and 
electrohydraulic. 
Purely mechanical systems include distributor types, where a single pump is 
mechanically switched to connect to high-pressure fuel lines leading to each cylinder, 
in-line pump types, which have one unit fuel pump per cylinder, and unit-injector 
types, where individual pumping elements and injectors are combined for each 
cylinder to eliminate the high-pressure fuel lines. Distributor and in-line pumps are 
driven by a shaft from the engine timing gears and injection timing can be altered by 
rotating the pump relative to its drive shaft. Unit injectors are the most common as 
they are capable of the highest pressures and are driven from the camshaft. Some of 
these systems can vary injection timing as a function of speed, although it is usually 
left fixed. Mechanical systems are typical of early and low cost dual fuel conversions, 
even though it is not possible to achieve low emissions and efficient operation except 
under a limited range of conditions. It is also impossible to optimise and adjust the 
timing to carry out the complex pilot fuel injection strategies required for optimum 
performance. 
Most electromechanical systems use unit injectors, but unlike mechanical systems 
the quantity and timing of the fuel injection is controlled electronically. These are 
better suited to dual fuel operation as fuel injection timing and quantity can be 
adjusted to provide the best performance and emissions under different operating 
conditions. The drawback is that fuel injection pressure is still determined by 
camshaft speed, so electromechanical systems suffer poor injection pressure and 
hence poor spray penetration and atomisation at low speeds. 
Electrohydraulic use a separate low pressure hydraulic pump to drive the injectors 
thus injection pressure is independent of engine speed. This type of system also 
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allows complete control of injection quantity, timing, frequency and duration so is 
suited to dual fuel engines. The drawback is that electrohydraulic systems are 
complex and expensive. Park et al. (1999) carried out a detailed investigation using 
electrohydraulic injectors and was able to optimise the injection timing and 
combustion duration to reduce NOx by 32.6 %, PM by 17.6 % and CO2 by 17.6 %. 
The penalty was increased UHC and CO emissions. 
Micro-Pilot Injection Minimising the quantity of diesel injected is beneficial 
from an emissions and economic point of view, however the minimum quantity of 
diesel fuel that can be supplied is limited by the injection equipments turn down ratio. 
Micro-pilot injectors supply much lower diesel quantities (of less than 1% of 
corresponding diesel only requirement), but the ability to run on full diesel power is 
sacrificed. Micklow and Gong (1998) used electronically driven micro-pilot injectors 
to issue two injections of diesel at light loads with a beneficial effect on emissions. 
The diesel injected in the first pulse acts in a similar manner to an added higher UHC 
constituent. The pre-ignition reactions of this first pulse raise the mixture temperature 
before ignition to extend the primary fuel's LFL. Also, because the injection is early 
in compression, temperatures and pressures are lower so the diesel droplets evaporate 
slowly and extend to the edge of the combustion chamber. A lean, homogenous 
mixture is supplied to this squish zone, and the temperature is increased by diesel 
oxidation, but the energy release is not high enough to ignite the gaseous fuel air 
mixture. The purpose of the second injection pulse is to accomplish ignition, 
Micklow and Gong (2002). The result of this system is more complete combustion of 
the gaseous fuel and reduced UHC and CO emissions by 90 and 50% respectively. 
NOx is also reduced by 70% due to a reduced combustion temperature. 
An electrohydraulic micro pilot injection system was also developed for use with a 
low heating value digester gas, Workman and Beshouri (1990a). It was found that 
almost the entire pilot (which showed that better atomisation characteristics) was 
burned in stage I of combustion,. Poor injection characteristics from mechanical 
injectors result in a localised zone around the injectors where combustion occurs. A 
central flame front develops and moves slowly outwards into the remainder of the 
unburned gas in a similar manner to SI combustion, covering a relatively large 
distance. By improving the injection characteristics, a spread of burning pools of fuel 
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link into a cylinder wide flame front. As the flame has a shorter distance to travel, a 
shorter combustion duration and improved efficiency result. Workman and Beshouri 
(1990b) found that reducing the pilot quantity by 52% caused a 45% reduction of 
NOx and fuel consumption decreased by 7%. Additionally, no lean limit to operation 
could be found as the diesel consistently ignited without misfire. 
Choice of Pilot Fuels Nwafor (2000b) compared dual fuel performance using 
natural gas and rapeseed oil, rapeseed methyl ester (RME) and mineral diesel pilots. 
It was found that BSFC and brake thermal efficiency for RME and diesel were 
similar, but when rapeseed oil was used, BSFC was reduced and thermal efficiency 
was much increased. It was also found that RME pilots gave the lowest emissions of 
UHC, while rapeseed oil and diesel gave similar emissions. These differences were 
accounted for by a slight change in ignition delay. Rapeseed oil has a low volatility 
and is the most viscous of the three fuels, so at light load where cylinder temperatures 
were low, the rapeseed oil pilot exhibited poor atomisation and a longer ignition 
delay. RME has the shorted ignition delay which explains the reduced UHCs. Any 
differences in performance were small, so RME and neat rapeseed oil could be 
successfully used in dual fuel engines. 
2.5 IGNITION DELAY IN DUAL FUEL ENGINES 
Variation in ignition delay in Cl engines has a profound and controlling effect on the 
subsequent combustion processes and so almost every aspect of engine performance. 
A thorough understanding of the processes that occur during ignition delay is vital for 
close control of the combustion processes and hence the thermal performance and 
emissions of an engine, Gazis et al. (2005). Ignition delay is defined as the time or 
crank angle interval between the start of injection (SOI) and combustion (SOC). SOI 
is usually taken as the time when the injector needle lifts off its seat, but SOC is more 
difficult to define: up to sixteen different criteria can be used for establishing the onset 
of auto-ignition, Zhou and Karim (1994). Heywood (1988) recommends SOC in a DI 
diesel engine should be established from the first detectable rise in cylinder pressure 
due to exothermic energy release. 
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2.5.1 Physical Delay 
Ignition delay is considered to be made up from two overlapping periods: one 
physical and one chemical. The physical delay was investigated by Pedersen and 
Qvale (1974) and is defined as the time elapsing from SOI until a combustible 
mixture has been formed somewhere in the chamber through the physical processes of 
atomisation of the liquid jet, vaporisation of the liquid fuel and fuel-air mixing. 
The physical part of the delay is similar in both diesel and dual fuel engines, as it is 
the liquid diesel fuel jet that is the ignition source. Ignition takes place near the spray 
edge where ignition of moving single droplets takes place in their wake. It was found 
that air temperature had the largest effect, and in many cases, changes in other 
variables alter ignition delay primarily through their effect on temperature. For 
example, increasing the compression ratio increases the value of the mean 
temperature of the charge at the end of compression, which affects the length of 
ignition delay both through the chemical processes that bring about ignition as well as 
the relevant physical processes of fuel atomisation, vaporisation and dispersion, and 
heat transfer through increased temperature. 
Mtui and Hill (1996) investigated dual fuel ignition delay through changing pilot 
quantity and CN. The delay increases as the amount of diesel injected decreases, and 
these extended values are subject to increasing levels of cyclic variations. This is 
primarily a reflection of the degradation of injection and mixing characteristics. It 
was also found that the use of relatively small pilot quantities with a higher CN fuel 
can lead to substantial improvements in delays, lower rates of pressure rise and 
improved combustion at light load. Heywood (1988) reported that for normal CN 
values of 40 to 55, an approximately linear increase in delay is evident with 
decreasing CN. However: values of CN below 38, a more rapid increase in delay 
occurs. This interpretation is limited, as the ignition quality of a fuel is only a 
measure of comparison and no conclusions can be made about ignition delay from CN 
alone. 
2.5.2 Chemical Delay 
The chemical delay is the time elapsing from the instant when a suitable mixture has 
been formed somewhere in the combustion chamber until ignition. The processes that 
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occur during the chemical delay are the pre-combustion reactions of the fuel, air and 
residual gas mixture. Chemical effects are more complex in a dual fuel engine due to 
the interaction between the gaseous fuel and pilot diesel spray 
Chemical delay is controlled by chemical reactions that proceed within the charge 
during the whole of the compression stroke. These reactions continue at an increasing 
rate during pilot injection when the pilot's pre-ignition processes also occur. 
Introducing a gaseous fuel into the cylinder brings about variations in the physical 
properties of the mixture that lead to changes in the temperature and pressure levels at 
SOC and they yield changes in the pre-ignition reactivity and the associated energy 
release and production of active species. Mtui (1996) discovered that ignition delay is 
doubled by the addition of only 2% of the total equivalence ratio of methane through 
three mechanisms. The first is a thermal effect where methane changes the specific 
heat of the mixture and lowers the compression temperature. The second is due to a 
reduction in oxygen concentration due to air displacements. Finally, methane has a 
chemically inhibiting effect on the diesel reaction rate. This demonstrates that 
observed variations in ignition delay are explained by a combination of factors, which 
can be summarised as: 
i. Charge Temperature Ignition delay can be considered to 
depend approximately logarithmically on the reciprocal of the "mean charge 
temperature" during delay, Karim et al. (1989), (although the concept of an average 
temperature is more convenient than factual). The most important factors for diesel 
engines are changes to initial charge temperature and changes due to heat transfer and 
kinetic and thermal effects of the residual gas such as are caused by changes in load. 
In the dual fuel engine an increased overall specific heat capacity caused by the 
admission of gaseous fuel would additionally lead to a significant reduction in charge 
temperature. This effect is countered by the release of energy during compression due 
to the reactivity of the premixed charge, which can be so significant that it will lower 
the engine output efficiency for relatively reactive fuels. 
Figure 2.11 illustrates that reductions in the temperature of the charge depend on the 
nature and concentration of the fuel admitted. The suggestion that ignition delay is a 
simple function of mean temperature is inadequate for duel fuel engines. For 
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example, propane is normally regarded as a fast reacting fuel, but can increase 
ignition delay to an extent much longer than that observed with methane. Gunea et al. 
(1998) concluded that this is mainly due to the lower value of effective specific heat 
ratio of the cylinder charge which causes a decrease in mean charge temperature and 
pressure during ignition delay thus lowering the pre-ignition reaction activity and 
associated post ignition energy release rates. 
ii. Changes in Oxygen Concentration The reduction in oxygen partial 
pressure due to displacement of some air by the gaseous fuel is not a major 
contributor to the extension of ignition delay in dual fuel engine where continued 
admission of gaseous fuel reduced ignition delay, Ban (1996). This view has been 
supported by experimental work Karim et al. (1989), where the partial pressure of 
oxygen in the charge of a diesel engine was deliberately changed through nitrogen 
and oxygen addition. 
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Figure 2.11 - Variations in calculated mean charge temperature at TDC with the admission of various 
gases and water vapour with constant intake air temperature of 300K from Karim et al. (1989). 
iii. Changes to Pilot Ignition Regions The gaseous fuel significantly 
increases the size of the reactive region surrounding the pilot jet, even though gas is 
admitted in small concentrations. The reactive boundary is moved outwards and the 
pre-ignition region is extended beyond what is encountered with the pilot fuel alone, 
Lin and Su (2003). The thickness of the reactive zone is also extended resulting in 
greatly increased energy release/demand compared to diesel operation, which partly 
explains the reduction in delay that occurs with further fuel addition. 
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iv. Effect of Diluents. Prior to the injection of diesel, the admission of diluent 
gases into the intake air of the engine cannot affect the pre-ignition processes or 
produce much energy release. So the effects of the admission of diluents are different 
from those observed with gaseous fuels. Increasing CO2 in the intake air causes a 
linear decrease in the mean value of charge temperature during the delay due to 
increased effective specific heat capacity of the mixture, Liu and Karim (1995). This 
lowering of compression temperature causes an extension to ignition delay. By 
contrast, increasing nitrogen admission has very little effect on mean charge 
temperature, and so the very small increase in delay is attributed to the reduction of 
partial pressure of oxygen and a reduction in thermal and kinetic effects of residual 
gases due to a reduced flame temperature. The addition of water also causes an 
extension to the ignition delay, which is more pronounced when the water is admitted 
as a mist, than as a vapour, Karim et al. (1989). This is due to the reduction of charge 
temperature and displacement of some air by the diluent gas reducing the overall 
oxygen concentration (and unlikely to be due to chemical factors). 
v. Chemical Effects arise from the presence of a homogenous fuel air mixture in 
the neighbourhood of the liquid spray. This lean mixture can undergo some chemical 
reactions during compression with the rise in temperature producing intermediates 
that can compete with the diesel pre-ignition reactions. Karim et al. (1991) found a 
significant extension to ignition delay in dual fuel operation with methane could be 
observed when formaldehyde (an intermediate product of methane oxidation) is 
added. The view that chemical effects are dominant is supported by the observation 
made by Nielsen et al. (1987) that the quantity of pilot fuel sufficient to idle the 
engine isn't always capable of igniting a gaseous fuel air mixture at part load. 
Karim et al. (1991) studied pre-ignition reactions in detail. The homogenous gaseous 
fuel-air charge resides for a relatively long time in the cylinder during compression 
and subjected to increasing temperatures. These reactions accelerate with increasing 
temperature and the higher hydrocarbon pilot will encounter an homogenous 
atmosphere made up of the gaseous fuel, air and some small degree of partial 
oxidation products (both stable and unstable). The oxidation reactions of the pilot 
during ignition delay will take place in the presence of these species, which can 
enhance or impede reaction rate. This pre-ignition reaction activity of the gaseous 
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fuel-air mixture influences not only the length of ignition delay, but also the rate of 
pressure rise after ignition and exhaust emissions 
To start the oxidation reactions, a pool of radicals must be built up that will multiply 
and abstract hydrogen atoms from the fuel molecules. The dominant abstracting 
radicals are O" and OH for the lean gaseous fuel-air mixture, which builds up during 
compression, (this time accounts for much of the ignition delay). Karim et al. (1991) 
reported an exponential build up of concentrations of formaldehyde during the later 
stages of compression. The presence of relatively small concentrations of 
formaldehyde (0.1 % by volume of methane) assists reactions so that ignition takes 
place earlier, but continued addition eventually slows down overall reactions. The 
highly reactive formaldehyde competes with methane for the limited pool of radicals, 
and also requires the same radicals for its conversion to formyl radicals as those 
required by diesel. This competition results in extended ignition delays. 
Similarly, the presence of minute quantities of heptane vapour with methane 
substantially accelerates pre-ignition processes. Heptane begins to react with oxygen 
well ahead of methane and both the consequent exothermic energy release and key 
transient products provide some of the radicals for methane oxidation. 
vi. Different Gases The different specific heats of gases result in different 
temperatures at the end of compression (starting from the same initial temperature). 
The magnitude of specific heats is according to Nielsen et al. (1987) mainly a 
question of the number of atoms in the molecule. The three diatomic gases H2, CO 
and N2 have similar physical properties resulting in similar compression temperatures 
of around 760 K. The methane molecule containing 5 atoms reaches a compression 
temperature approximately 20 K lower, while monatomic helium reaches a 
temperature 25K higher. As both the physical and chemical ignition delays depend on 
temperature, the chemically inert helium is also capable of slightly extending ignition 
delay. Care must be taken with this interpretation because increased delay extends 
into a period of falling temperatures and pressure, which exaggerate the effect. 
Peak cylinder charge temperature at TDC is reduced by only a small amount when 
hydrogen is added, but decreases markedly with methane and more so with propane. 
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Conversely, the maximum rates of heat transfer decrease only slightly with propane or 
methane, but significantly with hydrogen. This shows that so far as the physical 
factors affecting pre-ignition reactions are concerned the main factor affecting charge 
temperature with hydrogen is heat transfer. The main factor with methane and 
propane is the changes in thermodynamic and physical properties. 
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Figure 2.12 - Typical variations of the ignition delay period in a dual fuel engine fuelled with methane 
at constant pilot quantity from Karim et al. (1991) 
The contribution of pre-ignition energy release to charge temperature also depends on 
gaseous fuels. Increasing hydrogen concentration increases energy release rate and so 
increases temperature. But for propane and methane, energy release rates reach a 
maximum value lean of stoichiometric, and increasing concentrations would 
eventually reduce reaction rates and energy release rates. Ignition delay then 
continues to increase to a value where late and irregular combustion occurs, as shown 
in figure 2.12. The same trend was found for propane and ethylene, Karim et al. 
(1989). Liu and Karim (1995) formulated a modified correlation for ignition delay to 
assess the effects of different gases when the effects of changes in temperature were 
eliminated, as shown in figure 2.13. Propane has the lowest charge temperature (and 
so longest ignition delay) but when modified values are plotted, the experimental 
variations in ignition delay virtually disappear. Hydrogen is the exception to this as 
there is virtually no change in charge temperature with its addition It was concluded 
that changes in charge temperature during compression, pre-ignition energy release, 
external heat transfer and residual gas effect are the main factors controlling ignition 
delay. 
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Figure 2.13 - Variations in experimental and modified values for ignition delay for various gaseous 
fuels from Liu and Karim (1995) 
2.6 THE PRIMARY FUEL 
2.6.1 Gaseous Fuel Supply and Control 
In addition to the control and supply of diesel fuel, the dual fuel engine also requires 
an additional system to supply and mix the primary gaseous fuel with air. Turner and 
Weaver (1994) described that three alternative methods are possible; central point 
mixing, multi-point injection and direct injection of the gaseous fuel. 
Central point mixing refers to techniques where the gaseous fuel is mixed with 
intake air at a single point upstream of the intake manifold to achieve a homogenous 
mixture of fuel and air. (Failure to do so can lead to significant cylinder to cylinder 
variations in AFR causing misfire or knock. ) This is simplest method, but has a 
serous drawback in that UHC emissions will be increased and fuel efficiency reduced 
due to through scavenging of the unburned charge, Ren et al. (2000). 
The easiest way to meter gaseous fuel into the engine is through a venturi mixer, 
which uses a drop in air stream pressure to induct gaseous fuel into the intake air 
stream. The intake air passes through a converging section, (the venturi) where the 
velocity increases but pressure drops. This draws in gaseous fuel, which is stored at a 
higher pressure, at a constant AFR as a function of flow. Although venturi mixers 
have been successful in some applications, central point mixing in dual fuel engines is 
44 
CHAPTER TWO - LITERATURE REVIEW 
more typically achieved via a carburettor. The penalty of this is increased throttling 
losses, Turner and Weaver (1994). 
A solution to the problem of scavenging losses is multi-point injection where the 
gaseous fuel is supplied separately to each cylinder. This can be achieved through 
injection of fuel into the intake port or by admission of the gas directly into the 
cylinder through a poppet valve. Mechanical injection systems are common on large 
engines and use some kind of actuation driven by the camshaft to open a valve either 
inside the cylinder or in the intake port to admit gaseous fuel into the combustion 
chamber. A homogenous mixture is achieved through turbulence during compression 
or as the fuel enters the intake valve, and the quantity of gaseous fuel admitted is 
controlled by varying the pressure in the supply rail. The drawback with this system 
is that the timing cannot be varied as a function of engine speed. 
Electronic gaseous fuel injection has been increasingly used on small and medium 
size dual fuel engines. A constant gas pressure is maintained behind the valve, which 
opens for varying amounts of time to admit different quantities of gaseous fuel. 
Electronic injectors can be used to meter a precise quantity of gaseous fuel at a single 
point in the intake manifold. This type of system is more often used to inject fuel in 
front of each intake valve (multi-point injection) or directly into the cylinder (direct 
injection). By using electronically controlled multi-point injection it is possible to 
accurately control the timing and quantity of gaseous fuel to each cylinder with 
changes in load or speed to optimise emissions, fuel efficiency and power output. The 
drawback is that it is the most expensive and complex method. 
Direct injection of the gaseous fuel into the cylinder has been used on large engines 
to avoid knock and achieve BMEP levels comparable with diesel. Knock is avoided 
because the gaseous fuel is not pre-mixed with the air during compression but is 
admitted in high temperatures and pressures conditions near to TDC. Consequently, 
both the injection and combustion processes resemble those of a diesel engine so 
similar levels of power output and fuel efficiency can be achieved at a much-reduced 
fuel operating, Kong (1994). The main benefit is with emissions characteristics: NOx 
levels were reduced by 40 % compared to corresponding diesel operation and PM was 
also reduced. Mather and Reitz (2000) reported that most engines of this type retain 
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pilot injection and ignition, although some attempts have been made to control 
ignition with glow plugs. Losses associated with compressing the gaseous fuel are 
reported to be less than 2% of full load power by Bradshaw (1998). 
2.6.2 Alternative Primary Fuels 
The alternative primary fuels reported as suitable for use in conventional CI engines 
are summarised in table 2.2. Gaseous fuels are more suited to dual fuel applications 
while liquid fuels, are most suited to SI engines and they are compatible with existing 
distribution system and vehicle fuel tanks. In other words, they require the least 
departure from existing fuelling infrastructure. 
Fuels Hydrogen Natural Gas Propane Methanol Petrol Diesel 
Chemical Formula H2 - 90% C144 C3Hg CH4O ---C8H18 C12H26 
Molecular Weight 2.016 -17.06 44 32.04 -1 10 -170 
Density (kg/m) 0.082 -0.7 1.88 792 -750 -840 
LHV (MJ/kg) 120.0 46.7 92 20.0 44.0 42.9 
Stoich Air/Fuel 34.3 16.0 23.8 6.47 14.6 14.5 
(RON+MON)/2 - -120 -120 - 99 - 86 - 94 -0 
CN - -0 -0 -5 -5 40-55 
Flammability U 













Table 2.2 - Various properties of alternative fuels from Rose and Cooper (19/I) 
Methane and Propane It is difficult to make comparisons between the effects 
of different gaseous fuels as this invariably involves different dual fuel conversion 
systems, different test matrices, and where CNG or LPG is used different fuel 
compositions. However, when comparisons have been made between methane and 
propane some differences exist. The focus of the investigation made by Abd-Alla et 
al. (2000c) was not to compare different fuel, however their data (shown in figure 
2.14) reveals that NOx emissions increased with equivalence ratio, and were always 
slightly higher with methane. 
A further example of different gaseous fuels sharing the same trends, but slightly 
different values is shown by figure 2.15 where variation in the point of ignition is 
shown. For all the gaseous fuels, ignition delay increases to a maximum value with 
increased fuel concentration, and subsequently decreases. The equivalence ratios 
where these maximum values occur, and the length of ignition delay is slightly 
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different for each case. Propane, which is normally regarded as a fast reacting fuel. 
increases ignition delay to an extent much larger than corresponding values with 
methane. This effect is explained by Liu and Karim (1995) and Karim (2000) on the 
basis of different maximum charge temperatures and different maximum heat transfer 
rates. Propane-air mixtures are more reactive during compression and produce more 
intermediates that impede the rates of pre-ignition reactions of diesel. Abd-Alla et al. 
(2000d) reported that the thermal efficiency of propane is lower than for propane at 
low loads due to its extended ignition delay. The knocking torque for propane is also 
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Fig 2.14 - Variation of NOx with total equivalence ratio for different pilot fuel quantities using data 
from Adb-Alla et al. (2000) 
Natural Gas/Methane Natural gas is one of the most economic and 
environmentally benign fuels with almost 200 years potential supply, Park et al. 
(1999). Natural gas is preferred for use in dual fuel engines because it offers fuel cost 
savings that justify the cost of conversion and has years of proven use. It is well 
suited for use in diesel engines because it is highly knock resistant and contains 
almost as much energy as other gaseous fuels. 
The main constituent of natural gas is methane (around 90%), which is the simplest 
and most stable hydrocarbon. Its gaseous nature allows the use of only simple mixing 
and control systems, achieving a homogenous mixture to provide a more even charge 
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distribution within the cylinder and hence smoother heat release. Good transient 
response and fuel control are also possible, Karim (1983). Liu et al. (2000) added that 
further advantages of methane are that it has a wide flammability range, low global 
toxicity compared with diesel, and low photochemical reactivity while its low C /Ii 
ratio allows CO2 to be reduced for a given efficiency. However, methane is a 
significant contributor to greenhouse gases. Unconsumed methane tends to be much 
less reactive than other hydrocarbons in producing photochemical smog, but is 12 to 
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Figure 2.15 - Variation in point of ignition with changes in total equivalence ratio for different fuels 
from Karim et al. (1989) 
Methane may tend to produce slightly less power than propane because the latter has 
faster burning rates, but ultimately higher power outputs can be achieved because the 
onset of knock occurs much later. One of the most important considerations when 
choosing a gaseous fuel for use in a high compression ratio engine is that the fuel is 
knock resistant. Attar and Karim (1998) examined the knock rating of various fuels 
in their binary mixtures with methane, to establish the effect of different possible 
natural gas compositions. When methane, propane and butane concentrations were 
increased there was an increase in the energy content of the mixture and an earlier 
tendency to knock This was thought to be the result of the reduction of effective 
polytropic index for compression, which decreased the charge temperature at TDC, 
thus slowing auto-ignition reactions of the end gas causing a reduction in knock 
intensity but a much smaller reduction in flame speed. Hydrogen had the opposite 
effect as its addition raises the polytropic index. In a dual fuel engine, methane would 
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be least likely to knock, and butane would be most likely. The onset of knock was not 
significantly advanced through increased concentrations of ethane or propane, but is 
strongly affected by butane. This was confirmed by Selim (2004), who found that 
methane shows a higher resistance to knock, and higher power and efficiency than 
natural gas. 
Apart from economic and environmental benefits, there are other factors which 
encourage the use of natural gas. One of these benefits is improved resource 
utilisation, where countries could develop their natural gas resources for local industry 
and domestic use. It is also beneficial from a security of supply point of view. Where 
a country is wholly dependant on imported liquid fuels for its transport system, the 
shift to alternative locally produced fuel can provide some protection in the event of 
crisis in the international oil market. Disadvantages to the use of natural gas include a 
loss of range in vehicular transport applications, as the quantity of fuel that can be 
carried is low. 
LPG I Propane Propane is the main constituent of LPG, and is an 
attractive fuel for use in dual fuel engines, Newkirk et al. (1996). As it is a single, 
relatively simple species engines and after treatment systems and be designed to bum 
it cleanly. It has a good volumetric energy content and road octane number of more 
than 100. Miao and Milton (2002) reported that propane is well suited to dual fuel 
engines, however as substitution levels are lower than for methane because propane is 
more likely to experience SI type knock 
A major factor influencing SI knock is the initial temperature of the mixture because 
as combustion progresses, the end gas becomes hotter and may reach auto-ignition 
temperatures. Miao and Milton (2002) examined the ignition behaviour of propane at 
various temperatures. As the temperature was increased from 700 to 750K, 
combustion appeared earlier but combustion was still progressive. At 780K, a large 
amount of propane air mixture away from the ignition source can be seen to combust 
rapidly ahead of the flame front. Then at 800K the propane air mixture ignited ahead 
of the diesel. No such combustion ahead of the flame front occurred with methane at 
800K. 
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Pirouzpanah and Nohammadi (1996) concluded that the most suitable use of LPG in 
diesel engines is dual fuel rather than bi fuel, however thermal efficiency and power 
were lower with LPG than CNG, Selim (2004). Luft (2001) reported that LPG is used 
in SI engines due to a high octane number (ON) and that the heating value of the 
mixture allows similar power output to petrol. In diesel engines the stoichiometric 
heating value is similar to that for diesel and air, and the high relative ON allows its 
use in a Cl engine. In both cases, LPG is easier to transport and store than other 
gaseous fuels, Oguma et al. (2003). 
Butane LPG often contains a significant proportion of butane, which 
has been used to upgrade octane levels of gasoline to improve cold starts, although 
this practice was discontinued because propane has a higher blending and vapour 
pressure than gasoline. Butane is clean burning and a relatively simple fuel but has a 
greater volumetric energy content than propane alone and the emissions have a 
relatively low reactivity in the atmosphere, Patil (1996). 
Goto et al. (1994) examined the dual fuel butane engine to find a higher thermal 
efficiency than when fuelled with propane, and much reduced quantities of diesel 
were needed for ignition. Almost the same output was achieved with butane as with 
diesel over a wide load range and without smoke. Dual fuel operation was 
satisfactory at idle with 70 % of the total heating value being supplied by butane. 
Moreover the butane-diesel engine had the same specific fuel consumption as the 
diesel and NOx emissions were reduced compared to both diesel and diesel-propane 
modes. Noise was also reported to be greatly reduced compared with the diesel case. 
Although elevated compared with diesel operation, UHC levels were lower than those 
observed with SI or dual fuel propane combustion CO emissions were the highest of 
all cases except for SI engines. It was suggested that this effect was caused because 
butane acts as a reducing agent for NOx, but is itself oxidised somehow to CO. 
Ethanol Ethanol has been blended with petrol and successfully used in SI 
engines, and although attempts have been made to blend anhydrous ethanol with 
diesel, "diesohol" has not yet appeared as a practical alternative fuel. Ethanol can be 
stored in a separate tank and injected into the air stream of the engine, to replace up to 
60 % of diesel. An alternative to injection is to use a carburettor if ethanol is heated 
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and vaporized. This was investigated by Ajav et al. (1998) who compared the 
performance of cold and preheated ethanol against corresponding diesel operation. 
The quantity of ethanol used was the maximum that would allow satisfactory running 
at idle, and it was held constant throughout the test while diesel quantity was 
increased with load. It was found that maximum power output achieved at full load 
was highest with cold ethanol and lowest with preheated ethanol although the 
differences between the three cases were small. The drop in power output with `hot' 
ethanol is due to preheating which decreases the density of the inducted charge 
resulting in poor combustion. BSFC was higher with hot and cold ethanol until 75 % 
substitution levels where after BSFC was slightly lower than for diesel. This is due to 
a different pattern of replacement - at low load there was a high degree of 
replacement of diesel by ethanol of 33.6 %, but at high loads the ethanol proportion 
was reduced to 15 %. 
In terms of exhaust emissions, CO was 12.61 and 60.21 % higher for cold and hot 
ethanol respectively because the combustion of ethanol relies on a flame front. A 
characteristic of flame front combustion is that CO is produced before more complete 
oxidation to CO2 even with adequate oxygen, and heated ethanol had more CO 
because more oxygen was displaced. NOx was very slightly decreased with ethanol 
due to the latent heat of vaporisation, which lowered the flame temperature, therefore 
reduced NOx. 
One of the most significant drawbacks to using ethanol is the greatly increased 
tendency for the engine to knock, even when advanced control systems are used, 
Noguchi et at. (1996). Additionally, ethanol production is mainly from sugar cane, 
and is labour intensive. When the price of sugar rises, producers move in the 
direction of sugar creating a shortage of fuel. For these reason it is unlikely to be seen 
as a viable alternative fuel. 
Methanol The only alcohols that are viable as alternative fuels according to 
Mbarawa (1998), are ethanol and methanol. Of the two, methanol is far more 
versatile from the point of view of manufacture as it can be produced from any 
organic material. In addition it has the advantages in vehicular use of being a liquid 
fuel. The use of pure methanol requires major modifications to be made to the 
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engine, but some methanol blends (up to 15% by volume) can be used with only 
minor changes. Research carried out with methanol-gasoline blends has yielded 
highly contradictory results with some reports of increased fuel consumption and 
some claims of reduced consumption when compared with petrol, Kumar et al. 
(2001), Udayakumar et al. (2004). It is generally agreed, however, that methanol 
reduces emissions of CO as it contains oxygen in its chemical structure, but this tends 
to increase NOx. Methanol, however, has not been reported as being used in dual fuel 
applications. 
Low heating value gas (Low BTU/Biogas/Producer Gas) Analysis of 
biogas, producer gas, low BTU gas, landfill gas and sewage gas reveals that the main 
constituent contributing to the fuels heating value is methane. However performance 
of these fuels is greatly affected by the quantity of other species (mainly diluents), 
which makes their use more difficult, Prakash et al. (1999). 
Biogas or producer gas originates from bacteria in the process of biodegradation of 
organic matter under anaerobic conditions and can also come from partial combustion 
of biomass in a gasifier. Low BTU gases such as "biogas" have been successfully 
been used in dual fuel engines. Workman and Beshouri (1990a) examined the 
performance of a micro-pilot injection system with "digester gas", and found that 
combustion was effectively retarded by 2 degrees crank angle when compared with 
pipeline quality natural gas. Henham and Makkar (1998) noted that at low load the 
efficiency falls with a decreased proportion of methane at any substitution level, but 
efficiency is not affected when CO2 proportion is increased up to 37%. It was found 
that CO2 has a greater effect at high speeds where overall efficiency decreases with 
increased CO2 concentration. 
Agriculture is one of the main consumers of power, particularly in developing 
countries, and so would be particularly affected by petrol shortages and increased cost 
of natural gas. Ogunlowo (1999) reported that there is an 18% annual saving when 
dual fuelling a diesel engine with `producer gas', which means that the cost of 
conversion would be recovered. However there are some issues with storage, 
especially with producer gas that needs very high pressures to liquefy. Also, producer 
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gas has a high ON but a low CN. Historically, this gas has tended to be used more in 
SI engines and in Cl engines there can be problems with ignition delay. 
Ogunlowo (1999) used producer gas from wood blocks with energy content of 
between 4.841 and 5.958 MJ/m3. It was found that misfire was accentuated by rich 
mixtures since the control system admitted less air to increase torque; low cylinder 
temperatures and / or low pressures that occur at light load; high engine speeds due to 
limited time for the reactions; and low pilot quantities. It was also found that because 
the engine could operate at higher equivalence ratios with producer gas than diesel, 
the maximum torque was decreased by only 10%. The low cylinder pressures and 
associated low temperatures with were linked to the ignition delay. When ignition 
delay was not a problem, the thermal efficiency surpassed that of the corresponding 
diesel operation. 
Petrol and Diesel It is also interesting to directly compare the 
performance and emissions of petrol and diesel engines with those burning alternative 
fuels. Umierski et al. (2001) compared the fuel consumption and exhaust gas 
emissions of a diesel engine with SI engines burning gasoline, LPG and CNG. It was 
found that over both the US and European test drive cycle for passenger cars that 
although diesel engines emit more NOx than SI engines using a three way catalyst, 
the diesel engine is at a much smaller disadvantage when the combined UHC + NOx 
emissions were considered. The CNG engine was at the largest disadvantage with 
respect to UHC emissions as methane is difficult to convert in a catalyst. The diesel 
engine emitted the most particulates by a huge margin but its biggest advantage was 
its much lower fuel consumption. LPG and CNG engines also had lower fuel 
consumption and emitted less CO2 than the petrol engine. It was also found that 
reformulated gasoline which contains less aromatics and sulphur had much reduced 
CO emissions and particulates than the petrol engine. When the engines were 
compared using the European and American heavy duty engine test cycles it was 
found that the SI engine had the least PM and NOx, but UHCs were four times higher 
than for diesel. Smoke was reduced by 60% when using a diesel water emulsion and 
by 75% when using DME. 
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Ahlvik (1998) compared the emissions from a medium duty petrol engine to a similar 
diesel engine, and pointed out that while emissions using a three way catalyst are low, 
problems with this control system do not always affect driveability and so can go 
undetected. With the diesel engine, the comparable control system was EGR which 
leads to very low NOx, but slightly increased though still low CO. It was also noted 
that NOx emissions tend to decrease with increased mileage for diesel engines 
because NOx is inversely proportional to power, and so reduction in engine friction 
leads to reduced NOx. Ahlvik (1998) also compared a standard diesel fuel with a 
diesel of lower density and sulphur content and enhanced CN. With this low sulphur 
fuel, all emissions were reduced with the largest reductions being for CO and smoke. 
2.7 DUAL FUEL APPLICATIONS 
Stationary Engines Grosshans and Litzler (1988) reported that dual fuel 
engines have been used for many years in stationary applications where relatively 
slow speeds and constant loads allow for easy optimisation and primary fuel 
substitution levels of up to 93%. Use of natural gas for power generation in a 
combined cycle plant have achieved a thermal efficiency of 52% compared with 40% 
for state of the art coal or oil fired plants, which also require desulphurization, 
Henham and Makkar (1998). 
Single cylinder diesel engine gensets are widely used in Malaysia to generate 
electricity in non-permanent locations. Yusaf et al. (2001) conducted research using a 
single cylinder diesel engine that was modified for dual fuel by installing a CNG 
venturi type mixer. It was demonstrated that such a conversion could be carried out 
with minimum modifications and without needing to reduce the compression ratio. 
CO2 emissions were always lower on the dual fuel engine, and at full load NOx and 
CO were reduced by more than a half. However, at no load the diesel engine 
exhibited an emissions advantage over the dual fuel engine. From the point of view 
of power generation, this does not present any practical problems as the no load 
condition does not prevail for very long, unlike idling vehicles. It was also noted that 
the dual fuel engine gives higher power output compared to the diesel engine over the 
range of engine speeds up to 3000rprn. 
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Automotive Jian et al. (2001) developed a low cost dual fuel conversion 
suitable for transport applications and particularly on busses. This conversion 
involved only the addition of an LPG metering system based on a venturi meter, 
where control of the LPG flow was achieved by a cam attached to the diesel fuel 
pump. In this way the amount of LPG supplied to the engine could be adjusted 
according to the operating conditions. For example, at idling conditions, diesel only 
was supplied, and as the load increased and increasing amount of diesel fuel was 
replaced by LPG until 90% load where the quantity of LPG was reduced to avoid 
knock. This dual fuel modification exhibited superior energy consumption and 
greatly reduced NOx, smoke and fuel costs. This conversion was developed 
specifically for developing countries where the majority of diesel engines are 
naturally aspirated DI type without any expensive electronic control. 
Umierski et al. (2001) reported that for passenger cars, the most favourable fuel 
consumption is obtained from DI diesel engines. This is significant as for heavy duty 
applications the fuel consumption figures are critical. However, Gettel and Perry 
(1991) examined a dual fuel conversion for a delivery truck and found that there were 
issues with engine control, particularly during transient operation. A more significant 
issue was the loss of range while operating in dual fuel mode that required more 
frequent refuelling stops, Addy et al. (2000). Where this wasn't possible, the truck 
spent a great deal of time in diesel mode where dual fuel mode would have been 
appropriate, Sinclair and Haddon (1991). Given the current climate of emissions 
legislation that demands complex control systems, it is increasingly likely that 
automotive manufacturers will be able to absorb the cost of a dual fuel system 
Homogenous Charge Compression Ignition HCCI combustion is an 
alternative to traditional SI or CI combustion which allows un-throttled operation at 
light load like Cl, and homogeneous charge at full load like SI. This combustion 
process results in part-load efficiencies as high as CI engines and energy densities as 
high as SI engines. The principle of operation involves reaching the thermal 
oxidization barrier of a homogeneous air-fuel mixture, by diluting it with re-circulated 
or trapped exhaust gases. By being homogeneous the charge is well mixed avoiding 
particulate emissions, and by using exhaust gases for load regulation the need for 
throttled operation is removed allowing the realization of high efficiencies, and low 
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pumping losses, Patterson and Chen (2006). Introduction of exhaust gases in the 
mixture can be made either as external exhaust gas re-circulation (EGR) or by using 
early exhaust valve closure timing (or re-breathing by using late exhaust valve 
closure, EVC) to retain trapped residual gases (TRG) within the cylinder. 
Reducing combustion temperature through these methods reduces NOx production to 
ultra low levels, while compression ignition asserts combustion throughout the 
volume of the premixed charge almost simultaneously. This technique triumphs over 
the problem of flame travelling through such a highly diluted fuel/air mixture, 
Guenthner and al. (2004). The shorter combustion duration of HCCI, gives an 
efficiency advantage over CI engines too. Diesel engines are limited by the rate of 
fuel-air mixing thus fast combustion is an impossibility even with very high fuel 
injection pressures. 
A problem with using natural gas or methane in an HCCI engine is that even in the 
higher compression ratios found in Cl engines, methane will not auto-ignite. 
Therefore, the dual fuel concept is the most likely route towards natural gas HCCI 
engines. Dual fuel HCCI operation has been noted to offer a decrease of 15% in 
specific energy consumption compared with natural gas SI engine and a reduction of 
NOx of up to 99%. However, higher concentrations of CO and UHC were noted, 
Stanglmaier et al. (2001). 
The most serious contenders for alternative HCCI fuels are gaseous hydrocarbons, for 
example, natural gas, widely regarded as clean burning and abundant in supply. 
Although the main constituent of natural gas is methane, various quantities of higher 
hydrocarbon gases can exist within the mixture. As an HCCI fuel, it has been 
reported that the auto-ignition timing advances and combustion duration becomes 
shorter with increasing equivalence ratio, intake temperature and intake pressure, 
Soylu (2005). To realise high thermal efficiency and low UHC/CO, the maximum 
cycle temperature must be over 1500K As the blend ratio of n-butane in natural gas 
increases, auto-ignition temperature and pressure become lower, Jun et al. (2003). 
The effects of methane and propane levels in a natural gas HCCI engine have also 
been investigated using experimental data, Soylu (2005). If the mixture auto-ignited 
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and releases its energy in a short duration at TDC where the volume is a minimum, 
cylinder pressure and temperature instantaneously rise to a maximum that can exceed 
design limitations. In this case, the hear transfer from the burned gases and 
dissociations of the product gases play an important role in the combustion so that the 
efficiency and IMEP may decrease. In addition, severe knock and high NOx can be 
observed. Combustion of methane and propane can be phased with variable valve 
timing, variable compression ratio and EGR only if initial conditions of the mixture 
are precisely known at inlet valve closure (NC). 
2.8 COMBUSTION MODELLING 
Although the performance aspects of dual fuel engines have been well investigated, 
many of the underlying combustion mechanisms of dual fuel engines are not well 
understood. Modelling studies can reveal further information about the in cylinder 
processes, such as instantaneous temperature or emissions profiles, which can not 
normally be found by experimental methods. Suitable computer based combustion 
models can speed up prohibitive development time, while adequately describing the 
features of the combustion process. Combustion models are typically categorised as 
zero, quasi or multi dimensional, Bedran and Beretta (1985). 
2.8.1 Zero Dimensional/Phenomenological/Thermodynamic Models. 
Models in this category represent the least complex approach to combustion 
modelling. They are called `zero dimensional' because there is no link to combustion 
chamber geometry and the only independent variable is time, `phenomenological' 
because they invoke separate sub models to describe some aspects of the combustion 
process or `thermodynamic' as they are formulated from conservation equations of 
mass and energy applied to a closed system This group of models is not predictive 
and cannot be extrapolated to other engine designs, which is their major disadvantage. 
However they are quick to implement and are used in parametric studies and to 
predict engine efficiency, performance and emissions, James (1984). They have also 
been used most frequently to describe the combustion processes in dual fuel engines. 
Foster (1985), described the foundation of these models as being the first law of 
thermodynamics, and their derivation always begins with definition of a control 
volume that contains a homogenous mixture with no pressure or temperature 
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gradients. From this, an energy balance is written in rate form and a mass balance is 
made on the control volume with appropriate flow equations for any inlets and outlets. 
In order to solve the energy equation, an equation of state and an equation for internal 
energy as a function of temperature and pressure are also required. The resulting 
equations can then be solved simultaneously provided that a set of initial conditions 
are known, an experimental pressure-time diagram can be followed and a suitable 
correlation for heat transfer is used. These models are merely diagnostic until an 
analytical expression is included for the mass-burning rate, whereupon they become 
predictive and can be used for parametric studies. Sub-models may also be included 
to provide a more accurate description of some combustion phenomena. 
The choice of control volume depends on the type of combustion process occurring 
within the combustion chamber. For diesel engines, the most straightforward analysis 
can be made by a single zone model where the control volume coincides with the 
cylinder volume and is initially composed of air and exhaust residuals. Burning is 
assumed to take place incrementally as homogenous combustion as the fuel enters. In 
SI engines, a flame front propagates through the mixture into a region of unreacted air 
and fuel, leaving a region of combustion products behind. In this case, a two-zone 
model is used where the cylinder is divided into a burned and unburned volume that is 
divided by an infinitesimally thin flame front and first law analysis is applied to both 
volumes. Hountalas and Papagiannakis (2000) and Papagiannakis et al. (2005) 
describe a two-zone model, which was used to predict the emissions and engine 
performance of a gas-fumigated diesel engine. In this type of engine, part of the 
liquid fuel is replaced by gaseous fuel to maintain the same power output but reduce 
smoke emissions. The first zone was made up from air and gaseous fuel; the second 
was made of combustion products, unburned mixture and evaporated liquid fuel. The 
two zones were separated by the area of a conical jet which is formed during diesel 
injection and whose behaviour is predicted from steady state jet theory. Due to the 
very lean nature of the surrounding mixture, no flame front was considered, and the 
combustion rate of the gaseous fuel depends upon its entrainment rate inside the 
burning zone. 
Abd-Alla et al. (2000e) described a quasi two-zone combustion model to predict dual 
fuel performance in which the gaseous fuel air charge is treated as the main zone and 
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subjected to changes in pressure and temperature with time due to piston motion. The 
pilot fuel is treated as an overlapping subsidiary zone to account for its contribution to 
ignition and energy release, and is assumed to provide only thermal energy. During 
compression, combustion and expansion, detailed reaction kinetics were employed to 
describe the changes in energy release, composition and associated properties with 
time. When the pilot is injected, its energy release and contribution to the 
composition of the cylinder charge is taken into account. 
Foster (1985) described a three-zone model for the combustion of an ethanol- 
fumigated diesel engine. A homogenous ethanol air mixture was assumed to occupy 
two of the zones, and diesel also occupied one of these zones. The third zone was 
made up from combustion products. The model assumed that the diesel zone burned 
first, after which the ethanol zone burned. There was no mixing between zones and 
the equivalence ratio of the products zone changed as mass was transferred to it. 
There has been limited development of comprehensive models for dual fuel 
combustion due to the complex and poorly understood nature of the combustion 
process, and those models that exist tend to be limited in their applications. For 
example, the relatively simple model reported in Karim and Liu (1992) can be used to 
predict knock, but not ignition. Liu and Karim (1997) identified that an alternative 
approach was needed to adequately model dual fuel combustion, and so a multi-zone 
thermodynamic model was developed which incorporated detailed chemical kinetics 
to predict performance and emissions. 
It has already been described that the homogenous gaseous fuel-air charge was 
subjected to increasingly high temperatures and pressures during compression that can 
lead to significant pre-ignition reactivity and the production of many intermediate 
species. In order to describe these processes, the whole of the gaseous fuel air charge 
assigned to one zone and detailed chemical kinetics of the gaseous fuel were used to 
follow the progress of the reactions. The diesel was then injected into the cylinder 
where the spray rapidly breaks up and entrains some gaseous fuel-air charge. This is 
shown schematically in figure 2.17, where the fuel mixture is viewed as being made 
up from three regions during pilot injection, these are the very rich un-vaporised 
diesel, part of the diesel with entrained gaseous fuel-air charge that forms the 
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flammable region, and the lean gaseous fuel region without direct influence from the 
diesel. 
Flammable region 
Rich diesel fuel . 
Lean 
gaseous fuel region 
Figure 2.17 -A schematic of fuel division during fuel injection from Liu and Karim (1997) 
Ignition is assumed to take place within the flammable region, and then combustion 
develops in two directions. The first is through flame propagation within the 
flammable zone, and the second is through diffusion combustion of the remaining 
pilot fuel. The mixture can then be viewed as being made up from two unburned and 
two burned zones as shown in figure 2.18. The fuel air ratio is too rich to bum 
immediately in the unburned pilot zone and the unburned gaseous fuel zone is 
compressed and heated by both the movements of the piston and the flame front. The 
diffusion burned zone is where diffusion combustion of the pilot and part of the gas 
takes place at stoichiometric AFR towards the core of the pilot, and the propagation 
burned zone is formed by flame propagation towards the flammable region of the 
gaseous fuel. Each zone undergoes different combustion processes and produces 
different combustion products. Energy is assumed to be released immediately as 
gaseous fuel is entrained. 
Propagation Burnt Zone 




Unburned Pilot Zone 
Unburned Gaseous Fuel Zone 
Figure 2.18 -A schematic zone division during the combustion process 
During light load operation, combustion is usually confined to the pilot region only, 
as the flame front cannot propagate through the lean charge. As the expansion 
process continues, charge temperatures decrease and reaction rates are slowed down 
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leading to an accumulation of partial products. To describe this, a reacting zone is 
added to the model, which under normal combustion has negligible mass. Only when 
the reaction rates are sufficiently slowed down at light load do partial products 
accumulate here and the mass of the zone then is included in the model. 
2.8.2 Quasi Dimensional Models As with zero dimensional models, this 
group is used in parametric studies. There is no explicit link with combustion 
chamber geometry, but they are more complex because both time and a dimension are 
included, and a separate sub-model for turbulent combustion is used to derive a heat 
release model. The defining equations specify principles of conservation of mass, 
momentum, energy, chemical species and turbulence, Stone (1999). Multi- 
dimensional models have largely superseded this group, and no evidence has been 
found of this type of model having been applied to dual fuel engines. 
2.8.3 Multi-dimensional models (MDMs), are used when combustion 
chamber geometry is important and they have the potential to reveal detailed 
information about temporal and spatial distributions of flow velocities, temperatures 
and species concentration which enable the turbulent burning rate and geometrical 
progression of the flame front to be monitored. The governing equations of mass, 
momentum, energy and species conservation are solved in three dimensions, but 
computational demands are high. For example, a grid or mesh must be defined and 
the refinement of the mesh is limited by computer storage and execution time. A 
further difficulty of this group of models is that they cannot be formulated from 
incomplete information. Of the four examples of MDM being used to describe dual 
fuel combustion that have been found, only two have been applied to an engine. 
Choi and Milton (1997) presented the first MDM for dual fuel combustion using the 
finite volume method to provide an understanding of dual fuel combustion and obtain 
an initial prediction of the complex interactions between the two fuels. The model 
was validated against experimental results from a constant volume combustion bomb. 
Then a parametric study was carried out to examine the effects of different amounts of 
pilot distillate and natural gas, and how local condition through the combustion 
chamber varied due to the pre-mixed combustion process. It was found that ignition 
delay was increased in dual fuel combustion, and that this cannot be remedied by 
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advancing the injection timing as the ignition delay for small pilot quantities increases 
when injection occurs at lower, earlier compression temperatures. Also the burning 
rate of natural gas is not accelerated by higher distillate injection pressure, particularly 
for small pilot quantities. This is at odds with previous results based on experimental 
work. When the pilot was heated, the ignition delay was shortened, but penetration 
became weaker. 
Mbarawa et al. (1999) modified the pilot spray sub models and the global reaction 
rate constants of the model presented by Choi and Milton (1997) to carry out a 
fundamental study of the combustion processes in a dual fuel rapid compression 
machine. The effects of injection pressure, diesel droplet size and number of nozzle 
holes were investigated. It was found that the droplet size has a strong influence on 
the spray penetration and velocity, but a small effect on the evaporation of the pilot 
and dual fuel combustion. 
Mbarawa et al. (2001) also used the same combustion model, but this time carried out 
a study of grid refinement, and a much better agreement was obtained between the 
experimental and computer results. The investigation made by Mbarawa et al. (1999) 
was repeated, and it was found that was found that the number of injector nozzle holes 
had little effect on ignition delay, but combustion of the natural gas became more 
complete as the number of nozzle holes increased due to better pilot fuel distribution 
and vaporisation. It was also found that combustion was more complete with higher 
injection pressures as the spray outlet velocity and spray penetration increased. 
Micklow and Gong (1998) used the KIVA 3V code to predict the effect of split 
injections of the pilot on engine performance parameters, and on emissions of NOx, 
CO and UHC. This is the first example found in literature of a dual fuel MDM being 
applied to an engine, and the predicted results were in good agreement with 
experimental data. The model was used to find the optimum timing for both injection 
pulses and the optimum pilot quantities that should be used for best emissions and 
power output, which are thought to vary between engines. 
Singh et al. (2004) also used KIVA 3V to develop diesel based model with updated 
sub-models for spray atomization, auto-ignition, combustion and emissions formation 
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(as compared with previous research). It was found that although there was good 
agreement with experimental results for typical natural gas substitution levels, when 
the primary fuel was increased beyond 90%, the model results departed from 
experimental results. This was thought to be because the diesel combustion model 
cannot accurately track flame propagation processes. 
2.9 IGNITION DELAY CORRELATIONS 
For optimum performance, the injection timing of the pilot in a dual fuel engine has to 
be set based on resultant ignition delay from two fuels. Reliable details for ignition 
delay are essential to predict the performance of dual fuel engine in a combustion 
model. Approaches to correlate length of ignition delay from fundamental studies of 
auto-ignition characteristics in combustion bombs and flow reactors have shown that 
the temperature and pressure of the air are the most important variables for a given 
fuel composition, Fraser et al. (1991). Ignition delay data from these experiments has 
usually been given in the form presented by Liu and Karim (1995) as 
zID = AP° jb exp 7c, (1) 
where 
"rD is the ignition delay in crank angle degrees 
"P and T are the mean cylinder pressure and charge temperature 
"c is an experimentally determined constant, approximately the same as 
EA/R (apparent activation energy for the fuel auto-ignition process 
divided by universal gas constant) 
"0 is the overall equivalence ratio of the charge 
" A, a, b and c are experimental constants that depend on the fuel and to 
some extent, the injection and air flow characteristics. 
Correlations of this form are insufficient to predict ignition delay over a full range of 
operating conditions. A better approach is the empirical correlation of Hardenberg 
and Hase (1979), which gives a measure of ignition delay that includes all the 
influences of the fuel and the engine, while using only measured engine parameters, 
such as mean piston speed Sp, and manifold pressure Pm. 
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0.63 
zID = (0.36 + 0.22SP) exp E, 
1_1+ 21.2 
(2) 
RuT 17190 Pm -12.4 
This correlation is still unsuitable for use in dual fuel engines because it does not 
include the significant influence of the gaseous fuel. Nielsen et al. (1987) argued that 
diesel correlations in combination with knowledge of the concentration of the 
inducted gaseous fuel were required. They modified the Hardenberg and Hase (1979) 
correlation to include the effect of the concentration of inducted gas on temperature at 
the point of injection and reduction in oxygen concentration in the charge. Gas 
concentration was calculated from the number of moles of biogas, air, and retained 
exhaust gas in the cylinder, and temperature variations can be included via the 
polytropic index of compression. 
The polytropic index (n) doesn't vary significantly with the load, but varies with 
gaseous fuel concentration. The variation of n significantly affects ignition delay as it 
alters the temperature at the point of injection. Because there is a linear relationship 
between n and gas concentration (fp), a straight line was fitted by method of least 
squares, giving 
na = nd - 0.23 fp (3) 
where `d' refers to diesel and `df to dual fuel. The variation of manifold temperature 
with load is negligibly small, but the effect of load can be included in the correlation 
by changing manifold temperature to the charge temperature at bottom dead centre 
(BDC), Prakash et al. (1999). This can be calculated from measured exhaust gas 
temperature and temperature of ambient air based on the method of Pedersen and 
Qvale (1974). Tja,, increases with load for diesel but, for dual fuel there is a fall in 
Tbac as primary fuel concentration increases, which would result in lower temperature 
levels at the point of injection of thus increasing delay. 
The value of polytropic index of expansion suggested by Liu and Karim (1995) was 
n=1.36, but the measured values for the dual fuel engine by Prakash et al. (1999) was 
n=1.33. The correlation was multiplied by a correction constant Cf that was found 
from experimental data in order to match the diesel data. The equations from Liu and 
Karim (1995) thus became 
zID= ACf exp(EP +Q0.63) (4) 
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The effect of biogar on polytropic index and Tbac was found from equation (3). 
Inducting biogas causes the oxygen concentration in the mixture to fall, increasing 
ignition delay of the pilot fuel. Hence, the modified correlation was next multiplied 
by a factor of O. (the oxygen concentration ratio) which is defined as the ratio of 
oxygen in the cylinder charge to the oxygen in atmospheric air. O. falls with gas 
concentration almost linearly but increases with load because at higher loads, higher 
exhaust gas temperature leads to reduced mass of residual gas retained in the cylinder. 
Using equations (5), Prakash et al. (1999) modified (4) to become 
zdf = AC fO, exp(EP+Q0.63) (6ý 
Predicted delay periods differ from the experimental data of Prakash et at. (1999) by a 
maximum of 10%, and it was suggested that accuracy would be improved if the effect 
of pre-ignition reactions was included. An example of this type of correlation is given 
in Liu and Karim (1995), where an analytical model that incorporated detailed 
reaction kinetics of the gaseous fuel and air. Changes in concentrations of the 
cylinder mixture and the consequent changes in energy release rates with time during 
compression, combustion and expansion could then be estimated. The reaction 
scheme consisted of 138 elementary reaction steps and 32 chemical species as 
described by Karim and Liu (1992). Thus the simultaneous set of equations one for 
each species and the energy equation result in a set of non-linear, first-order 
simultaneous equations, which were solved numerically. 
Liu and Karim (1995) also modified the correlation for ignition delay by grouping 
together the influences of the gaseous fuel in terms of their contribution to changes in 
mixture temperature and pressure, leading to: 
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rig + Arg = A(P + AP)° (0 + AO)' exp 
c (7) 
Tg + ATg 
Because of the exponential nature of the dependence on the delay on the mean 
cylinder charge temperature the effect of the change in temperature is extremely 
important to the length of ignition delay. The experimentally based formula for 
ignition delay and detailed reaction kinetics for the oxidation of the gaseous fuel were 
then used in a parametric study which revealed that the ignition delay in a dual fuel 
engine can be correlated in terms of the type of gaseous fuel used and its 
concentration. The most important factors influencing ignition delay were found to 
be the extent of energy release due to pre-ignition reaction processes, external heat 
transfer to the surroundings and the contribution of residual gases. 
However, detailed kinetic schemes such as this require much effort and computing 
time, and so Zhou and Karim (1994) produced a simple analytical expression for 
ignition delay 
CE 
rm =Ap (CH4)a (o2 )o eXp RT 
(8) 
O R. O 
where 
" To = initial temperature (K) 
" Po = initial pressure (Pa) 
" (CH4)o and (O2). are initial concentrations as mole fractions 
" A, a, b, c, and E are constants that take different values at different 
temperature ranges. 
Equation (8) was used as the basis for comparing the different criteria for establishing 
SOC, and was compared with results from a detailed reaction kinetic mechanism of 
Liu and Karim (1995). It was found that at low initial mixture temperatures, the use 
of different criteria have a very small effect on the values of ignition delay, but 
became significant at relatively high initial temperatures. It was also found that 
empirical formulas give good agreement only over a limited range of temperatures. 
The recommended parameters are listed in table 2.3, and the optimum fit conditions 
are those of atmospheric initial pressure, stoichiometric mixture ratio and pressure 
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based ignition criterion. Extending the application of equation (8) to an equivalence 
ratio of 0.80 to 1.1 produces a maximum error of +/- 8%, while extending the pressure 
range up to 3 atmospheres increases this error to +/-35%. Larger errors would result 
if the temperature range were extended to beyond those specified. 
Range T (K) A a B E C 
1 650-1200 1.929x10 0.8 -1.0 74989 0.2 
2 1200-1600 5.055x10-7 0.8 -1.0 88124 1.2 
3 1600-2400 2.337x10-9 0.8 -1.0 155345 0.2 
Table 2.3 - Constants of the analytical equation (8) for ignition delay 
Miao and Milton (2002) investigated the effect of ignition delay with methane. 
Arbitrary values of ignition delay within a range of values prescribed by a correlation 
were applied to a numerical simulation. It was found that for short ignition delays, 
combustion progressed uniformly and with only a small region reaching moderate 
temperatures immediately. As delay increased a large region immediately reached a 
high temperature. Further increases in ignition delay further increased the boundary 
of this large region, but at a lower rate. For the highest ignition delays, a low 
temperature core appeared at the centre of the region indicating that diesel droplets 
have passed through leaving relatively small amounts of vaporised fuel (although this 
finding was not experimentally validated). Overall it was found that after 5ms the 
total region containing combustion products is approximately the same for all ignition 
delays, but is at slightly higher temperatures for longer ignition delays. As predicted, 
shorter ignition delays lead to smoother combustion Longer ignition delays lead to 
diesel type knock. 
2.10 MODELLING KNOCK IN DUAL FUEL ENGINES 
Karim and Liu (1992) provide guidelines for predicting the knock limited power 
output for a dual fuel engine using simple Arrhenius gross combustion reaction rates 
to represent the auto-ignition reactions. It was assumed that the incidence of knock is 
related to the auto-ignition of the gas charge at a temperature corresponding to the end 
of compression. Under knocking conditions, the approximate relationship between 
charge intake temperature (To) and knock limited power output (pk), for a fixed pilot 
quantity and any fuel gas is given by the relationship 
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A and B are constants affected by changes in pilot size and B is also related to the 
fuel's effective octane number. Once the knock limited power output has been 
established for a particular engine, the effects of slight changes in initial temperature, 
octane number and pilot quantity on knock limited power output can be assessed. 
Although simple, this method cannot be extended to other engines. 
Pre-ignition and combustion reactions involve a series of simultaneous reactions that 
proceed at different rates through an array of intermediate species, all of which have 
an effect on rates of energy release. Therefore a realistic representation of the 
reaction kinetics is an important factor when modelling the onset of knock. Prakash 
et al. (1999) suggested that to represent knock, auto-ignition can be considered as 
compression ignition of the charge that has undergone a temperature-time history 
defined by the engine variables. 
The chemical kinetics of the pilot fuel, which forms a heterogeneous mixture with 
varying air-fuel ratio, is unknown. A simplified approach is to treat the pilot as only 
an ignition source whose energy release pattern can be established experimentally or 
numerically for the same ignition point and total energy release. In this way, the pre- 
ignition reactions of the gaseous fuel-air charge can be considered to proceed with 
time until the ignition of the pilot, where upon the energy is released in the pattern 
established from corresponding diesel cases. The temperature and pressure of the 
charge will then increase to levels beyond levels due to the piston motion alone. The 
oxygen that is consumed and the products released by the pilot can also be accounted 
for and the gaseous fuel reaction will proceed at increasingly higher rates than when 
the pilot was neglected. The prediction of whether knock will occur will depend on 
the magnitude of the resulting rates of pressure rise, Karim and Zhaoda (1990). 
This type of approach was extended by Karim and Liu (1992), who modelled knock 
with a quasi two zone model. Detailed chemical kinetics were employed during the 
compression, combustion and expansion stages to predict changes in composition and 
the properties of the gaseous charge. When pilot ignition begins, a smaller 
overlapping subsidiary zone was also considered. The interaction between the zones 
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was assumed to be purely thermal, and heat transfer effects were accounted for by the 
Woschni (1967) correlation. 
As the auto-ignition reactions leading to knock are associated with low temperature 
levels and lean mixtures, the reactions and species relating to nitrogen were neglected 
for simplicity. The resulting reaction scheme that was formulated consisted of 31 
chemical species and 105 reaction steps and could be applied to mixtures containing 
any of the reaction species of propane, including methane, ethane, hydrogen, carbon 
monoxide and carbon dioxide. The net rate of production of each species is a function 
of the rates of all the reaction steps that are proceeding simultaneously and was given 
by 
dx j=105 
_p '=I (s; - s; yb) - (Rif - Rib) (10) dt j=, 
Where the coefficients are and the subscripts are 
F=A stoichiometric coefficient 
R =Reaction rate 
b= backward reaction 
f= forward reaction 
p= density i= relating to species "i" 
x= Concentration of a species (Kmol/Kg) j= relating to reaction step "j" 
t= time 
The homogenous reacting system was assumed to be an ideal gas prior to pilot 
ignition, and the energy equation was given by 
i=31 fl(t) i=31 T dT A 





T= absolute temperature 
To = reference temperature 
Tw, = wall temperature 
A. = surface area for heat transfer 
k= Heat transfer coefficient 
c, = specific heat at constant volume 
in = mass 
Auf = internal energy of formation at T. 
The resulting set of simultaneous equations for each species was then solved 
numerically. These equations describe the reaction rates of the main cylinder charge 
and the properties of the reactive system. Once the temperatures and concentrations 
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have been found, other properties such as pressure, energy release rate and so on can 
be found. This approach assumes that the pilot provides thermal energy for the 
gaseous charge. The ignition delay and energy release pattern of the pilot can be 
found experimentally, an acceptable assumption as pilot contribution is small, 
especially near to knocking conditions. Once pilot ignition begins, the energy release 
rate is incorporated into the model through the addition of QP in equation (11) - the 
energy release due to the pilot. 
Although the model gives good agreement with experimental results, the application 
of such a detailed reaction scheme is complex. Therefore, Li et al. (2000) published a 
reduced, six step mechanism to predict knock, as shown by (12). 
(I) CH4 + 02 -* CH3 +H02 
(II} CH4 + HO2 -* CH3 + H202 
(III) CH4 + OH --> CH3 + H2O (12) 
(IV) CH3 + 02 - CH2O + OH 
(V) CH2O+02+OH- > CO+HO2+H2O 
(VI) H2O2+M-2OH+M 
The most important initiation reaction is step I which starts the chain reaction step II 
as the HO2 concentration builds. When sufficient CH3 has been produced the main 
chain steps of III and IV become important and, because the rate of step V is so slow, 
the concentration of CHZO increases rapidly. The temperature of the system will then 
run away, and as most of the energy is released through step V, ignition occurs when 
this step reaches its maximum rate. When the temperature of the system is 
sufficiently high, step VI then becomes significant. 
To model the pre-knock chemical processes, Li et al. (2000) divided the combustion 
chamber into the end gas zone and the product zone, which were separated by the 
propagating flame. Knock was treated as an explosion in the end gas zone that is 
caused by compression heating. Numerical computations were simplified by reducing 
the conservation equations to a set of ordinary differential equations that describe 
temperature and species concentration histories in the end gas zone. 
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The reduced reaction mechanism demonstrated that the reactions which are important 
in flames are not always important in ignition. Knock begins when the calculated end 
gas temperature runs away. Li et al. (2000) found that higher initial temperature leads 
to an earlier and sharper temperature rise, but knock doesn't occur until a limiting 
initial temperature is reached. This shows that the end gas temperature plays an 
important part in pre-knock reactions. A more advanced Of, (the crank angle at which 
the flame starts to propagate), results in an earlier and sharper temperature rise. If Of, 
is sufficiently retarded, knock will not occur. It was also found that the boundary 
between knock and no knock occurred at Ti, = 340K and Of, = 10degrees BTDC. For 
small changes of either, knock can occur or disappear across the knock boundary, and 
under these circumstances knock is weak. Higher gas temperatures and earlier 
ignition of the gaseous fuel air mixture lead to earlier and stronger knock. 
2.11 CONCLUDING SUMMARY 
Although the dual fuel approach is acknowledged to be a flexible and efficient means 
by which conventional diesel engines may use a range of alternative fuels, there are 
still significant barriers preventing widespread use of this technology. From the 
literature review, a number of conclusions may be drawn. 
" Natural gas is preferred for dual fuel engines, although LPG is also an 
attractive alternative. Dual fuel investigations have involved these fuels, or 
their main constituents; methane and propane. However, dual fuel 
performance with different primary fuels has not been directly compared on 
the same engine. When investigations into alternative gaseous fuels, such as 
butane, have been made, the focus has been on the effect of that gas as a 
constituent part of CNG, and not as the main energy source. 
" Although it has been proposed as a possible approach to dual fuel, there have 
been very few investigations made into fumigation. This would involve the 
induction of a much smaller amount of primary fuel, typically to boost the 
power output of the engine. By examining emissions data from the 
investigations reported in this chapter, it would appear that the addition of 
small amounts of a gaseous fuel may also reduce emissions of NOx and 
smoke. However, this observation is made from extrapolated data, therefore 
there is a need to investigate this operational envelope in more detail 
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" Dual fuel research has been conducted on the engine type that was most 
available or most interesting at the time. There was a period of intense 
research interest in dual fuel throughout the 1980's and into the 1990's, 
primarily conducted on IDI (and often single cylinder) research engines. 
There is a need to confirm that the emissions and performance trends that have 
been described for IDI engines also apply to DI diesel engines which are more 
typical of present CI engine use. 
" The majority of dual fuel work has been targeted towards automotive engine 
applications. However, given the complexity of dual fuel control systems, 
small fixed speed diesel engines could provide an excellent application for 
dual fuel. 
" The vast majority of modelling work has been concerned with empirical 
correlations and zero dimensional models, using assumed combustion patterns. 
The empirical basis for these assumed combustion processes are thin, 
therefore there is a need to investigate this area further. For example, the 
underlying combustion processes are poorly understood: the description of 
three stages of dual fuel combustion in section 2.2.4 implies that the fuels are 
able to bum independently within the same system. 
" Little dual fuel modelling has been conducted using multidimensional models 
or by chemical kinetics. However, these techniques are associated with high 
computational demands, particularly in terms of time. There seems to be little 
benefit in employing these techniques when questions relating to the 
underlying assumptions about the combustion process still remain. 
On this basis, an experimental study was conducted using three different gaseous 
fuels and a four cylinder DI engine, typically employed in fixed speed generator 
applications. The resulting performance data was analysed via a three zone heat 
release rate model, as this technique provides an opportunity to examine experimental 
data in more detail. In this way previous findings (particularly for the description of 
the combustion process) can be examined on a different engine type. The 
experimental investigation also characterised the emissions trends for the engine, to 
establish whether the characteristics reported in section 2.3 apply equally to DI 
engines, or if they are specific to IDI engines. 
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CHAPTER THREE: ENGINE AND TEST FACILITY 
3.1 INTRODUCTION 
The potential emissions and economic benefits of using gaseous fuels in diesel 
engines have been discussed in chapter two. However, a number of research 
questions remain: 
" Could the admission of small quantities of gaseous fuel reduce emissions? 
" What are the complete performance trends in a DI engine? 
" What are the limits of dual fuelling in a naturally aspirated engine? 
" Does the combustion process vary with different gaseous fuels? 
To address these questions an experimental study was carried out where a DI diesel 
engine was converted to dual-fuel operation. Like most conversion methods, the 
gaseous fuel is introduced into the intake manifold, and premixed with air before 
being inducted into the combustion chamber where it is ignited by the combustion of 
the pilot fuel spray. The mechanism of combustion is believed to be that burning part 
of the primary fuel occurs due to entrainment into the diesel spray zone, but flame 
propagation can also occur through the premixed gaseous fuel. 
3.2 OBJECTIVES 
The purpose of the experimental study was to investigate engine performance and 
emissions characteristics when part of the distillate fuel is replaced with a gaseous 
fuel. This chapter begins with a description of the preliminary work involved in 
designing the dual fuel conversion and the test facility. A discussion of the 
instrumentation and measurement methods then follows, leading to a description of 
the test procedure. 
The first goal of this study was to assess the effect of low levels of primary fuel 
substitution on engine performance and emissions. The second was to maximise the 
substitution of gaseous fuels while simultaneously maintaining the engine power 
output attained in diesel only mode. The majority of work was conducted using 
methane as the primary fuel, as it is the main constituent of natural gas and preferred 
for use in dual fuel engines. However, propane and butane were also examined. 
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Reduced flow injectors were used in place of standard injectors to improve 
performance with the much smaller pilot fuel quantities that were used. Beyond this, 
no other modifications were made to the engine. 
3.3 EXPERIMENTAL APPARATUS AND INSTRUMENTATION 
3.3.1 The Test Engine 
Engine Type Lister-Petter 4x90, DI, 4stroke diesel 
Configuration Vertical in-line 4 cylinder 
Cylinder Bore (measured) 90 mm 
Cylinder Stroke (measured) 90 mm 
Connecting Rod Length (measured) 138 mm 
Compression Ratio (measured/calculated) 18.0: 1 / 17.0: 1 
Combustion Chamber Type Re-entrant 
Displacement 2.29 litres 
Idle Speed 900 rpm 
Minimum Full Load Speed 1500 rpm 
Rated Speed 1800 rpm 
Rated Power 37.5 kW at 2100 rpm 
Maximum Speed 3000 rpm 
Maximum Torque 143Nm at 2100 rpm 
Fuel Injection Pump Lucas Rotary 
Governing Fixed or variable speed 
Exhaust Valve Opening/Closing 168 ° CA ATDC / 341 ° CA ATDC 
Inlet Valve Opening/Closing (measured) 342 ° CA BTDC / 160 ° CA BTDC 
Table 3.1- Engine specification 
The engine used in this study was a Lister-Petter `4x90' inline four cylinder DI diesel 
engine of 2.29 litre displacement, typically used in small diesel genset applications. 
Full details of the engine are given in table 3.1. The engine was coupled to a Heenan- 
Dynamatic MkII, 220kW eddy current dynamometer via a flexible grid type coupling 
to dampen the effect of any torsional vibrations, Beard (1980) and Jakub (1984). 
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The test engine was at the time of this experimental program, still a prototype being 
developed by the manufacturer, therefore some of the data in table 3.1 was confirmed 
by measurements. Geometric data were measured using vernier scales, and 
compression ratio was measured and recorded to be 18.0 to 1. The variation in 
between each cylinder was noted to be less than 0.5%. The measured value of 
compression ratio can be checked via the motored log-P-log-V diagram. Lancaster et 
al. (1975) demonstrated that an erroneous value would be indicated by a curve on the 
compression line near TDC. This method placed compression ratio at 17.0 to 1. The 
effect of this variation between the two methods on the results analysis is investigated 
in chapter five. The valve timings were also confirmed using the method described 
by Plint and Martyr (1999), where the engine was rotated from combustion TDC with 
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Figure 3.1- Schematic diagram of test cell equipment 
3.3.2 Low Speed Data 
The engine was coupled to a Heenan-Dynamatic MkII, 220 KW eddy current 
dynamometer, with a TA 2000 controller. Control operation was provided for engine 
starting, stopping and running, and control modes included speed, torque or throttle 
position in conjunction with a matched throttle actuator. Engine torque was measured 
by a strain gauge load cell connected to the lever arm of the dynamometer. This was 
calibrated prior to the experimental program by hanging known weights to the lever 
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arm and recording both the digital and analogue readouts on the TA 2000. Speed was 
recorded from the periodic signal generated by a magnetic pick up that registered the 
passing of each gear tooth on a 60 toothed wheel mounted on the rotating shaft. The 
digital and analogue speed readings were also confirmed prior to the experimentation 
program using a hand held tachometer that was positioned on the crank shaft of the 
engine. The TA 2000 was also connected to the engine test cell alarm system so that 
automatic shut down could be provided in the failure of any of the engine or 
dynamometer services, or in the event of an engine over-speed error. 
A viscous laminar air flow meter equipped with a type 5 Cussons manometer 
measured the airflow rate into the inlet manifold. The pressure of the inlet manifold 
was recorded using a Druck PDCR 810-0799 general-purpose piezo-resistive absolute 
pressure transducer coupled to a digital meter, (calibration data are in appendix B). A 
Druck DPI 141 resonant sensor barometer was located in the control room to record 
atmospheric pressure, while the differential air pressure in the test cell was obtained 
using a P200 Digitron differential manometer. Air temperature and humidity in the 
test cell were recorded using an RS 204-072 high accuracy thermo-hygro. 
Diesel fuel flow rate was recorded using an `in-house' flow meter that measured the 
time taken in milliseconds for a calibrated volume of fuel to be consumed. The 
system consisted of a gravimetric fuel measurement system equipped with a solenoid 
valve to fill the measuring tube, level sensors and a timer. The diesel fuel temperature 
was measured by a surface mounted k-type thermocouple and the application of a one 
dimensional heat conduction equation, as described by Bayazitoglu and Ozisik 
(1988). The diesel fuel used was ESSO ultra low sulphur diesel, and the fuel 
properties are given in appendix A. The temperatures of inlet airflow, cooling water 
at the inlet and outlet to the cylinder head, and the exhaust gas temperature were 
measured by K-type thermocouples. 
3.3.3 High Speed Data 
The resulting voltage signals from the high speed data were passed to a National 
Instruments BNC 2090 data acquisition board. In addition to calibration data, details 
of all equipment used are included in appendix B. 
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Cylinder Pressure A Kistler Type 6053 piezo-capacitive pressure 
transducer coupled to a Kistler Type 5007 charge amplifier were used to measure the 
in-cylinder pressure. The pressure transducer was calibrated prior to experimental 
work using a `dead weight tester', (the calibration curve is presented in appendix B). 
Cylinder pressure is the main parameter from which the heat release rate analysis 
(described in chapter four) is derived. This demands accurate measurements are 
taken, and the most common and accurate transducer used in this application is a 
piezo-capacitive pressure transducer. A source of error associated with such pressure 
transducers is inter-cycle drift between successive engine cycles, which shifts an 
individual cycle by an unknown constant amount. This can be countered by ensuring 
that an appropriate time constant is set (through finding the longest time constant 
without drift using the motored pressure trace) and then by pegging the pressure trace 
for each recorded cycle to a known value before the data are averaged. Heywood 
(1988) recommends using atmospheric pressure at inlet valve closure. 
Noise is a particular problem with the low pressure parts of the engine cycle. Whilst 
this was improved through use of shielded cables between the charge amplifier and 
data logger, it cannot be corrected by the use of filters on the charge amplifier (as 
these were found to distort the pressure trace). To some extent random noise is 
reduced through averaging and then smoothing the pressure trace, but there will 
always be some residual effect that renders the low pressure parts of the cycle less 
accurate than the higher pressure parts. However, the heat release rate analysis 
described in chapter four, is limited to the combustion process, therefore these errors 
will also have a negligible effect. 
The most serious error encountered with a pressure transducer is thermal shock 
Thermal shock is caused by the cyclic exposure of a piezoelectric pressure transducer 
to combustion which results in contraction and expansion of the diaphragm due to 
large temperature variations throughout the cycle, resulting in different force being 
applied to the quartz than caused by cylinder pressure alone. All data derived from 
the pressure trace can be affected by this error, but the greatest effect is on the 
calculation of IMEP, Gazis et al. (2005). Rai (1999) derived an equation to 
compensate for the thermal shock of a Kistler 6152A transducer used on a Ford Zetec 
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engine. Although it cannot be used here, it does show that thermal shock is a function 
of engine speed and maximum pressure only (thermal shock is greater at high speed 
and high pressure). The engine tests were conducted between 1500 and 2100 rpm, 
and the maximum cylinder pressures were between (approximately) 50 and 60 bars, 
so the thermal shock variation will be small within the data sets. The pressure 
transducer used in this study (Kistler type 6053B) is reported as having an error due to 
thermal shock of up to +/- 2% in the minimum pressure and +/- 1.5% in the maximum 
pressure. It is worth noting that the limited space available in the cylinder head meant 
that it was not possible to use a water cooled pressure transducer which would have 
shown better characteristics. 
Thermal shock can be identified by a bow-tie shape on the pumping loop of a fired 
log-P-log-V diagram, which was checked during data processing. Fortunately, 
thermal shock tends to effect the only the late expansion part of the pressure trace to 
any great extent, and this was not part of the analysis. Kistler provides data that can 
be used for correction, but it was decided that where thermal shock was identified that 
these cycles should not be analysed. Fortunately, due to the volume of data and 
multiple tests, there were few test cases where data was not available after erroneous 
cycles where rejected. 
Two other issues have been reported when using a pressure transducer: the delay in 
equalising pressure throughout the charge following the release of combustion energy 
and the delay of the pressure pulse reaching the transducer. The pressure pulse travels 
at sonic velocity and is proportional to the square root of temperature at that instant. 
Small volumes at TDC and elevated temperatures render these errors small and 
insignificant here, especially compared with the errors that arise through recording 
and interpreting and processing the data. The drift between amplifier and recorder is - 
0.005% so can be safely ignored, Lancaster et al. (1975). 
Fuel Line Pressure and Needle Lift Fuel line pressure was obtained using a 
Kistler 4065A Piezo-resistive sensor and 4617A charge amplifier, that was also 
calibrated using a `dead weight tester' (appendix B). A single injector connected to 
the instrumented fuel line was fitted with a Hall Effect sensor to record needle lift. 
Nozzle opening pressures were checked on the Hartridge Nozzle Testmaster, which 
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also allowed a visual inspection of the sprays from each hole to ensure there were no 
blockages. The results from these tests are also presented in appendix B. 
Angular Measurement An AVL type 35401 Optical Shaft Encoder was 
attached to the engine crankshaft to provide a single pulse per cycle at top dead centre 
(TDC) that was used as the output trigger, and 720 pulses per revolution for the crank 
degree marker (CDM). Piston movement is accurately related to crank shaft rotation, 
and the largest error that can occur here is in referencing TDC location. Whitehouse 
and Way (1971) found that a +/- 2 degrees CA error causes a +/- 15% error in peak 
value of gross heat release rate and a 10% error in the cumulative heat release rate due 
to erroneous volume and dV/dO calculations and specific heat ratios. To minimise 
this error, TDC was first located using a dial gauge positioned on top of the piston and 
rotating the engine forwards and backwards by 60 degrees from TDC. Thus the mid 
point was found using the method described by Plint and Martyr (1999). This was 
confirmed by examining the motored pressure trace where the position of peak 
cylinder pressure should occur very slightly, but no more than 2 degrees CA before 
TDC, due to irreversibility caused by heat transfer during compression, according to 
Lancaster et al. (1975). This revealed that the position of the TDC marker was offset 
by 1.5 degrees CA which allowed the phasing to be corrected. 
3.3.4 Data Acquisition 
High-speed data acquisition was achieved by means of National Instruments Lab 
View (version 6.1) system. The TDC marker pulse was used as the trigger to record 
cylinder pressure, fuel line pressure and needle lift sensor data from 100 successive 
cycles. This data was recorded on the falling edge of the CDM pulse as it crossed 
below a threshold of 2.5 volts, representing the mid point of the signal amplitude. 
Due to the limitations of the data acquisition system, a maximum resolution of 0.5 
degrees CA was obtained. At higher resolutions, the system tended to sample data 
from successive channels on successive CDM pulses. The TDC marker pulse was 
also recorded to aid later analysis, and all signal processing was carried out off line to 
avoid slowing down the acquisition software. 
33.5 Exhaust Emission Measurement 
The gaseous exhaust emissions from the engine were measured using a Horiba 
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MEXA-7100 HEGR exhaust gas analyser system, which was calibrated and spanned 
daily prior to testing. The system had a heated line that was connected to the engine 
exhaust sample outlet point located 100mm above the exhaust manifold. 
Concentration of oxygen, carbon monoxide, carbon dioxide, oxides of nitrogen and 
total hydrocarbons were recorded over four successive one minute intervals (during 
which time, all other test data were sampled and recorded). An average of this data 
was then calculated. The Horiba also provided a calculation of air fuel ratio by the 
Spindt (1965) method which allowed a convenient means by which fuelling strategies 
could be checked. 
Smoke was measured using an AVL 415 smoke meter, three times during the four- 
minute sampling interval to confirm that there was no variation in the measured AVL 
smoke number. The following section provides a brief description of the 
measurement techniques. 
Oxygen Oxygen is a paramagnetic substance, which will align itself with the 
lines of force in a magnetic field. The analyser measures the oxygen in the sample by 
passing the sample in a nitrogen stream past an alternating magnetic field. The 
pressure between two detector plates varies according to the presence of 02 in the 
sample. 
Oxides of Nitrogen The Honba system utilises the chemiluminescent 
method for detection of nitric oxide (NO) in the sample. A photo-diode is used to 
detect photons of radiation emitted during the reaction between NO and ozone that 
produces nitrogen dioxide (NO2): the reaction emits a proportional number of photons 
the concentration of NO. For detection of oxides of nitrogen, the sample containing 
NO and NO2 is passed through a converter where all of the NO2 is converted to NO, 
before being passed to the reaction chamber. The total NO content is the sum of NO 
produced from NO2 and the NO originally in the exhaust, and this sum is referred to 
as oxides of nitrogen (NOx). In CI engines, NO forms between 70 and 90% of NOx 
emissions, while in SI engines almost all of the NOx is NO, Heywood (1988). 
Total Hydrocarbons Hydrocarbons are measured using a heated flame 
ionisation detector. When hydrocarbons are burned in an electric field, electrons and 
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positive ions are formed producing an ionisation current which is proportional to the 
total amount of carbon atoms present. A collector electrode surrounding the flame 
measures this change. 
Carbon Monoxide and Carbon Dioxide Both carbon monoxide and 
carbon dioxide were measured using a non-dispersive infrared detector. The analyser 
works on the principle that infrared radiation is absorbed in the wavelength band 
associated with the different gases. The analyser consists of four elements; an 
infrared radiation source, a reference cell, sample cell and detector. The sample gas is 
pumped into a sample cell through which infrared light is passed, and the components 
of carbon monoxide or carbon dioxide absorb the light and decrease the intensity of 
the light transmitted through the sample cell. This intensity is compared to a 
reference light source by the detector and the result is expressed in concentration of 
the specific components. 
Smoke Measurement The smoke content of the exhaust gas is measured using 
an AVL 415 Variable Sampling Smoke Meter, which gives a value in terms of the 
AVL Filter Smoke Number. A volume of the exhaust gas is sampled through a probe 
inserted in the exhaust pipe, and then passed through a clean filter paper. The 
`blackness' of the filter paper due to soot deposits is determined by a reflectometer 
head, which then converts this into smoke number. The entire measurement process 
from purging of the flow path, sampling transport and filtration to the determination 
of the paper blackening is controlled by a microprocessor in the system. 
3.4 DUAL FUEL CONVERSION 
From the literature review, it was noted that a simple central point mixing system is 
the simplest and least expensive way of admitting a gaseous fuel to the engine, 
although the penalty will be high emissions of UHC, Turner and Weaver (1994). To 
this end, a simple venturi type gas mixer valve was installed at a distance of ten pipe 
diameters downstream of the inlet manifold to ensure complete mixing of the air and 
fuel were achieved before induction into the combustion chamber. Gaseous fuel flow 
rate was controlled by a needle valve located immediately upstream of an Omega 
FMA 1610 mass flow meter, which also recorded line pressure and gas temperature. 
The details of this gas supply system are shown schematically in figure 3.2. 
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Figure 3.2 - Schematic of gas installation 
3.5 EXPERIMENTAL PROCEDURE 
Engine performance and emissions data for diesel and dual fuel methane tests were 
obtained under steady state operating conditions at three engine speeds of 1500 rpm, 
1800 rpm and 2100 rpm which correspond to synchronous speed, rated speed and 
peak torque respectively. These speeds were chosen as they represent the operating 
conditions of most interest for this type of engine, Bickerton et al. (2004). Five load 
conditions were examined at each speed. Full load was represented by the maximum 
torque that could be obtained at that speed using diesel, and %, '/2, and %4 of maximum 
torque were also examined. No load was taken as the minimum torque level that 
could be obtained at that speed; however, this was never zero due to the nature of the 
dynamometer control system. The tests involving propane and butane were restricted 
to 1500 rpm and %4, %2 and 3/4 load as the typical duty cycle of this engine is to operate 
for 90% of the time under these conditions. 
3.5.1 Baseline Tests 
Before the main dual fuel investigation was carried out, a number of tests were 
performed in diesel only mode representing the baseline case to which dual-fuelling 
results could be compared. In order to ensure steady and normal conditions, the 
engine was first run for 15 minutes without load until conditions were reached where 
"a steady speed of 1800rpm was maintained 
" inlet coolant temperature reached 75 °C 
" exhaust gas temperature reached 275 °C 
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Once these steady state conditions were obtained, testing took place at each of the 
three speeds and five loads for each speed. After allowing a short time to stabilise, 
readings were then taken. High speed data for cylinder pressure, fuel line pressure 
and needle lift were recorded over 100 successive engine cycles, from which an 
average was later taken to eliminate cyclic irregularity. Low temperature data was 
logged manually, and exhaust emissions measured by the Horiba were taken from the 
average of real time measurements made over 4 minutes. The degree of variation 
over this time period was also noted so that estimation of errors could be made. 
Smoke readings were taken three times over the four-minute period to ensure that 
they were consistent. 
The baseline tests were repeated at the end of each section of the experimental 
program to confirm that the engine performance had not been degraded by the use of 
the primary fuel, and to ensure that data was reliable and repeatable. 
3.5.2 Primary Fuelling Investigation 
A main goal of this study was to establish the limits of methane, propane and butane 
fuelling for this engine, so the experimental program began with initial tests to 
establish minimum and maximum gaseous fuelling levels. 
Before any gas was introduced, the engine was first run for 15 minutes with diesel 
until normal, steady operating conditions were achieved. The engine was then 
brought to the required operating point on diesel only, and measurements were made 
at that condition to be compared to the original baseline data, thus ensuring 
consistency. The pilot diesel fuel was reduced with the dynamometer set in position 
mode, while the primary fuel flow rate was simultaneously increased until the desired 
substitution levels were achieved. Thus the engine was held at a selected speed and 
load while readings were taken. It is important to note that injection timing was not 
deliberately altered throughout these tests, although the reduced pilot flow rates 
tended to change start of injection slightly. 
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Primary fuel substitution levels (by % energy replacement of diesel) 
Speed 
(rpm) 
Load 10 25 50 60 70 Max 
1500 0 M M M M M M 
1500 1/4 M, P &B M, P &B M, P&B M, P&B M, P&B M, P &B 
1500 'h M, P&B M, P&B M, P&B M, P&B M, P&B M, P&B 
1500 3/4 M, P&B M, P&B M, P&B M, P&B M, P&B M, P&B 
1500 Full m M M M M M 
1800 0 M M M M M M 
1800 '/o M M M M M M 
1800 'h M M M M M M 
1800 3/4 M M M M M M 
1800 Full m M M M M M 
2100 0 M M M M M M 
2100 '/4 M M M M M M 
2100 'h M M M M M M 
2100 3/4 M M M M M M 
2100 Full m M M M M M 
Table 3.2 - Summary of test matrix, operating conditions and fuelling strategies (M=methane, 
P=propane and B=butane) 
For the initial investigation, the minimum primary flow rate was quickly established 
to be the minimum flow rate that could be achieved with the gas fuelling system and 
could be accurately measured, and this was found to be 0.001 kg/sec. Proportions of 
primary and pilot were then varied until the maximum replacement of diesel by 
methane was established. The criterion for establishing this maximum level was the 
onset of severe knock. Although pressure traces could be used to find this onset, a 
more subjective audible technique proved to be useful. The minimum substitution 
level was found when loss of combustion though misfires occurred, or the inability to 
sustain a steady torque output. Following the completion of this test program, 
experiments were repeated at 1500 rpm for propane and butane and '/4, '/z, and 3/4 load. 
A full list of data points and experiments are summarised in table 3.2. 
3.6 ANALYSIS OF RESULTS 
3.6.1 Definition of Air Fuel Ratio 
In order to estimate the fuelling levels required for each test point, the relative 
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contribution of methane gas to the total fuel consumption was calculated on an energy 
basis using the lower heating values (LHV) for both diesel (approximated as n- 
dodecane) and methane. For the diesel, a LHV of 44 316 kJ/kg was used, and for 
methane the LHV was 50 016 id/kg (Appendix A). The methane energy proportion 
of the total fuel energy was calculated by equation 3.1, and the same method was used 
for propane and butane. 
%CH4 = 
mCH4QLCH4 100 
mCH4i'LCH4 +mdQld 1 
(3.1) 
where mCH4 and and are the masses of methane and diesel respectively, and QLcH4 and 
Qj are their lower heating values. 
The `total' or `overall' equivalence ratio, 1tot, is defined as the ratio of actual air and 
fuel to the stoichiometric air fuel ratio where the contribution of diesel and methane 
are calculated from their mass flow rates at each test point. The calculation is 










where mav, mcH4, and ma are the actual masses of air, methane and diesel respectively. 
AcH4/FcH4 and Ad/Fd are the stoichiometric air fuel ratios for methane and diesel. This 
equation is based on the method used by Liu and Karim (1997). 
3.6.2 Data Processing 
Due to the quantity and resolution of the high speed data that was obtained from the 
engine, all data files were processed separately so as to avoid slowing down the data 
acquisition software and hence degrading the quality of the results. The data 
processing method was implemented in Fortran 77, and the raw data files produced by 
LabView were examined. The code first checked each engine cycle to ensure a 
consistent number of samples were taken. The results for pressures were then 
converted from volts to bar, and then the cylinder pressure data was smoothed using a 
variation of least squares technique incorporating central differencing (described in 
chapter five). 
After the data had been smoothed, averaged and referenced to absolute pressure, a 
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number of measurants were extracted for analysis. These were start and end of 
injection; injection duration; and position and magnitude of peak cylinder pressure. 
The coefficient of variance of position and magnitude of pressure were evaluated on a 
cycle by cycle basis to quantify cyclic variability 
3.6.3 Heat Release Rate Analysis 
After the data was averaged and smoothed, classical heat release analysis was carried 
out so that engine performance and emissions trends could be understood. The 
formulation and derivation of this technique is described in chapter 4, and analysed in 
chapter 5. 
3.7 SELECTION OF INJECTION EQUIPMENT 
In chapter two it was identified that dual fuel combustion performance is improved by 
replacing the standard diesel injectors with ones offering a reduced flow (although 
diesel performance is impaired). In order to justify this decision, characteristics of 
two sets of injectors (called standard and low flow) were compared using previous 
experimental data, Abdul-Karim (2004) and spray penetration correlations. A 
comparison of the two types of injectors is made in table 3.3. 
From this previous experimental work, it was identified that reducing the size of the 
nozzle holes produced a reduction in spray penetration length, but an increase in spray 
cone angle. The injection rates of the low flow injector were observed to be higher 
than the standard injector at low loads, but lower at high loads, and the improved fuel 
atomisation with the low flow injectors resulted in higher fuel evaporation rate. 
Consequently, NOx emissions were increased while smoke emissions were reduced. 
This would suggest that injectors having the lowest flow rate were likely provide the 
best performance in the dual fuel experimental program, where pilot flow rates would 
be much lower than the corresponding diesel flow rates. 
In order to assess the likely effect on injector performance, data obtained from the 
experimental work of Abdul-Karim (2004) was applied to three widely used injection 
penetration formulae. 
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Injector (Lucas-Delphi) Standard Low Flow 
Nozzle Identification Number 





Nozzle Opening Pressure (bar) 235 +/- 5 240 +/- 5 
Number of Orifices 5 5 
Orifice Diameter (mm) 0.194 0.171 
Spray Angle (`) 140 145 
Flow Rate (cc/nun) 950 700 
I able 3.3 - Companson of low flow injectors with standard engine injectors 
3.7.1 Dent Formula 
The widely cited formula proposed by Dent (1971) is based on gas jet mixing theory. 
It assumes there is a potential core length, and further assumes a simple velocity 
profile. The key parameters are pressure differential across the injector nozzle, the 
combustion chamber gas density and temperature, the density of the diesel fuel, the 
orifice diameter and time. Dent's model assumes that the spray tip penetration grows 
with the square root of time (in common with other widely cited models such as 
Schihl et al. (1996)). Dent's model gives penetration length, S, as, 
1/2 11 1/2 1/4 




where AP is the pressure differential at the orifice (Pascals) 
pa is the gas density (kg/m3 ) 
D is orifice diameter (m) 
t is time (second) 
Tg is gas temperature (K) 
3.7.2 Hiroyasu Formula 
The formula developed by Arai et al. (1984) is the most widely cited in literature and 
is based on considerations of the break up length of the spray. The key parameters in 
the calculations are the pressure differential across the nozzle, combustion chamber 
gas density, the orifice diameter and time. The model further considers spray break 
up length which is itself dependent on the density of the diesel fuel, pressure 
differential and orifice diameter. In common with Dent, the model also assumes 
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spray tip penetration grows with the square root of time, but only after spray break up. 
Hiroyasu's formula is expressed as: 
S(t) = 0.39t where O<t<tb 
Pi 
1/4 
S(t) = 2.95 Dt where Ptb (3.4) 
P. 
tb = 28.65 
P'D 
Pam 
where pl is the diesel density (kg/m3) and tb is the break-up time in seconds. 
3.7.3 Chui Formula 
The formula of Chui (also known as the Cummins model) is based on the geometric 
shape of a free jet in quiescent air, and has been used to compare results from KIVA 
II where a good correlation with test data was reported. The effects of swirl and solid 
body rotation on penetration are suggested, and the key parameters in this formula are 
density, orifice diameter and pressure differential. The Chui formula is expressed as: 
450cD1/2 cP f /cPa )04 cpa 
o. s 
cS(t) =( [AcPr. 25 [t]0.6 (3.5) (I+ cpa / CP )°. ss cPab 
where: cS is penetration length (inches) 
cD is orifice diameter (inches) 
cpf is fuel density (lbs/cubic inch) 
cpd is the datum fuel density (lbs/cubic inch) 
cpatm is atmospheric density (lbs/cubic inch) 
dcP is the pressure differential at the orifice (lbs/square inch) 
3.7.4 Comparison of Injectors 
The results obtained under typical engine operating conditions from the three 
correlations using the standard injectors are presented in figure 3.3. Hiroyasu's 
prediction of ignition delay is shown by the yellow line, and the distance to the wall 
of the combustion chamber is also indicated. It can be seen that Dent and Hiroyasu 
give similar predictions up to 0.1 ms and thereafter Dent's prediction of spray tip 
penetration is higher. Dent's formula predicts that the spray would impinge at 0.9ms 
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attributed to differences in the numerical parameter in the formulae (2.73 for dent and 
3.14 for Hiroyasu) as the structure of the formulae are the same. Chui's model 
predicts lower spray tip penetration throughout the injection process and that wall 
impingement does not occur until 1.7ms, through different indices used in the 
formula. These penetrations correspond to 8.2 crank angle degrees (Dent), 10.0 crank 
angle degrees (Hiroyasu) and 15.5 crank angle degrees (Choi) at 1500 rpm. The time 
until spray penetration is critical in dual fuel engines, where the admittance of a 
primary fuel can significantly extend ignition delay. 
The results obtained from applying the same correlations at the same operating 
conditions to the low flow injectors are presented in figure 3.4. The effect of the low 
flow injectors (Abdul-Karim (2004)) is that the penetration length is reduced, and 
wall impingement occurs at 1 ms/9.1 crank angle degrees (Dent), 1.3ms/11.8 crank 
angle degrees (Hiroyasu) or 2.8ms/25.45 crank angle degrees (Chuff). There is no way 
available within this data to assess which model predicts actual spray penetration 
more accurately, but the effect of using the low flow injectors is clear: penetration 
length is reduced primarily through the smaller diameter orifices. Therefore the 
















Figure 3.3 - Comparison of spray penetration length for standard injectors 
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Figure 3.4 - Comparison of spray penetration length for low flow injectors 
3.8 CONCLUDING SUMMARY 
The experimental procedure and instrumentation used have been described in this 
chapter. The primary fuel was admitted using a central point technique chosen on the 
basis of its low cost and simplicity. The standard injectors were replaced with low 
flow injectors to improve engine performance in dual fuel mode. This decision was 
based upon previous research, and confirmed by spray penetration formulae. Beyond 
this, no modifications to the engine were made. 
The maximum resolution that could be obtained in sampling the high speed data was 
0.5 degrees crank angle. This data was sampled over 100 successive cycles, while 
low speed data was repeatedly sampled over a4 minute interval to improve accuracy. 
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4.1 INTRODUCTION 
Heat release analysis of in-cylinder pressure data is possibly the most widely used 
combustion diagnostic tool. Although lacking any spatial resolution, it reveals 
information regarding the rate processes and combustion characteristics occurring 
inside the engine. In itself, heat release rate is strongly related to emissions 
characteristics, Brunft and Platts (1999). Catania et al. (2003) reported that given the 
continued research interest and opportunities for enhancement, heat release rate 
analysis remains a powerful investigative tool. Furthermore, application of this 
technique to dual fuel engines has been limited. 
In order to optimise engine performance, an understanding of the processes occurring 
inside the combustion chamber is essential. Emissions data (a major improvement 
objective) provides some information about these processes, but knowledge of the 
time development of thermodynamic variables is also required. As a diagnostic 
method, heat release rate analysis gives an understanding of the engine, which would 
otherwise require advanced instrumentation and complex installations (for example 
optical access). Heat release analysis uses the experimental cylinder pressure trace as 
an input and after smoothing, averaging, and referencing to absolute pressure and 
crank angle, it is solved for heat release rate and mass fraction burned via the first law 
of thermodynamics and ideal gas equations of state. 
Heat release analysis is used here to investigate the dual fuel combustion process. 
The model proposed here can be categorised as zero dimensional (or thermodynamic), 
as properties are assumed to vary in time and not space, and flow characteristics are 
neglected. The present contribution consists of three control volumes or zones, as this 
is conceptually closer to dual fuel combustion where fuel is injected into an unburned 
zone, (comprised of air and a gaseous fuel) and eventually a burned zone is formed. 
The input data required are; 
9 Engine geometry 
" Cylinder pressure vs. crank angle/time history 
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" Expressions for internal energy, enthalpy and gas constants for the charge, 
burned products and fuel/s. 
" Correlations for gas side heat transfer with an estimation of combustion 
chamber surface temperatures. 
" Initial conditions of temperature, pressure, equivalence ratio and residual mass 
fraction. 
" Mass flow rates of charge air and fuel/s 
This chapter begins with a critical analysis of different heat release rate models for 
diesel engine combustion, and where they exist, dual fuel heat release rate models are 
also described. Opportunities for enhancement through the mass burned calculations 
and division of the system into three zones were found. In section 4.3, a three-zone 
model is derived, and in 4.4 the implementation is explained. As the implementation 
is computationally efficient, the model could be suitable for on-line engine control. 
4.2 THERMODYNAMIC MODELS 
4.2.1 Single Zone Models 
Single zone models represent the simplest approach to heat release analysis as they 
assume a uniform charge temperature and composition. Terms are included for work, 
chemical energy change and heat transfer to the walls, but not for spatial variation 
Examples of such models are presented by Watson and Janota (1982), Heywood 
(1988), Egnell (1998) (which incorporated an NO model), Bruntt and Platts (1999) 
and Ferguson and Kirkpatrick (2001). 
The pressure inside the combustion chamber changes with volume, heat transfer, 
crevice flows and leakage. The effect of change in volume can be accounted for 
through knowledge of engine geometry, so combustion rate can be obtained from 
accurate pressure data. The single zone is assumed to coincide with the combustion 
chamber, (shown in figure 4.1), and the simplifying assumptions made are: 
" The contents of the control volume are homogenous 
" All species behave as ideal gases 
" Pressure and temperature are uniform throughout the combustion chamber 
" There is no leakage of cylinder gases 
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Single zone models are based on the application of the first law of thermodynamics to 
the entire cylinder contents. In differential form, this is expressed as, 
dQ-dW=dU 4.1 
The work (W) done on the piston is calculated though dW=PdV, where P is pressure 
and V is volume. dU is the internal energy of the charge, and is a function of 
temperature alone, dU=m dT where nk refers to the mass of the control volume. 
The ideal gas law provides the relation d(PV)=mRdT; from which temperature (T) 
can be eliminated through the relation 
C"- 1 4.2 
R y-1 
where y is the ratio of specific heats and R is the gas constant. dQ is the net heat 
release, which is the difference between the chemical energy released by combustion, 
and the heat transfer from the system through the combustion chamber walls 
dQ = dQcomb - dQw 4.3 
Equation 4.1 is thus more fully expressed as equation 4.4 (the heat release due to 
combustion that would result in the experimental pressure trace). 
dQýomb = Ii +1 PdV +1 VdP + dQv 4.4 y-1 y-1 
Lapuerta et al. (1999), used the single zone technique, but expanded the term for mass 
to include the various different species inside the cylinder so that the effect of EGR 
could be better evaluated. In order to avoid complex approaches to mass burned 
fraction, their method calculated thermodynamic properties of the gas inside the diesel 
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engine combustion chamber that depended only on measured engine data, namely; 
stoichiometric fuel/air ratio (FARs), mass flow rates of blow-by (mbb), EGR, fuel 
injected (mf), air (me) and the residual gas fraction. These parameters were measured 
at inlet valve closure and exhaust valve opening; then evaluated at intermediate points 
through the heat release fraction. Fuel enthalpy was also included in this model (hfi). 
By including these terms, equation 4.4 becomes: 
u FARs +u 
mdu + ub -fa 
(dmb 
+ Ybdmbb) = 
FAs +l4.5 
-PdV - dQw + (h -uf )dm fý -RT dmbb 
where u is the specific internal energy of the fuel (f), burned products (b) and Y is the 
mass fraction. mf, is the injected fuel that has vaporised. 
The single zone method has formed the basis for two dual fuel heat release rate 
analysis models. The first was proposed by Khan (1969), which used the same 





dt J(y_ 1) dO d8 dt 
where 0 is crank angle and t is time. Gross heat release rate was calculated by 
incorporating Annand (1963) formulation, and the effects of residuals, leakage or 
blow by were neglected. Although only one temperature was assumed to apply 
throughout the control volume, the specific heats of the charge were calculated by 
curve fit data from JANAF tables (1971). Combustion was assumed to begin after a 
significant deviation from the motored pressure trace, and a simple reaction scheme 
based on four species was used assuming complete combustion and a step change 
from reactants to products. The proportion of heat released due to the gaseous fuel 
and the diesel was determined from their relative mass proportions at the start of the 
calculation, through the term defined as J. The key results obtained using this model 
were that initial rates of heat release were grossly underestimated, (although the shape 
of the heat release curve was accurate), and inclusion of the dissociation model 
(applied to reactions CO2 and H2) had negligible effect. 
A single zone model was also proposed by Pirouzpanah and Amiraslani (1990), and 
also based on equation 4.4, but included a term to account for the enthalpy of the fuel 
94 
CHAPTER FOUR: HEAT RELEASE RATE MODEL 
flowing into the system. Rather than assuming that heat was released proportionally 
from the relative fractions of gaseous fuel and diesel, a modified version of the 
Whitehouse and Way (1971) combustion pattern was imposed to determine the mass 
of diesel fuel and the mass of gaseous fuel that was burned in each time step. This 
approach gave an improved estimation of initial rate of heat release compared with 
Khan's method, and showed that by increasing the proportion of gaseous fuel, the 
maximum rate of heat release increased. The premixed phased of combustion was 
also faster leading to higher peak cylinder pressures and temperatures. 
4.2.2 Two Zone Models 
Two zone models (figure 4.2) divide the combustion chamber into burned and 
unburned gas zones so that the temperature and mass of each zone can be evaluated 
simultaneously as well as the heat release rate, Merker et al. (1993). Kamimoto and 
Minagawa (2000), employed this approach, and defined the burned zone as containing 
fuel and unburned air at T,,; and combustion products at Tb ; whilst zone 1 contained 
only unburned air (which is similar to Ferguson and Kirkpatrick (2001) method). The 
mixtures in each zone were assumed to be in thermodynamic equilibrium, with a 
uniform pressure across the combustion chamber. The first law in differential form 
for each zone was given by: 
dU, =dH, -dQ,,, - dW and dU2 =-dQw2 - dW 4.7 
where dH is the enthalpy change in zone 1 due to the injection of fuel, dQw 1 and 2 are 
the heat losses from each zone to the combustion chamber wall. The burned zone was 
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described as being made up of unburned air (a) and burned air (ab), combustion 
products (bg) and diesel fuel in two phases; vapour (f, ) and burned gas (fb), which were 
derived from conservation of mass principles as equations 4.8. 
mf=mfr+mfb 
mbg=mfb+mab 4.8 
Ma =mom +mau +mau2 
Mal = mab + mau 
The assumption that combustion takes place at a stoichiometric fuel air ratio was then 
applied, and so the net heat release rate was given as, 
dQco b=mf, c f, dTZ + mbecvbgdTb + 
(ma 
- mob)cvadTZ + 4.9 (UbgT 
- UbgTu 
»mbg 
+ Pd V+ dQloss 
As before, the solution requires cylinder pressure and cylinder volume, but 
additionally expressions for internal energy and specific heat at constant volume (c) 
are required to find the temperatures and masses of the two zones. The Annand 
(1963) correlation was used to calculate heat transfer 
Kishnan et al. (2002) used a similar two zone approach for dual fuel, but employed 
Khan's assumption that chemical heat release occurs in the same proportion to the 
two fuels throughout the combustion process. Unlike Kamimoto and Minagawa's 
model, heat transfer (Qht) effects were modelled using the method of Woschni (1967). 
By the same derivation, this leads to an expression for the temperature change of the 
burned zone (4.9) and the mass change of the burned zone (4.10) as, 
- dT 
Yu -1 T 




dQht, b + 
Yb J[PdV_muRdT]+dP(Vu +V 
Yb Yb -1 dmb = 
M 
[xd 
and [Jd + (i-xd "g IHVg 
Yu Yb 
+ 
mf f RT-m uuY. 
-1 Yb -1 1+ F /q$ 
s 
4.11 
The subscripts u, b, ng, f, and d refer to unburned, burned, natural gas, vaporised 
diesel and liquid diesel respectively. (D is the equivalence ratio and s denotes a 
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stoichiometric mixture. The amount of heat released from the combustion of the pilot 
and the combustion of the gaseous fuel was assumed to be in the same proportions of 
the mole fraction (x) between the two fuels, and complete combustion was assumed. 
The results of this model are in agreement with that of Pirouzpanah and Amiraslani 
(1990) for methane substitution levels of up to 50%: the magnitude of the premixed 
peak at first increase with increasing methane levels. Beyond the 50% point, the 
results become contradictory, as Pirouzpanah and Amiraslani (1990) found that initial 
peaks continued to increase whereas Kishnan et al. (2002) found then to decrease. 
This was caused by the different assumptions made regarding the mass burning rate. 
In Pirouzpanah's model, a heat release pattern based on diesel fuel injection was 
assumed and consistently applied irrespective of the relative proportions of the two 
fuels. Kishnan et al. (2002) made no assumptions regarding a combustion pattern, but 
accounted for this implicitly by assuming that both fuels made the same contribution 
to heat release throughout the combustion process. 
If the proposition of Karim (2003) is accepted, then the combustion process should 
consist of different phases due to the combustion of changing proportions of each 
fuel. The only model to account for this (Pirouzpanah) yielded different results to the 
models that assumed an equivalent fuel. 
4.2.3 Three Zone Model 
A three zone model is conceptually closer to the reality of diesel and dual-fuel engine 
operation where fuel is injected into unburned charge air, (or air and gaseous fuel), 
and when combustion begins a third zone of combustion products is formed, thus 
allowing for a better heterogeneous description of the fuel addition. This is the basis 
of the three zone model, (shown diagrammatically in figure 4.3). The three zone 
approach was chosen to be extended for dual fuel due to its similarity with actual 
operating conditions, and because it allows the fuel injection process to be described 
using actual operating conditions. 
The three zone model for diesel engines was reported first by Sastry and Chandra 
(1994), and then used by Timoney et al. (2000). The model presented here is an 
extension of both methods. It is worth noting that the modifications allow the model 
to be used for both the diesel and dual fuel cases. 
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The model assumptions are, 
" The combustion chamber consists of an unburned zone, a diesel fuel zone 
(once fuel injection has started), and a burned zone (when combustion begins). 
These zones are denoted by the subscripts f, u and b respectively. 
" The fuel zone refers only to the diesel (or pilot) fuel. Upon injection, the 
diesel fuel is assumed to instantly vaporise and obey the ideal gas law. 
" The unburned zone is assumed to consist of air, exhaust gas residuals and a 
gaseous fuel (if present), in their experimentally determined mass proportions. 
9 The burned zone appears upon the onset of combustion. Start of combustion 
(SOC) is first found implicitly from the solution method, and confirmed using 
an `experimental' net heat release rate, (described in section 4.5). 
" Combustion is assumed to occur due to the entrainment of unburned gases in 
stoichiometric proportions to the fuels, (this assumption is investigated in 
chapter five). 
" The mixture in each zone is instantaneously homogenous, so that each zone 
has uniform temperature and composition. 
" Pressure is uniform across the whole of the combustion chamber. 
" Thermodynamic properties are assumed to vary in time, but not space; hence 
the description of the model being zero dimensional. Individual species of the 
burnt, unburned and vaporised fuel can be modelled as ideal gases. 
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" The system is assumed open during fuel injection, but is closed for the 
remaining time between inlet valve closure and exhaust valve opening. 
4.3 PROPOSED MODEL 
4.3.1 Governing Equations for Masses in Each Zone 
The total mass (m0) in the combustion chamber is the trapped air and residual exhaust 
gases (collectively ma) and in the dual fuel case, a gaseous fuel (mg). The charge air 
and gaseous fuel proportions can be estimated from measured mass flow rates, but as 
the gas exchange process is not simulated the residual gas fraction is assigned an 
arbitrary value, (Sastry and Chandra (1994)). Residual gases were assumed to have 
the composition as described by Heywood (1988). 
After SOI, the mass of the cylinder contents also includes the mass of the injected fuel 
(mf). The conservation of mass in the cylinder at any instant can be expressed as 
m=mu+mb+mf 4.12 
where m= mo +m fi and Mo = ma + mg 
The total mass of fuel injected is a known input to the model (section 4.5.1). In the 
diesel case, the difference between the mass of fuel injected at any instant and the 
current mass in the fuel zone (mf) gives the rate at which fuel is consumed. Thus; the 
mass of fuel that is burned (mm) is 
mjb =M fi -m f 4.13 
The diesel model makes the assumption that unburned gases are drawn into the 
burned zone such that the oxygen content bears a stoichiometric relation to the mass 
of fuel burned. The total mass of the burned zone is therefore given by 
mb =(m-mf) 1+ 4.14 Yo, 
ý 
Where ý is the stoichiometric air-fuel ratio (AFRs) by mass, and YO2 is the mass 
fraction of oxygen in the unburned zone. (The use of oxygen mass fraction was an 
error in the original derivation of Sastry and Chandra (1994)). Equation 4.14 is 
insufficient for describing the dual fuel case where there is the added complexity that 
the mass of the burned zone will also be a function of the mass of gaseous fuel that 
has been burned during each time step. In order to express the mass of the burned 
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zone as a function of the mass of the fuel zone, (which is required for closure), an 
assumption must be made regarding how the fuel bums. 
The majority of researchers agree that dual fuel combustion consists of the three 
phases proposed by Karim (2000). The initial stage is due to the combustion of 
approximately half of the pilot and the small amount of gaseous fuel entrained within 
it. Stage II is due to diffusive combustion of the rest of the pilot and the rapid burning 
of gaseous fuel in the immediate surroundings. Finally stage III is due to flame 
propagation through the remainder of the charge. The thermodynamic combustion 
models of Liu and Karim (1997), Abd-Alla et al. (2000) and Mansour et al. (2001) fit 
Weibe functions according to this assumption. Hountalas and Papagiannakis (2000) 
and Papagiannakis et al. (2005) also employ Karim's assumption, but use the 
Whitehouse and Way two part function. This key assumption was deduced on the 
basis of Khan's (1969) heat release rate analysis where the combustion of the two 
fuels occurred in the same proportion throughout, so this would seem to be a 
reasonable starting point for this analysis. 
It is assumed that combustion occurs at a stoichiometric air fuel ratio (AFRs) that is 
common to all of the heat release models (for both diesel and dual fuel) described in 
this chapter. The AFRs has two hydrocarbon fuel components with molecular 
formulas of CXdHXd and CXgHg; and the mass ratio of the two fuels is known. Using 
the method described in chapter three (which is similar to Liu and Karim (1997)), the 
overall dual fuel stoichiometric air fuel ratio (AFRs, tot), is 
A_ (a(xd + yd /4)+ J3(xg+ yg/4))MWj 4.15 
F s, 1ot a 
(xd vmv + ydMWH) + ß(xgMWc + YgMWW ) 
where a= and and '3 = 
mg 4.16 
and + mg and +M9 
The diesel AFRs is replaced by dual fuel AFRs, and in this way the condition that 
additional mass is entrained to the burned zone to account for the gaseous fuel is 
imposed. However, this approach does not allow for the relative burning proportions 
of gaseous and diesel fuel to be investigated. The mass of fuel burned is solved as 
part of the final equation set and therefore known. If the overall AFRs is maintained, 
then the mass of air entrained into the burned zone is given by 
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mb = (m fi - m1 1+ AFRS Ot) + 
(m 
fi -mf 
(1 + AFRS tot) 4.17 a 
Thus, the mass conservation equation is given by 
m=m+mf+(m -mfX1+AFRs, tot) +(m -mf 
(1+AFRstt) 4.18 
a 
43.2 Governing Equations for Zone Volumes 
At any instant, the volume of the combustion chamber contents is given by the sum of 
the volumes of each zone 
V =v + 
V_,. + Yb 4.19 
If the pressure is uniform throughout the combustion chamber and ideal gas behaviour 
is assumed, then for each zone 
pV, = mRuTu 4.20a 
pVf =m fR fTf 4.20b 
pVb = mbRbTb 4.20c 
The gas constant for each zone is calculated through knowledge of the composition of 
mole fractions of the species in that zone. It is considered constant for the fuel and 
unburned zones, but varies for the burned zone. This is because the variation of the 
gas constant with temperature is only significant when temperatures are high enough 
for dissociation to occur and this does not apply to the unburned and fuel zones. So 
equation 4.18 can be written as 
pVu + pV f+ pVa = p(VV + Vf + Vb) = pV = mURUTU +m fR fT f+ mbRbTb 
4.21 





+ AFRs, tot) +(mfi -mfý, 
6)(, 




4.3.3 Governing Energy Equations 
The Unburned Zone 
The First Law of Thermodynamics applied as a rate equation to the unburned zone 
can be written as 
dQu +dmuhu = dU + pdVu 4.23 
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The relationship between internal energy and enthalpy is 
Uu =muhe - pVv 4.24 
A change in internal energy can expressed by differentiating equation 4.23 to yield 
dUu =dmuhu +mudhu -dpV - pdV 4.25 
Enthalpy of an ideal gas is a function of temperature; (dhu =CpydTu) so equation 4.25 
can be written as 
dU = dmuhu +CpudTý -dpV - pdV 4.26 
where cp is the specific heat at constant pressure. By substituting 4.26 into equation 
4.23, the instantaneous rate of heat addition to the unburned zone is found. Writing 
this explicitly for change in crank angle (0) yields 
dQu T dP 
dO =mucp" dO -VU dB 
4.27 
The expression for volume can be replaced by equation 4.20a, and rearranging gives a 
first order differential expression for the rate of change of the temperature of the 
unburned gas, which is solved as part of the final system of equations. 
dTu 
_ 
dp RuTU dQu 
+ 4.28 dO dO pcpu mcpu 
The Fuel Zone 
The First Law of Thermodynamics for the fuel zone can be written as 
dQf +dmfi(h f+ Y2 IT) = 
(dm 
fi -dm f 
)h 
f+ pdVf +dUf 4.29 
The second expression on the left hand side accounts for the energy added due to the 
injection of fuel which is in the form of enthalpy and kinetic energy. The first term on 
the right hand side describes the change in total enthalpy of the zone due to the net 
change in mass. This equation can be simplified to 
dQf+dmfi 12V,.. )=dmfhf+pdTVf+dUf 4.30 
As for the unburned zone, internal energy is given by 
Uf=mfhf-mfRfTf 4.31 
Differentiating 4.30, and then substituting the expression for dUf into 4.30 yields 
dQf+dmf 12ký. )=dmfhf+mfcpfTf-dpVf-pdVf 4.32 
As before, enthalpy is a function of temperature only (dh f=c fdTf) so equation 4.32 
expressed per degree crank angle gives the rate of heat addition to the fuel zone as 
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dQf+dmf 
iZ, \_mfcdTf-Vfdp 4.33 dO dO 
J 
dO dO 
Substituting 4.20b, the ideal gas equation for the fuel zone, into 4.33 and rearranging, 
gives an expression for the rate of change of the fuel zone temperature, which is 
solved as part of the final system of equations. 
dTf dp R .Tf+1 dm f (/V2 )+ dQ_ 4.34 d9 d8 pcpf m fcpf d6 
2 jný d9 
The Burned Zone 
The burned zone appears at the start of combustion. By following the same procedure 




dTb mbRbTb dp 
dO - mbc pb dO p dO 
4.35 
The Overall Energy Balance 










Integrating the last term from the reference instant (8o) to any crank angle position 
gives 
feod0dO=Ue-Uo=(muuu+mfuf+mbub)-UO 4.37 
Where Uo is the internal energy of the cylinder contents at the reference instant and is 
chosen in this case to correspond with SOI. Uo is given by 
U0 = mouo 4.38 







pdV and QT is the cumulative amount of heat transferred during the 
same interval. Substituting equation 4.16 for the mass of the burned zone, gives the 
final equation to be solved. 
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Qr +m fi(h f +'zV= j) =W +muuu +mfuf 
+{(mfi -mfX1+AFRS tot)+(m f; -m f 
(1+AFRSOt) 
ub -U0 a 
4.40 
Thus the solution of the model is obtained through two differential equations (4.28 






dO dO pcp mucp 
4.28 
dT f_ dp R fT f+1 dm f r/V2 )+ dQf 4.34 d6 dO pcPf m fcP. dO 
`z inj de 
m= m +mf+ (m -mf 
X1 
+ AFRs, toj + 
(m 
-mfä 
(1 + AFRs tot 
4.18 
pV=m. RT, +mfRfTf 
mý -mf 
X1 
+ AFRs, tot) +(m -mfä 
(1 + AFRs, tot) 
RbTb 
4.22 
QT +mfi(hf +/V, ý. 
)=W 
+muu +m fu f 
+ m,,; -mfX1+AFRS tat +(m fi -m fä 
(1+AFRs,, 
o, 
) ub -Uo 
4.40 
4.3.4 Additional Variables 
Before the preceding equation set can be solved, expressions are required for 
thermodynamic gas properties, heat transfer, engine geometry, fuel injection profiles 
and rates of change in cylinder pressure. 
Thermodynamic Gas Properties When dealing with a single fuel, 
calculation of thermodynamic properties is straight forward, but when two fuels exist 
additional considerations must be applied. For the unburned mixtures, calculation of 
specific internal energies of the individual zones is a function of their bulk 
temperature only, and is expressed in the form of a polynomial. For the burned gas 
mixtures, Sastry's method considered five species in the analysis; fuel oxygen, 
nitrogen, carbon dioxide and water; whilst Timmoney's method neglected water. 
These methods were thought to be insufficient to evaluate properties for dual fuel and 
104 
CHAPTER FOUR: HEAT RELEASE RATE MODEL 
so the method described by Olikara and Borman (1975) was implemented, allowing 
12 species to be considered; C02, H2O, CO, H2,02, N2, Ar, NO, OH00, H and N. 
The fuel composition, equivalence ratio and burned zone pressure and temperature are 
specified as inputs. The composition of the burned zone is then calculated and used to 
find the thermodynamic properties of that zone. 
The specific internal energies of the unburned and burned zones are given by 
uu =±Yiuui(TU) and Ub =ýYibui(Tb) 
i=1 i=1 
4.41 
where Y; is the mass fraction of the ith chemical species. Because the fuel zone is 
assumed to consist only of vapour and is treated as an ideal gas, the internal energy is 
expressed by; 
uf =u; (Tf) 4.42 
Thermodynamic properties of the gases involved in these processes were described 
with polynomial functions of temperature using curve fits of experimental data that 
are referenced to a zero enthalpy datum at 298.15K Hence the internal energy of the 
burned zone can also be expressed as; 
Ub =abl +ab2Tb +ab3Tb 
2345 +ab4Tb +ab5Tb +ab6Tb 4.43 








+ AFRstot)+(m fi -mfäý, 
6)(, 
+ AFRs, tOI) 
{abl + ab2Tb + ab3Tb + ab4TT + ab5Tb + ab6Tb } 
4.44 
The enthalpy of the injected fuel consists of a positive contribution due to flow work 
and a negative contribution through heating and vaporisation, Lapuerta, et at. (1999). 
Thus the enthalpy of the injected fuel can be found by integration of the fuel between 
its injection temperature and boiling temperature. The injection temperature was 
assumed to be 30 K above the fuel pump temperature. 
hfi =cp, t, vq a (T fi - 7'vap) - heap + hfo +f obCPdT 
4.45 
Heat Transfer The rate of heat transfer to the cylinder walls from each 
zone is computed using the correlation proposed by Annand (1963), in common with 
the majority of dual fuel models. This was chosen as it incorporates a term for 
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radiation which is important in diesel engines, Henson (1998). For the unburned 




-Tw)+c(T4 -Tw) A, t 4.46 
For simplicity it is assumed that only the unburned zone is in contact with the 
combustion chamber walls, and so equation 4.46 has terms for convective and 
radiative heat loss. For the burned zone, equation 4.46 becomes 
=c 
r44 
- CýQb `Tb - Tw bu 4.47 
where the emitting surface of the burned zone is estimated from the calculated volume 
of the burned zone, and a, b and c are constants. The heat loss from the fuel zone is 
neglected, (dQf = 0) so the total rate of heat transfer from the cylinder contents is 
dQT = Q, + dQb 4.48 
The wall temperature is an input to the model and a temperature of 10K above the 
coolant outlet temperature was used, recommended by Stone (1999). The cumulative 
amount of heat loss, QT is then computed by numerical integration. 
Calculation of Rate of Change of Pressure The first, second and third 
derivative of pressure are found by numerical differentiation as described by Lanczos 
(1967). The maximum rate of pressure rise is also found. 
Engine Geometry. The volume of the cylinder is defined by Heywood 
(1988) as 
a 
V=VV+ý4 (l+a-s) where s=acos6+i12-a2sin2B) 
4.49 
The model requires the derivative of volume with respect to crank angle interval, 
which is given by 
dV , 7B z 
asin0+ 
a2sin0cosO 4.50 
dO 4 l2-a2sin28 
The combustion chamber surface area (Acomb) at any crank angle interval includes the 
surface area of the cylinder head (Acyi), the surface area of the piston crown (Ap'-) and 
the surface are of the combustion chamber walls, which is a function of crank angle. 
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Acomb=Ac,, +Apc+irB(l+a-s) 4.51 
Calculation of Work Once the cylinder volume is known work can be 
calculated by numerical integration of the pressure data with respect to volume. 
Numerical integration is performed via the trapezoidal rule, Stroud (1996). 
Calculation of Fuel Injection Rate Calculation of the injection of fuel was 
via simple fluid dynamics (Munson et al. (1998). From experimentally recorded fuel 
consumption data, a known total mass injected per cylinder was found. Needle lift 
data were used to calculate injection duration, and the proportion of the total mass of 
fuel injected in each calculation step were obtained from the fuel line pressure data. 
Details of the injector, as presented in chapter three were obtained by private 
communication from Mr Taylor (2003) of Lister-Petter Ltd. Using this data, with the 
recorded in-cylinder pressure, the injector pressure required to deliver the known 
mass of fuel in each recorded interval was found by 
mf =CDA 2AP/p 4.52 
Where CD is the discharge coefficient and was taken to be 0.7. A is the nozzle area, 
and OP is the different between cylinder pressure and injection pressure. Injection 
velocity is then calculated by a simplified form of Bernoulli's equation, Munson et al. 
(1998); 
Yep. =CD 2AP/p 4.53 
The total mass of fuel injected at any crank angle position is then obtained by 
numerical integration of the instantaneous mass flow rate using a trapezoidal rule 
algorithm. Finally, the start of injection is found from as the point at which need 
injector needle has lifted to 10% of its maximum value. This was confirmed by the 
fuel line pressure exceeding injector nozzle opening pressure. The end of injection is 
found in a similar fashion as recommended by Stone (1999). 
Compression Calculation Calculation of the change in temperature and 
internal energy of the unburned fuel and the injected diesel fuel are carried out until 
start of combustion. Geometric techniques find start of combustion (SOC) such as the 
deviation of the compression process from a straight line on a log-P-vs-log-V 
diagram. However, a large degree of error can be introduced depending on which part 
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of the compression line is assumed to be `straight'. An alternative approach, 
discussed by Stone (1999), finds the start of combustion by the minimum in the first 
derivative of pressure with respect to time, and then confirmed by the second 
derivative of pressure being zero and the third being positive. There are some 
drawbacks to this method as the cylinder pressure measurements are taken at discrete 
points. In addition, the lower part of the cylinder pressure trace is subject to a large 
degree of noise. Sastry and Chandra (1994) demonstrated that as the quality of the 
heat release data is dependent on the pressure trace having the minimum of noise, it 
must be smoothed. Smoothing still results in the discrete pressure measurements 
forming local minima, and maxima, hence false results for SOC can be obtained. 
A more accurate way of finding SOC is from the heat release rate itself. Stone (1999) 
describes how the heat release rate becomes negative during injection as heat is 
transferred from the gases in the cylinder to the fuel, thus the start of combustion is 
defined as the point where heat release becomes zero again. But, this is subject to the 
same problem with local maxima and minima as before. 
However, peak cylinder pressure is easy to pinpoint accurately. So SOC was found 
by working back from peak pressure to the point where heat transfer first dropped 
below zero. Gasiz et al. (2006) demonstrated that the error in locating SOC by this 
method was less than 1 degree crank angle compared with finding SOC by the 
traditional rate of heat release method. The extra care taken in calculating SOC 
allows for a more accurate measurement of ignition delay to be obtained, and 
represents a further improvement on Sastry and Timoney's methods where 
combustion was assumed to occur as soon as fuel was injected. 
4.4 SOLUTION OF THE GOVERNING EQUATIONS 
At any instant, there are twelve unknowns to be solved; 
" the three masses of the zones 
" the three volumes of the zones 
" the three temperatures of the zones 
9 the three specific internal energies of the zones 
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A numerical solution would be highly complex, particularly as the three governing 
equations for the zone temperatures are differential. However, the system can be 
reduced to two ordinary differential equations and three algebraic equations with five 
unknowns. The differential equations are 




dO dO pcP mcP 
dTf dp R fT f1 
Idmf(V. 
2. )+dQf' 
cmc de , de 
4.34 
dB de p P. f .iP. f 
where the unknowns are dT and dTf. These are solved by means of a 4`h Order 




k, = hf (x0, yo) = h(y')o 
k2 =hf(xo+12h, yo+lzk, ) 4.54 
k3 =hf (xo + lzh, yo +'2k2) 
k4 = hf (xo +h, yo +k3) 
Ayo = 61 
{k, +2k2+2k3+k4} 
Once dT and dTf are known the three algebraic equations are solved by means of a 
Newton-Raphson technique, Press et al. (1992). 





Tb) = muRT +m fR fTf 
{(m 
fi -mf 
»1 + AFRS'tor ) 
a 
(1+AFRS, j}Rb1, 
- pV =0 +(mg -mu 
ß 
4.22 









Where the determinant Jacobian is, 
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mu+l mu of of of f 
a(mu) ý(m1) a(Tb) 
mf+ý = mf _ 
aft 
Vf2 a2 
a(mu) a(m1) a(Tb) 
f2 4.55 
Tom, Tb `J 3 
af3 af3 
f3 
a(mu) ý(m1) a(Tb) 
All other quantities within these five equations are solved by the relevant equation 
presented in section 4.3. 
4.5 DESCRIPTION OF THE COMPUTER PROGRAM 
A three zone heat release model was implemented using FORTRAN 77 through 
Compaq's Visual Fortran application. The main inputs to the model are a record of 
the cylinder pressure against crank angle which gives the absolute pressure at any 
instant. Data for diesel fuel mass flow rate, needle lift, and fuel line pressure are also 
required to determine the mass flow rate and injection velocity of the fuel. Other 
inputs are the inlet temperatures and mass flow rates of the gaseous fuel and air, from 
which initial conditions at inlet valve closure and the mass fractions of gaseous fuel 
and oxygen can be calculated. The engine speed is also required to calculate the mean 
piston speed. A flow diagram is shown in figure 4.4 to show solution method. 
The program first calculates the mixture properties and heat transfer rates in the 
unburned zone from inlet valve closure to SOI using the initial conditions, pressure 
data and the ideal gas law. This gives values for internal energy, Uo, compression 
work, Wo and initial heat transfer during compression Qo at the reference instant of 
inlet valve closure. Just after the start of injection the fuel zone comes into existence. 
The burned zone appears at the start of combustion, and equations derived for the 
three zone model are solved. In the case where a small pilot quantity is injected, the 
pilot is thought to be completely consumed before combustion of the gaseous fuel is 
complete. A constraint is added here that if the mass of diesel becomes zero, the 
gaseous fuel will continue to burn in dual fuel mode. in this way, the turbulent flame 
propagation through the gaseous fuel zone can be implicitly included in the heat 
release analysis, if it is present. In order to implement this method, a record of the 
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burned zone composition is preserved and used to calculate the new thermodynamic 
properties. 
Engine Speed Cylinder Pressure 
Mass flow rates of fuel/s and air START 
Fuel Line Pressure and Needle Lift 
Flow temperatures and Crank Angle/Time 
pressures 
Calculate Volume, Area 
and Work 
Calculate Composition of unburned zone 




Fix initial conditions 
Calculate Tu and Tf via Runge Kutta 
Calculate mu, mf and Tb via Newton Raphson 




Calculate mass burning rate and rate of heat release 
I 
Calculate `Experimental' heat release rate 
I 
Find SOC, ignition delay, combustion duration 
L STOP 
Figure 4.4 - Flow chart for the computer program 
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The outputs from the model are net and cumulative heat release rates, temperatures of 
each zone and mass fraction burned of each zone per crank angle interval. Ignition 
delay, and start and end of combustion are also calculated. 
4.6 CONCLUDING SUMMARY 
A three zone model, originally proposed for CI combustion analysis, has been 
extended for dual fuel applications by including a definition of an equivalent fuel. In 
addition, the description of the rate of the mass entrainment to the burned zone has 
been corrected. The model uses experimental data for all the main inputs including 
the fuel injection profile, and includes an equilibrium combustion model so that more 
species can be considered in the burned zone. 
The three zone approach is more physically realistic than previous single and two 
zone methods, and does not rely on any imposed or assumed mass burning profiles. 
This should allow for a more accurate investigation, particularly into the questioned 
description of the phases of the dual fuel combustion process. Sources of error and 
limitations of the technique are explored in chapter five. 
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CHAPTER FIVE: ERROR ANALYSIS 
5.1 INTRODUCTION 
In any experimental programme, the most immediate sources of error are from the 
instrumentation used and recording data (discussed in chapter three). In chapter four, 
a three zone model for heat release rate analysis was derived. The focus of this 
chapter is therefore to make a critical analysis of the assumptions and errors that have 
a bearing on the accuracy of the analysis technique, and consequently the conclusions 
that may be drawn. The discussion will begin with the various types of errors that 
may occur, and the magnitude of their effects. 
The full load diesel case will be examined first as greater quantity of previously 
published data exists for validation, and the errors are magnified for the full load case. 
Each potential source of error will be examined (in the order of code execution of 
figure 4.4). These induced errors will typically affect multiple output parameters; 
however the variable showing the greatest error will be compared to the baseline case. 
The percentage error from each source is calculated by formula 5.1 where `x' refers to 
the parameter of interest, the subscript `e' refers to the data carrying the induced error 
and `BL' refers to the baseline case. Although the error assessment is not perfect, it 
does allow comparison with the one zone model that industry uses as a standard. 
error = 
xe - XBL * 100 5.1 
XBL 
In the final sections, results from both diesel and dual fuel cases are examined. In 
section 5.6, the three zone model will be compared against the output obtained for the 
same operating conditions using a comparable single zone model. Finally, in section 
5.7, an investigation relating to the assumed mass burning profile is made. 
5.2 INPUT VARIABLES 
5.2.1 Cylinder Pressure 
Pressure Referencing The input variable of greatest importance in heat 
release rate analysis is cylinder pressure. The heat release rate analysis calculates the 
amount of chemical energy that must be released to result in the measured pressure; 
therefore, incorrect cylinder pressures will therefore cause errors in all calculated 
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variables. The focus in this section is on the absolute values found by referencing the 











Figure 5.1 - Log P-Log-V diagram from a motored engine cycle 
According to Lancaster et al. (1975), incorrect reference pressure causes the 
compression line on a motored log-P-log-V diagram (figure 5.1) to curve near bottom 
dead centre (BDC), and so it was recommended that reference pressure be made at 
induction BDC. Other researchers (including Heywood (1988)) have used values up 
to ten degrees after IVC. By examining these different possibilities, it was identified 
that for this data, the most accurate method for referencing cylinder pressure was to 
correct atmospheric pressure by the measured manifold pressure depression at IVC. 
This technique results in negligible difference between the trapped mass predicted by 
the ideal gas equation of state with the trapped mass calculated from measured air 
mass flow rate. The drawbacks are that referencing is carried out at the lowest 
pressure point in the cycle where linearity errors will occur and where the trace is 
subject to noise. Brunt and Pond (1997) reported that polytropic index pressure 
referencing is a more accurate method for diesel engine analysis. However, this is 
unsuitable for dual fuel as the value of polytropic index is subject to variation when a 
gaseous fuel is compressed. 
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The absence of an accurate reference pressure causes difficulty in scaling the 
measured cylinder pressures, and the error caused by referencing pressure to the 
wrong absolute value is severe during the low pressure parts of the engine cycle. 
Pressure referencing at BDC results in an error of -10.68% at IVC, and referencing at 
10 degrees CA after IVC results in an error of -11.45% on the compression line at 
IVC. However, the magnitude of this error decreases and at peak cylinder pressures it 
is -0.20% and -0.22% respectively. 
These error values correspond to a reduction of 0.11 bar in cylinder pressure (for this 
data), which was then induced in the three zone model. The effect of a lower cylinder 
pressure is to reduce the calculated temperature of the unburned gases (by 7.7% at 
IVC). This results in a much lower value for reference internal energy at SOI and an 
error of -19.76%. This then forces the burned zone temperature high through the 
energy balance equation, resulting in a maximum error of 8.78% just after SOC. The 
effect on all other parameters is negligible, however this error is severe. Care must 
therefore be taken when data sets with different atmospheric pressure conditions are 
compared. 
Effect of Smoothing Data The pressure data is an analogue signal that has 
been digitised, and as it is subject to a degree of noise it will exhibit some degree of 
scatter. If this data is not smoothed, Khan (1969) observed that intangible results will 
be obtained before and after the combustion process (for example a negative mass 
burning rate). The method of data smoothing of Lanczos (1967) was applied to the 
cylinder pressure trace after the cycles had been averaged. A portion of the raw data 
from NC to 80 degrees BTDC (the part of the cycle that experiences the greatest 
level of noise), is shown in figure 5.2. The effect of smoothing is limited to low 
pressure data and had no discernable effect on the high pressure combustion process: 
peak pressures were neither delayed nor reduced. 
Figure 5.2 demonstrates that the raw pressure trace is subject to variations of up to 
0.02 volts: a need for some degree of data smoothing is demonstrated. It can also be 
seen that there is almost no difference between the trace obtained through smoothing 
the data ten times and twenty times (the error is at worst 0.55% for both cases). To 
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Figure 5.2 - Effect of smoothing data 
Cylinder Pressure Averaging The purpose of averaging the cylinder 
pressure data is, according to Plint and Martyr (1999), well established. There is a 
need to remove the inherent cyclic variability from the data set prior to further 
analysis, and as cylinder gases are not tracked directly between cycles the appropriate 
measurements are the average flows throughout a given data set. However, data from 
individual cycles can be useful to check for distortion in the cylinder pressure data. 
The standard deviation of position and magnitude of peak cylinder pressure was 
recorded in each data set, and was not noted to exceed +/- 1 bar or +/- 1 degrees CA 
for all cases except the highest gaseous fuel substitution levels, as would be expected. 
5.2.2 Numerical Differentiation 
In order to evaluate the first derivative of pressure (a key model input) and the mass 
burning rate (a key output), a fourth order central differencing differentiation scheme 
was adopted (Lanczos (1967)), where each value of the derivative is weighted against 
two immediate higher and two immediate lower neighbours. There is a tendency with 
central differencing method to return large differentials wherever there is a large 
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change in the parameter being evaluated. This is more important for mass burning 
rates where the value remains at zero until start of combustion, then shows a sudden 
rise as the burned zone temperature increases. 
A convenient way to assess the effect of the numerical differentiation scheme is to 
differentiate volume by this method and then compare it to the value that is calculated 
directly. The difference between these two methods was a maximum error of -0.03%, 
which is negligible compared with other sources of error. 
5.2.3 Conditions at Inlet Valve Closure (IVC) 
Erroneous mass flow rate measurements can arise from a number of sources such as 
the unsteady head across the viscous laminar air flow meter due to pulsating flow, and 
the measurement of diesel at the fuel meter as opposed to the engine. Errors in 
calculation of trapped mass can then be compounded by the residual gas mass having 
been assigned an arbitrary value, and because blow-by losses are neglected. 
Furthermore; inaccurate speed measurements cause the mass of the cylinder contents 
to increase or decrease. In order to minimise these problems, the calculated air-fuel 
ratio (AFR) was checked against the measured AFR, and the calculated trapped mass 
of air was checked against the measured air flow. The difference between the trapped 
masses was -0.53% and -0.68% for AFR. 
In order to better understand the effect of inaccurate mass calculations, an error of 2% 
in air and fuel flows were induced to the model. The combined effect was that the 
error in calculated temperatures was at worst 0.001% for unburned temperature, and 
no change was recorded in burned temperatures. It was found that an overestimation 
of charge is more detrimental as it reduces mass averaged temperatures, affecting 
thermodynamic properties. Nevertheless, compared to other error sources, these 
effects can be considered negligible. 
The trapped mass at IVC was calculated using the temperature of the gaseous fuel and 
charge air recorded in the inlet manifold, using ideal gas relationships. The close 
agreement between calculated and measured air and fuel flow rates show that this 
assumption is valid, although it is possible that the trapped air will be subjected to 
some degree of heating from the combustion chamber surface and the trapped residual 
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gases. The effect of increasing and then decreasing the temperature of the charge air 
by IOK was therefore investigated. A decrease in temperature has a slightly greater 
effect resulting in a 3.53% error in trapped mass compared with a -3.36% error when 
the temperature was increased. However, the resulting effect on the unburned zone 
temperature and mass burning rates were negligible. The maximum errors in burned 
zone temperatures were noted to be 3.15% and -3.94% respectively at SOC with the 
error decreasing and eventually converging to zero at the premixed peak. 
53 COMPRESSION PROCESS 
The three zone model calculation initiates at SOI, and this point was chosen to peg the 
reference condition for internal energy. This is a function of the unburned zone 




Figure 5.3 - Change of unburned zone temperature with polytropic index of compression 
5.3.1 Polytropic Index of Compression 
The polytropic index was used as a means of checking the data as it is calculated from 
the gradient of the log-P-log-V diagram during compression and should lie between 
the values of 1.24 and 1.35, Lancaster et al. (1975); and Brunt and Pond (1997). 
Lancaster et at (1975) demonstrated that if the compression line on a log-P-log-V 
diagram deviates from a straight line near TDC then the clearance volume has been 
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incorrectly assigned. However, this parameter was first measured, then checked via 
the motored log-P-log-V trace, and can be assumed as correct. The method of 
checking the reference pressure using the lower part of the compression line was also 
applied to every firing data set. Thus the polytropic index was calculated from the 
gradient of the compression line from IVC to SOI. 
The effect of changing the polytropic index is shown in figure 5.3. An increase will 
result in higher unburned zone temperatures, changing the reference conditions at 
SOI. A positive error has a greater effect as an increase of 0.4 causes a maximum 
error of 8.27% whilst a decrease of 0.4 causes an error of -6.34%. Given that the 
polytropic index vanes from cycle to cycle and the severity of this type of error, it 
was calculated for each data set using the compression line via a local linear least 
squares fit function, Press et al. (1992). The variation in polytropic index cannot be 
ignored between data sets as it will change according to the quantity of gaseous fuel 
inducted into the engine. 
5.3.2 Compression Ratio 
The compression ratio was first measured at 17.0: 1 (described in chapter three). This 
value was then checked and placed at 17.5: 1 using the motored log-P-log-V diagram, 
which is considered to be more accurate method. Due to limitations of the test 
facility, the motored pressure trace was obtained by cranking the engine, which may 
have caused some degree of inaccuracy. The effect of compression ratio is primarily 
on the trapped mass as all other geometric variables were measured. Reducing the 
compression ratio also reduces the unburned cylinder gas temperature at SOI. 
5.4 THREE ZONE MODEL CALCULATION 
The unknowns calculated by the three zone model are the masses of the unburned and 
fuel zones (which yield the mass of the burned zone), and the zone temperatures. Of 
these, the mass and temperature of the unburned zone have been found from measured 
engine conditions at IVC and are known at the end of the compression process. 
However, in order to initiate the three zone model the amount of fuel burned in the 
first crank angle interval and the temperature of the fuel and burned zones must be 
estimated. 
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5.4.1 Assumed Starting Values 
Fuel Zone Previous researchers (Abdul-Karim (2004), Heywood (1988), 
Stone (1999), Timoney et al. (2000), and Sastry and Chandra (1994)) have assigned 
temperatures between 300K and 500K for the fuel zone. Given that the fuel vaporises 
on injection they are reasonable. In order to assess the effect, the model was assigned 
initial fuel temperatures of 300,400 and 500 K. In spite of these differences, the 
values of the fuel zone temperature remained within 0.5 K of the assigned value 
throughout the calculation as heat transfer between the zones is neglected. The 
greatest effect of varying fuel zone temperature was observed in cumulative heat 
release rate, and the maximum error induced by increasing or decreasing the 
temperature of the fuel zone by 100 K was +/- 0.001%. Therefore, the mid range 
value of 400K was used. The fuel zone temperature is entirely artificial and has 
virtually no effect on any other calculated parameter. This is expected as the zone is 
effectively adiabatic. 
The initial mass of the fuel zone (mf) is also required, and is subject to two constraints 
for the first calculation step. The first is that the current mass of the fuel zone cannot 
be zero and the second is that it cannot be the same as mass of fuel injected to date. 
The former case causes elements in the Jacobean for the Newton-Raphson method to 
tend towards infinity, and the latter causes them to tend towards zero and the 
calculation will fail. 
Given the constraints, three initial values for were compared where mf was taken as 
10%, 50% and 90% of the mass of fuel injected in the first crank angle interval after 
SOI. However, mf is only used to initiate the calculation which then returns a new 
value, so varying the initial estimation has no effect on other parameters. This is 
because in the Newton-Raphson solution, the mass of fuel has the smallest value; the 
influences of the larger m and much larger value of Tb are greater. As long as the 
initial mass of the fuel zone lies within the extreme values mentioned, then the 
solution will be insensitive. 
Burned Zone The three zone model is also insensitive to the initial values of 
the temperature of the burned gas zone. Three values were used to initiate the 
Newton-Raphson calculation; 1500 K, 2500 K and 4000 K. In all three cases, the 
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program returned the same burned zone temperature (1240 K), the only difference 
being the number of iterations that were required to achieve it. An initial temperature 
of 1500 K required two iterations, but 2500 K and 4000 K required only one. 
Therefore the mid-point value of 2500 K was selected. 
5.4.2 Initiation of Model 
There are two possibilities for choosing the reference conditions and hence the 
initiation point of the three zone model: SOI and SOC. SOC is a calculated output 
parameter from the model, and initiation of the three zone method from this point 
would require it to be known as a priori. Thus SOI, (the method used by previous 
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Location of SOI Due to the nature of the fuel injection equipment, SOI 
varies depending on the operating conditions. As SOI is used as the reference point in 
the calculations, it is necessary to `peg' it with some degree of accuracy. This can be 
done by using experimental data for fuel line pressure or needle lift, as shown in 
figure 5.4. A third method, where the fired cylinder pressure dips below the motored 
pressure trace, is hard to identify in data obtained using the low flow injectors, and 
appears to occur 1 crank angle degree after that indicated by the needle lift and fuel 
line pressure data. 
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The nozzle opening pressures were measured at 235 bar (corresponding to a signal of 
2.3 volts lying between 11 and 10.5 degrees CA BTDC in figure 5.4). This is 
confirmed by the needle lift data where start of combustion is indicated by a drop in 
the needle lift signal of 10%. The data obtained from the fuel line pressure transducer 
was used as it is the more accurate: the pressure transducer was calibrated prior to 
testing, and the nozzle opening pressures were measured. 
The error in SOI is primarily noted in the measurements of ignition delay, which is 
one of the output variables from the model. The data in figure 5.4 shows that SOI 
actually occurs half way between the two recorded data points. The location of SOI 
must therefore be considered as subject to error of up to +/- 0.49 degrees CA. 
Location of SOC An objective of heat release rate analysis is to locate 
SOC, which can be identified where the cylinder pressure rises sharply above the 
motored pressure trace due to combustion of the fuel. This is a difficult point to 
identify due to the discrete nature of the data, so a generous tolerance must be placed 
on the rate of cylinder pressure rise, which would tend to delay the location of SOC. 
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Figure 5.5 - Diagram of net heat release rate showing start of combustion 
A second method is derived by examining the net rate of heat release. According to 
Stone (1999), SOC can be defined as the point where the heat release rate becomes 
0 
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zero, which is at 2 degrees CA BTDC in figure 5.5. The line to the left of SOC is not 
a straight line, but rather a descending curve that drops to a minimum value due to the 
energy lost to the cylinder walls from increasing charge temperature during 
compression. The trace then increase again due to combustion. Alternatively, Stone 
(1999) also suggested differentiating the pressure record with respect to crank angle 
and SOC can then be defined as the minimum that occurs in the first derivative after 
SOI. This can be confirmed by checking that the second derivative of pressure is zero 
at that point. This method pegs SOC at 1.5 degrees CA BTDC. 
A reliable and consistent method of pegging SOC is required, and so the method of 
Gazis et al. (2005) was used. The most straightforward parameter that can be 
extracted from cylinder pressure data is the pressure peak. Once this has been found, 
then the first zero point in first derivative of pressure is found by working backwards 
from peak pressure. This method locates SOC at 2.0 degrees CA BTDC, and yields a 
consistent location point for all data sets, irrespective of the level of noise or effect of 
smoothing. The SOC was only used to calculate ignition delay, and the result is that 
this will tend to be longer than the real case. However, as it has been consistently 
applied, ignition delays can be compared between each data set, but should not be 
assumed to represent an absolute value. 
5.4.3 Heat Transfer 
Rates of heat transfer from the working fluid are governed by convective laws with 
radiative heat transfer superimposed. As the radiative effects can be important in 
diesel engines, the Annand (1963) correlation was used (chapter four). This 
correlation uses three constants, `a, b and c'. A review of literature revealed that `a' 
has been consistently assigned a value of 0.26, but the values of `b' and `c' have taken 
2 a range of values where `b'=0.75 +1-0.15 and `c'=(5.27+/-2.21)* 10-1. 
The variation in cumulative heat loss is shown in figure 5.6 for the range of values of 
V, and the error is significant. An absolute increase of 0.15 on `b' causes a 
maximum error of 382.6%, while a decrease of 0.15 causes a maximum error of - 
155.21 %. Heat loss appears as a term in the energy balance equation, and therefore 
affects all calculated parameters. Of these, the greatest effect is shown in the burned 
temperature profiles (with maximum errors of 85.40% and -20.43% respectively). 
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The decision as to which value to use is almost arbitrary, but in this case, use of `b' 
values below 0.85 delayed the SOC and initial mass burning rates by up to 0.5 
degrees CA, and masked the `dip' in the net heat release rate that is used to find SOC. 
Values above 0.85 caused the burned zone temperature to remain almost constant at 
an elevated value. Thus a value of 0.85 was chosen. 
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Figure 5.6 - Variation in heat loss with a range of values of `b' 
By comparison, the error involved with varying `c' was small. Increasing or 
decreasing `c' to the top and bottom of the reported range resulted in a uniform error 
of +/- 0.40% in the burned zone temperature and +/- 0.46% in the mass of the burned 
zone. Given the comparatively small effect of `c', a mid point value of 5.27* 10-12 
was chosen. 
Cylinder wall temperature is also required for the calculation of heat transfer. The 
cooling water temperature was held constant during the experimental program, and an 
assumption that the cylinder walls would be maintained at 10 K above the outlet 
temperature was applied to account for the temperature gradient between the 
combustion chamber wall, and the coolant channel. Heat transfer has a larger effect 
on the unburned zone (as for much of cycle the mass of the unburned zone is larger 
than the burned zone). However, as T is one of the properties used to calculate Tb, 
errors tend to be more obvious in the later. So the burned temperature results were 
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compared where the wall temperature was increased then decreased by 20 K. It was 
found that the error peaked at +/- 0.90% just before TDC, and then decreased until the 
end of combustion. 
Cylinder wall temperature is known to vary from point to point inside the combustion 
chamber and from cycle to cycle. In an attempt to improve accuracy, a higher 
temperature (10 K above wall temperature) was applied to the piston crown (as this is 
not cooled). The maximum error in cumulative heat release rate compared with the 
case where all of the combustion chamber surface temperatures (cylinder liner, head 
and piston) were at the same temperature resulted in a maximum error of -0.069%. It 
can be concluded that there is no benefit in assigning different wall temperatures to 
different parts of the combustion chamber surface area, and that the model results are 
insensitive to variations in assumed wall temperature. The value of 10 K above 
coolant water temperature lies within the range of values used by other workers: 
Abdul-Karim (2004) used 350 K and Heywood (1988) used 400 K. 
5.5 EVALUATION OF MODEL OUTPUTS 
The most useful outputs from the three zone model are the zone temperatures and 
masses. The unburned zone temperature and mass are primarily a function of the 
measured operating conditions at IVC and the compression process. The burned zone 
mass and temperature are calculated on the basis of every other variable that has been 
described in the preceding sections, and exhibit a complex dependence on measured 
data. 
Gas temperature cannot be measured directly without advanced instrumentation 
techniques. Even then it is subject to a large error as cylinder temperatures have 
spatial variations and the combustion process is fast, unsteady and heterogeneous 
(Shepherd et al. (1990) reported CARS (coherent anti-stokes Raman scattering) 
temperature measurements are accurate to +/- 50 K). Therefore; one of the most 
powerful uses of heat release rate analysis is to connect mean gas temperature to 
measured cylinder pressure. The concept of mean gas temperatures is in itself 
unrealistic as there are large temperature gradients across the flame front, and 
temperatures will vary in the boundary layer, unburned charge, liquid fuel and burned 
products, Borman and Ragland (1998), although the model allows for improvement 
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here. Fortunately, the concept of mean gas temperature is more reasonable in a dual 
fuel combustion process where the pilot experiences an extended ignition delay that 
leads the fuel to vaporise more completely and also because the combustion processes 
are shared by the gaseous fuel. The concept of mean temperature is also valid before 
and after combustion where there are no large temperature gradients caused by the 
flame front (except at the cylinder wall). Issues with correct calculation of zone 
temperatures are particularly important in this model they represent three of the 
unknowns to be solved, and because all of the thermodynamic properties are functions 
of those temperatures. 
The temperature of the unburned zone at SOI is a function of compression ratio and 
polytropic index, so differences in compression temperature can cause variation in the 
calculation of initial internal energy (U0), which can cause the calculation to fail. This 
is because equation 4.44 represents an energy balance on the cylinder contents, where 
work is obtained from engine geometry and cylinder pressure data and the effect of 
heat transfer is small. An incorrect value of U. forces the parameters to be solved 
(m., mf and particularly Tb) to unrealistic values, illustrated by table 5.1. 
Initial Temperature (K) Temperature at SOI (K) Uo (J) Tb at SOC(K) 
275.14 571.92 117.56 2448.83 
285.14 (Ti,, ) 592.71 130.08 2297.83 
295.14 613.49 142.66 1983.24 
305.14 634.28 155.29 1205.52 
315.14 655.07 168.00 Fail 
Table 5.1 - Effect of changing temperature at start of compression 
As the initial temperature is increased, the temperature at the end of compression and 
hence U. also increase. The energy balance equation forces the burned zone 
temperature to drop until the calculation fails when Tb drops to a negative number. 
Although these temperature variations have been artificially induced, they illustrate 
what happens to reference values as a consequence of errors in the main variables. 
These effects on unburned zone temperature profiles are shown in figure 5.7: 
decreasing the initial temperature increases the unburned mass and vice versa What 
is more striking is the step change from the initial unburned mass, to the unburned 
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mass calculated by the model. This effect is plausible, as blow-by has been neglected, 



















Unfortunately, such a convenient explanation does not exist for the burned zone 
masses shown in figure 5.8. When the three zone calculation initiates at SOI, the 
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Figure 5.7 - Unburned zone mass profiles 
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Figure 5.8 - Burned zone mass profiles 
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solution method seeks non-zero values for the three parameters in the energy balance 
equation; m,,, mf and Tb (and consequently mb). As a result, even though combustion 
has not started, the burned zone comes into existence and the effect is worsened at 
lower temperatures, to compensate for the step change in m,,. To avoid both of these 
step changes it is necessary to employ an iterative procedure to find the exact value of 
U0. However, as the energy balance equation involves five unknown variables, it is 
extremely difficult to find the required value of T1 to yield the required value of U0. 
This will force the calculation to fail as mf would be the same as the mass of fuel 
injected to date (section 5.4.1). More seriously, and data sets would be analysed using 













Figure 5.9 - Burned zone temperature profiles 
The effect on burned zone temperature profiles are shown in figure 5.9. When the 
three zone model initiates, the energy equation causes the burned zone temperature to 
a step change. However, a burned zone should not exist yet, and the temperature of 
the burned zone should remain at zero. Instead, the solution method yields decreasing 
values for Tb until start of combustion. The temperatures then increase at an initially 
fast rate that coincides with the premixed burning phase, then at a slower rate which 
coincides with diffusion burning. These different values converge during the 
diffusion combustion phase. 
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Figure 5.10 - Mass burning rate profiles 
This can be compared with the mass burning rate data of figure 5.10. The effect of 
this initial high temperature and step change is to cause a spike in the initial mass 
burning rate trace, which decreases with increased temperature. Unless an exact value 
of Uo can be found, the energy balance equation will cause all of these effects to be 
visible. This cannot be overcome by initialising the three zone calculation at SOC: 
the spike in the temperature profile then appears on the initial mass burning rates. 
Similarly, an exact value for the mass of blow-by lost would also correct the problem, 
if an exact value can be found. 
The most important conclusions that can be drawn from this section are that any data 
obtained before SOC should not be analysed and that mass burning rates are too high 
and offset by a consistently same error (which could be corrected when comparing 
data sets). The trends revealed through the burned zone temperature profiles are 
valid, but absolute values just after SOC are less reliable. 
5.6 COMPARISSON WITH A SINGLE ZONE MODEL 
The single zone model proposed by Khan (1969) was compared for both the diesel 
and dual fuel cases. This single zone model was chosen as it does not rely on an 
?0 
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assumed mass burning rate, and it is based on the assumption that both fuels make 
equal contribution to heat release rate. Both single and three zone models allow for 
calculation of the net and cumulative heat release rate, but the former allows better 
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Figure 5.11 - Comparison of net heat release rate for diesel at three quarters load 
Similar trends are evident for both the three zone and single zone model outputs, 
shown in figure 5.11. SOC is pegged in the same place for both traces, but the single 
zone model shows slightly earlier and higher initial rates of heat release: a slightly 
higher premixed peak is delayed by 0.5 degrees crank angle with the three zone 
method. The differences are more striking during the diffusion and late burning 
periods. The three zone model shows much extended combustion durations (by 7 
crank angle degrees), and higher rates of heat release during diffusion burning. Thus 
in the analysis of the results, the premixed peak and diffusion burning rates will be 
slightly delayed in the present contribution compared with those predicted by other 
workers, and rates of diffusion heat release may tend to be higher. 
The difference in the initial rates of heat release predicted by the single zone model 
are due to the assumption of a fixed ratio of specific heats (gamma), which takes a 
value of 1.35 during compression and 1.3 during combustion. The reliance on 
constant values of specific heats is unrealistic, and according to Heywood (1988), is 
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known to be a problem. This is illustrated in figure 5.12 where the results for diesel at 
'/4 load are shown. In this data set, SOC occurs at 4.5 crank angle degrees BTDC, and 
the switch from 1.35 to 1.3 at TDC has distorted the initial heat release rates. Other 
values could be applied, but where the value of gamma is high, the heat release rates 
will be too low and vice versa. Although this has been refined in some (more 
modem) single zone models, Khan's model calculated the net heat release rates on 
this basis, with a switch between these two values at TDC. This is significant as the 
arguments relating to the different stages during dual fuel combustion (described in 








Crank Angle (degrees) 
Figure 5.12 - Comparison of net heat release rate for diesel at quarter load 
During the experimentation schedule, the gaseous fuel was increased from a minimum 
value (around 10% by energy substitution) to the maximum possible substitution 
level. For the purpose of this discussion, these two extreme dual fuel cases are 
examined at 1500 rpm, and '/4 and 3/4 load (the two most consistently stable operating 
points). A comparison of net heat release rates for the maximum and minimum 
methane substitution levels at 3/4 load and 1500 rpm are shown in figure 5.13. Once 
again, the rates of heat release are lower and combustion durations are shorter for the 
single zone model, which tends to predict slower initial mass burning rates, again a 
function of gamma. The most striking differences occur during the diffusion burning 
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period, and are particularly noticeable at the highest methane fuelling level, although 
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Figure 5.14 - Minimum and maximum methane fuelling at 1500 rpm and '/4 load 
These effects are repeated at the lower load condition shown in figure 5.14. The 
single zone trace shows initial slow rates of heat release until TDC, then a sudden 
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increase. The three zone model shows a steady increase in heat release without the 
`step' change that coincides with the change in value of gamma 
According to the accepted description of the three phases of dual fuel combustion, this 
initial phase is due to the combustion of approximately half of the pilot and any 
entrained gaseous fuel (described in 2.2.4 and 4.3.1). This phase should narrow as 
less pilot fuel is used, but the results in figure 5.14 actually show a more delayed 
combustion event that is not subject to the effects of the step change in gamma. The 
second phase of the accepted description is assumed to be due to combustion of the 
remaining pilot fuel, and as cylinder temperature increases, stage I and II should 
become indistinct. However, none of the data revealed by the three zone model in 
figures 5.13 and 5.14 support this argument. The blurring of stages I and II is 
primarily a function of start of combustion relative to the change in gamma values. It 
is also worth noting that the optical investigations of Acker (1986) and Micklow and 
Gong (2002) did not support the argument that the pilot burns in two stages nor that 
the gaseous fuel bums separately either. 
This problem only affects initial rates of heat release, so another explanation must be 
sought for the differences during the remainder of the combustion process. Figures 
5.13 and 5.14 show negative heat release rates at the end of combustion, and 
Gatowski et at. (1989) suggested that this is due to inaccurate pressure data at the end 
of the stroke due to the thermal expansion of the pressure transducer, or deficiencies 
in the thermodynamic combustion model. Although the three zone model employed 
the equilibrium combustion model of Olikara and Borman (1975) (an improvement 
over the single zone method), heat transfer between the zones was neglected. This 
results in the predictions of Tb being too high, causing the model to over predict the 
heat transfer during the late burning period. 
There is also an issue in the calculation of the mass of the burned zone. The model 
predicts the energy release required to give the measured change in cylinder pressure, 
through the First Law of Thermodynamics. The single zone model assumes that 
energy is associated only with combustion, but the three zone model also accounts for 
the enthalpy due to fuel injection. The effect is that early mass burned rates are more 
realistic with the three zone model. However, in the three zone model, the 
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thermodynamic property descriptions of the fuel (diesel was modelled as C1o. 5H18 7) 
may also lead to a different mb value throughout combustion. Even so, this approach 
is consistent with other research. 
5.7 INVESTIGATION OF MASS BURNING RATE 
The majority of researchers have accepted that this dual fuel combustion pattern 
comprises of the three phases defined by Karim (2000). Stage I is due to the 
combustion of approximately half of the pilot and the small amount of gaseous fuel 
entrained by it. Stage II is due to diffusive combustion of the rest of the pilot and the 
rapid burning of gaseous fuel in the immediate surroundings. The final stage is due to 
flame propagation through the rest of the charge. The relative size of the three zones 
depends on the concentration of the gaseous fuel and the size of the pilot. This 
assumed combustion pattern was based on the work of Khan (1969), where the two 
fuels were assumed to burn in the same proportions throughout the combustion 
process, and so an equivalent fuel comprised of both the pilot and gaseous fuel was 
defined (chapter four). 
The equivalent fuel method has been used in experimental work, but not in numerical 
modelling where Weibe functions or modified Whitehouse and Way (1971) method 
are used to describe the combustion process instead. The question therefore arises as 
to whether the three phase combustion pattern is valid, or an artefact induced through 
the switch in gamma values described in section 5.6, and/or the equivalent fuel 
method? 
5.7.1 Equivalent Fuel Method 
The equivalent fuel method assumes that the primary and pilot fuels burn in the fixed 
proportions throughout the combustion process prescribed by the mass flow rates of 
the fuels. This is the starting point of this investigation, and the baseline to which the 
other alternatives are compared. In chapter four, the AFR was derived as 
A_ (a(xd+yd/4)+ß(xg+yg/4)MWj (5.2) 
F s, tw a 
(xdMWc + ydMWH) + ß(xgA4Wc + YgMWW 
) 
which led to the mass burned equation 
mb =(mfi-mfX1+AFRs, tat)+(mfi-mf 
ß (1+AFRSWt) (5.3) 
a 
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The main drawback to this method is that neither fuel burns at its own stoichiometric 
AFR: an overall stoichiometric AFR is defined where the gaseous fuel and the pilot 
make a contribution based on their masses. This tends to result in the diesel pilot 
burning in fuel lean conditions which is a violation of previous diesel combustion 
analysis methods (diesel combustion is typically assumed to take place at its own 
stoichiometric AFR). 
The purpose of this section is to investigate the assumption of equivalent fuel, and to 
establish how this affects the heat release rate analysis. Two test cases are presented 
here at 1500 rpm for methane at 3 load, as this condition showed the greatest 
variation in mass burning rate patterns when the concentration of gaseous fuel was 
increased. The two cases correspond to the minimum and maximum methane 
substitution levels where the contribution of methane to total energy release was 
10.5% and 82.0% respectively. 
5.7.2 Comparison of Different Proportions of Fuel 
The problem with the definition of an equivalent fuel is that the primary and pilot 
fuels are assumed to burn in the same fixed proportions throughout combustion at an 
overall stoichiometric ratio to air. However, the resulting analysis of Karim (2000) is 
contradictory and suggests that the fuels bum in different ratios in three separate 
stages. In order to investigate how this assumption affects the results, a baseline case 
using the equivalent fuel method was compared against an assumption that the 
combustion process involved either diesel alone, or methane alone. The minimum 
methane substitution level is shown in figure 5.15a, and the maximum case in 5.15b. 
Figure 5.15 shows that for the 82% substitution case, the assumption that energy 
release is due only to the combustion of the diesel fuel results in a very slightly higher 
rate of mass burning, but makes little change for the 10% case where the diesel fuel 
makes a much higher contribution to heat release anyway. Diesel fuel has a higher 
energy content than methane, so it is also unsurprising that this assumption causes an 
over prediction in the 82% case. The assumption that only the gaseous fuel bums 
yields an under prediction of mass burning rate at both fuelling levels, but the 
difference is more pronounced for the 10% methane case where the contribution from 
the gaseous fuel should be lower. For the 82% gas case, the diesel only assumption 
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yields a maximum error of 2.15%, while the methane assumption maximum error is - 
5.15%. For the 10% case, the maximum error from the diesel assumption was 0.11% 
and for the methane assumption is was -6.62%. These errors occur at the premixed 
peak and then decrease to zero. 
-1 
Figure 5.1 5(a) - 10% gaseous fuel substitution 
-1 
Figure 5.15(b) - 82% gaseous fuel substitution 
Comparison of different burned gas assumptions at 1500 rpm and 3/4 load 
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It can be argued that all three possibilities are wrong if the fuels bum in different 
proportions throughout the combustion process. However, the early stages involving 
mainly pilot combustion would be subject to the least amount of error, but slightly 
under predicted. The diffusion combustion phase is subject to the greatest degree of 
error when a high proportion of gaseous fuel is burned, and the equivalent fuel 
assumption will over predict mass burning rates. In both cases there is a slight under 
prediction in mass burned at SOC and all values converge again during the late 
burning phase. Combustion duration is not affected. 
5.7.3 Comparison of Different Equivalence Ratios 
A second problem with the equivalent fuel method is that while the fuel bums at an 
overall stoichiometric ratio, neither fuel bums at its own stoichiometric AFR To 
assess this effect, the assumption of an equivalent fuel was reinstated, and the 
equivalence ratio was varied for the calculation of burned gas properties. The results 
for 10% and 82% methane are presented in figure 5.16a and b respectively. 
Figure 5.16 shows that when leaner equivalence ratios are used, in other words as the 
fuel entrains more air into the burned zone, the mass burning rates are increased. For 
increasingly rich equivalence ratios, more fuel entrains less air, increasing mass 
burned rates. A rich equivalence ratio yields the least error and the values converge 
during late combustion. A small over-prediction is observed during diffusion 
combustion and the biggest error occurs at the premixed peak, which is increased but 
not delayed. 
The errors are more serious for lean equivalence ratios as initial mass burned rates are 
increased with leaner equivalence ratio, and the mass burning rates are significantly 
higher throughout combustion. The position of the premixed peak is not altered, only 
the magnitude, and the combustion duration is unchanged. For the 82% gas case the 
maximum error in mass burning rate for the c=0.6 was 53.6% and for 0=1.4 it was 
6.4%. For the 10% gas case, the maximum errors were 46.9% at an equivalence ratio 
of 0.6 and 6.1% at an equivalence ratio of 0.6. All occurred at the premixed peak. 
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Figure 5.16(b) - rich equivalence ratios 
Comparison of equivalence ratios for 10% gas substitution at 1500 rpm and 3/4 load 
It has been argued that in the dual fuel combustion process, the pilot fuel first acts as 
an ignition source and then burns the gaseous fuel air mixture entrained by the spray. 
Therefore the equivalence ratio should at first be stoichiometric or slightly rich and 
become increasingly rich until the premixed peak is reached. The results show that 
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the rate of mass burned during this phase are initially unaffected by the equivalence 
ratio but the premixed peak is slightly under-predicted. The error is more serious 
during the diffusion phase where the equivalence ratio is supposedly fuel lean. In this 
case, the mass burning rates are under predicted. This is revealed in more detail at the 














Figure 5.17(b) - rich equivalence ratios 
Comparison of equivalence ratios for 82% gaseous fuel substitution at 1500 rpm and 3/4 
load 
139 
-5.0 00 5.0 10.0 15 0 20.0 25.0 300 350 
Crank Angle (degrees) 
-5.0 0.0 5.0 10.0 15.0 20.0 
25.0 30.0 35.0 
Crank Angle (degrees) 
CHAPTER FIVE - ERROR ANALYSIS 
Rich equivalence ratios make little difference to the initial mass burning rates, but 
lean equivalence ratios have a larger effect. The difference between a stoichiometric 
and lean equivalence ratio is profound, and all of the lean equivalence ratios yield 
rates of diffusion burning that are higher than the stoichiometric premixed peak. In 
summary, the premixed phase of combustion, which is thought to be rich, will be little 
affected by the assumption of an equivalent fuel. The diffusion phase, which may be 
lean, could be under predicted. However, the three zone model returns higher rates of 
diffusion burning than single zone models, so the output, even if it is under-predicted, 
will still be more realistic than in previous analysis. 
5.7.4 Derivation of Different Equivalence Ratios 
The accepted mechanism of dual fuel combustion is that diesel fuel will act as the 
ignition source. Then during the premixed phase, the size of the diesel reaction zone 
will increase and bum the gaseous fuel entrained in overall slightly rich combustion. 
Finally, flame propagation will commence and the gaseous fuel will then burn, 
presumably at its own actual AFR. This would imply that that combustion proceeds 
at changing AFR at each stage, and so a model to describe the mass burning rate of 
the diesel fuel would be required to apply this process to the three zone model. 
However, it is a goal of this investigation that no assumed mass burning models are 
imposed on the heat release rate analysis technique. In order to investigate the effect 
of changing AFR, three different cases were tested using a simplified version of 
equation 5.2 (below) where a and 0 are calculated on a mass rather than moles basis. 
AAA 







The original definition of AFR (4.15) was used as the baseline case. For case two, it 
was assumed that diesel burned at stoichiometric AFR and methane burned at its 
actual AFR The mass of air used to calculate this methane ratio is the mass of air 
that would be left after diesel fuel is burned at a stoichiometric ratio; otherwise more 
air is required for the reaction than is actually inducted into the engine. A deficiency 
of this method is that gaseous fuel can burn in whatever proportion that it is inducted 
into the engine, no matter how fuel lean. 
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A third case was compared, based on the method of Mbarawa et al. (2001) where a 
and ß in equation 5.3 are incorrectly calculated on a molar basis. It does, however. 
give a third comparison of a more fuel rich condition. The 10% methane case shows 
small differences, so the conditions for the 82% case are presented in table 5.3, and 
the results in figure 5.18. 
AFRs, 
TOT 
Case 1- Original calculation (Chapter four) 16.65 
Case 2- Stoichiometric diesel, actual air-gas ratio 29.49 
Case 3- Fuel rich comparison 15.12 








The differences between the three methods are almost indistinguishable. The 
maximum error introduced by case three was -0.90% at start of combustion, and 
thereafter the error gradually reduced. The difference between case 1 and 2 was 
greater, and yields an error of 7.69% at SOC, which is unsurprising given the greater 
difference between AFR. It can be seen in figure 5.18 that the leaner AFR gives a 
slightly higher mass burning rate throughout combustion as more fuel must be burned 
during each crank angle interval to yield the observed pressure. What is surprising 
from this analysis is that the errors are not greater. The effect of changing the AFR is 
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felt in the equations describing the mass of the burned zone during the main part of 
the model calculation, whereas the changing equivalence ratio only affects the 
composition of the burned zone. 
5.8 CONCLUDING SUMMARY 
A comparison of the errors induced by the variables that have been discussed is 
presented in table 5.3. It can be seen that the three zone model is insensitive to the 
initial (artificial) values required to start the three zone calculation, but does require 
accurate values for reference conditions. Provided care is taken in acquiring accurate 
experimental data the three zone model will yield a physically realistic analysis of 
cylinder rates and thermodynamic processes. 
The errors analysed in this section can be categorised as errors that will be consistent 
and errors that may change between data sets. Of the consistent errors, incorrect 
values of coefficient `b' in heat transfer equation yield the largest changes in 
calculated variables. However, this is mitigated by the use of the same coefficients 
throughout the analysis, which allows the data sets to be compared directly. The other 
errors of this type that are mitigated by consistent analysis are coolant temperatures, 
temperatures at IVC (which are checked against measured flow data), SOI and SOC 
pegging. 
The second category of error applies to those parameters that will change between 
data sets. An example of this is the cylinder pressure data where an error of +/- 0.11 
bar in reference pressure leads to maximum error of +/- 19.76% in U0. All possible 
means to mitigate this error were taken through calibration of the pressure transducers 
to ensure consistent analysis of the data. However, inaccuracies in pegging the trace, 
which rely on measured atmospheric and manifold pressures, will be different from 
one test to another. Fortunately an error of approximately 10% in reference pressure 
leads to an error of 0.2% in maximum pressure, which occurs during the period of 
interest. 
The compression temperature poses a much larger source of error, as it was shown 
that increasing compression temperature is beneficial in stabilising the initial mass 
burning profiles. However, the burned zone temperature profiles are greatly affected 
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and do not converge to the same values until the end of combustion. In fact, the part 
of the analysis that is the most effected by an error sources was consistently found to 
be the burned zone temperature just after SOC. For these reason, the temperature 
profiles are used to analyse trends, but not these initial absolute values. 
Parameter Induced Error Main Effect Resulting Location of 
Maximum Error Error 
Cylinder Pressure +/- 0.11 bar Burned Zone 69.0% SOC 
Reference Temperature 
Data Smoothing 0.03 volts 
_ 
Pressure at IVC IVC 
Cylinder Pressure Peak Cylinder +/- 1 bar PPP 
Averaging Pressure 
Numerical Comparison of Cumulative work -0.03% Constant 




Trapped Mass Comparison of Air/Fuel Ratio -0.68% IVC 
calculation and 
measurement 
Air and Fuel Flow 2% error induced Unburned zone 0.001% SOI 
in both air and temperatures 
fuel 
Trapped mass +/- l OK Trapped mass and -3.36% and -3.94% SOC 
temperature unburned zone 
temperature 
Polytropic Index +/-0.4 Unburned zone /. 27% or -6.34% SOI 
temperature 
Compression Ratio Comparison of Trapped mass SOI 
measured and 
calculated values 
Initial fuel zone +/- I OOK Cumulative heat +/-0.001% End of 
temperature release rate combustion 
Initial fuel zone +/- 10% New fuel zone mass No effect 
mass 
Initial burned zone +/- 1500K Initial burned zone No effect except to 
temperature temperature increase calculation 
time 
Heat transfer +/-0.15 Cumulative heat 382.6% and - Premixed 
constant `b' loss 155.21% peak 
Heat transfer +/- 2.21 * 10-12 Mass of burned +/-0.46% Uniform 
constant `c' zone 
Cylinder wall +/- 20K Burned zone +/-0.9% TDC 
temperature temperatures 
Reference +/- l OK Reference internal 9.67% or-9.62% Sol 
Temperature energy 
Reference internal 9.67% or -9.62% Burned zone -13.69% or -2.13% 
SOC 
energy temperature 
Table 5.3 - Summary of error sources and ettects 
Comparison of the three zone model with the single zone model involved the 
application of the same assumptions and the same data sets. This revealed that the 
change in mass burning rates between stage I and II of dual fuel combustion at light 
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load was caused by the change in gamma values used for compression and 
combustion. This effect could not be induced in the three zone model. The accepted 
description of the phases of dual fuel combustion was based on the same single zone 
model and findings reproduced here. Therefore, it seems reasonable to conclude that 
the original analysis was incorrect. 
The final source of error to be examined was from the unsatisfactory description of 
the combustion process. It was found that different derivations of the overall AFR 
(and hence size of the burned zone) had little effect on the mass burning profile. A 
more serious effect is caused by changing the equivalence ratio and the composition 
of the fuel, which are used to calculate the thermodynamic properties of the burned 
zone. 
The assumption that more diesel is burned during the combustion process causes a 
smaller error, and this effect is pronounced at the premixed peak. This is the region 
where more diesel than primary is likely to be burned, so the deviation of the 
equivalent fuel method from actual engine conditions is likely to cause only a small 
error. The assumption that more of the gaseous fuel burns is likely to be more of a 
problem. This assumption causes a large under prediction of up to 6.62% at high 
primary fuelling levels, but again, this error was found at the premixed peak. 
Accepted descriptions of the combustion process suggest that during the diffusion 
burning phase, more gaseous fuel is burned than pilot. However, the errors decrease 
during this phase, so although this period is possibly under-predicted, the error is not 
severe. 
Changing the equivalence ratio has a large effect, especially for lean ratios. This will 
again tend to affect the diffusion burning phase where combustion is supposedly lean. 
There seems to be little benefit in changing the analysis from the accepted practice of 
using a stoichiometric equivalence ratio, and defining an equivalent fuel. However, it 
must be noted during analysis that this practice will tend to under-predict diffusion 
mass burning and heat release rates. 
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CHAPTER SIX: METHANE RESULTS 
6.1 INTRODUCTION 
The three zone model is applied here to the high speed data obtained when `dual 
fuelling' the test engine with methane. The key limitations of the model are that the 
initial burned zone temperatures immediately after SOC are subject to the largest 
degree of error and higher diffusion burning rates are predicted than by a single zone 
model using the same data. With this in mind, the effect of various fuelling levels on 
engine performance and emissions are examined in this chapter. 
6.2 COMBUSTION ANALYSIS 
The three zone heat release rate analysis model was used to examine mass burning 
rates and zone temperatures at three speeds of 1500,1800 and 2100 rpm and five load 
conditions at each speed: no load, '/4, 'h, 3 and full load. The mass burned results 
pertain to the combined mass of diesel and gaseous fuel, and the stoichiometric air 
mass they entrain. The mass burning rates cannot be analysed in isolation, as factors 
such as delayed SOC will be shown to be primarily a function of injection timing. 
Therefore; this section begins with a comparison of these parameters. 
6.2.1 Brake Specific Energy Consumption (BSEC) 
BSEC is the ratio of energy supplied to the engine as fuel to the power output. The 
data plotted at 1500 rpm in figure 6.1 are a good measure of how complete the 
combustion processes are, particularly of the gaseous fuel, Kishnan et al. (2002). This 
is unsurprising as the primary fuel was supplied on an energy replacement basis. 
Hence, an increase in load results in a larger pilot and increased methane 
concentration. Cylinder temperatures also increase and these factors have been 
reported to promote complete combustion, Poonia et al. (1998). 
Given that the engine speed was constant, the air flow rate remained approximately 
constant. The proportion of primary fuel that would be lost at each test point due to 
scavenging should increase by amount that is comparable to the higher methane 
concentrations. However, at 3/4 and full load BSEC remained constant (within 
experimental tolerances) in spite of the increased methane concentration. At lower 
loads BSEC increased at disproportionately higher rate than can be explained by the 
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increased methane levels. Figure 6.1 shows that as methane concentrations are 
increased, BSEC increases only while in cylinder conditions are such that incomplete 











Figure 6.1 shows two seemingly anomalous results for no load and '/4 load where data 
points (near 0=0.14 and (D = 0.19 respectively) depart from the trend. Inspection of 
table 6.1 shows that these points were subject to some degree of fluctuation in power 
and so they are omitted from this analysis. Due to the nature of the dynamometer 
control system, torque and speed could fluctuate by +/- 1 Nm and +/- 2 rpm 
respectively. The consequence of these fluctuations was to increase or decrease the 
pilot fuel flow (the primary fuel was held constant under a different control system). 
6.2.2 Combustion Phasing 
Combustion phasing data are presented in table 6.1. Combustion duration was 
established as the interval from SOC to 90% mass fraction burned. Where injection 
timing was constant, combustion duration initially increases with increased methane 
concentration, but subsequently decreases. It will be proposed that as the gaseous fuel 
equivalence ratio increases, the reaction zone surrounding pilot fuel also increases. 
When the pilot is large enough to provide a positive ignition source, combustion 
durations are longer. For smaller pilot quantities, when the diesel fuel is consumed 
combustion ends. Exceptions to this trend are observed only where injection is earlier 
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Figure 6.1 -Effect of increasing methane concentrations on BSEC at 1500 rpm 
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or later and SOC data correlates more closely with injection timing than methane 
concentrations. SOI has the primary influence. 
Methane Pmax Pmax Pmax Power SOI SOC Ignition Duration 
(1) (bar) Location Sdev (kW) (CA deg) (CA deg) Delay (ms) (CA deg) 
No Load 
0.00 45.40 4.00 0.48 2.7 -9.5 -3.0 0.361 27.5 
0.01 49.03 4.00 0.37 2.8 -11.5 -4.0 0.361 28.0 
0.05 44.48 4.00 0.47 2.7 -9.5 -2.5 0.389 28.0 
0.09 45.20 4.50 0.49 2.7 -7.5 -2.0 0.306 27.5 
0.13 45.61 5.00 0.64 2.6 -8.0 -2.5 0.361 28.5 
0.14 45.42 5.00 0.88 2.7 -9.5 -2.0 0.417 30.0 
0.15 44.11 5.00 0.66 2.4 -9.0 -1.5 0.417 28.0 
'/4 Load 
0.00 50.24 4.00 0.50 4.6 -11.5 -4.5 0.389 28.5 
0.02 49.98 4.00 0.47 4.6 -11.5 -4.5 0.389 28.5 
0.06 49.32 5.00 0.51 4.5 -11.0 -4.5 0.361 29.0 
0.12 46.99 4.50 0.64 4.6 -10.0 -3.0 0.389 28.5 
0.17 48.16 5.00 0.83 4.5 -10.5 -2.5 0.444 29.5 
0.20 45.99 5.00 0.90 4.5 -10.0 -2.0 0.444 29.0 
0.29 47.35 5.00 0.51 4.6 -11.5 -3.5 0.417 30.5 
1/2 Load 
0.00 49.74 7.00 0.40 9.5 -8.0 -1.5 0.361 30.5 
0.03 49.40 0.50 0.43 9.4 -8.0 -1.5 0.361 30.5 
0.09 48.27 6.00 0.47 9.6 -8.0 -1.5 0.361 29.0 
0.18 52.76 5.00 0.59 9.3 -11.5 -4.0 0.417 30.5 
0.27 47.14 6.00 0.75 9.4 -10.5 -3.0 0.417 31.5 
0.29 49.49 6.50 2.90 9.3 -10.5 -3.0 0.417 32.0 
0.31 50.52 6.50 1.15 9.2 -10.5 -3.0 0.417 31.0 
0.33 51.40 7.00 1.33 9.2 -10.5 -3.0 0.417 32.0 
3/4 Load 
0.00 49.01 8.50 0.37 14.1 -6.5 -0.5 0.333 31.0 
0.05 49.63 8.00 0.47 14.0 -6.5 -0.5 0.333 31.0 
0.13 51.10 8.00 0.52 14.1 -7.5 -1.0 0.361 32.0 
0.27 53.60 7.00 0.79 13.8 -9.5 -2.5 0.389 33.0 
0.41 51.37 8.50 1.24 14.2 -9.5 -2.5 0.389 33.5 
0.44 51.68 9.00 2.10 14.1 -8.5 -1.5 0.389 
33.0 
0.47 48.59 10.00 1.48 14.6 -8.0 -1.0 0.389 34.5 
0.70 50.32 11.50 1.24 15.9 -7.5 -1.5 0.333 
32.0 
Fu11 Load 
0.00 52.57 9.00 0.54 18.5 -7.0 -1.0 0.333 
34.0 
0.06 52.09 9.00 0.45 18.5 -6.5 -0.5 0.333 
32.5 
0.17 52.41 9.00 0.47 18.5 -6.5 -0.5 0.333 
33.5 
0.34 56.38 8.50 0.66 18.6 -8.0 -1.5 0.361 
33.0 
0.51 61.54 9.00 2.89 18.4 -10.5 -3.5 
0.361 29.0 
0.55 53.55 12.00 2.58 18.4 -6.5 0.0 0.361 
32.0 
Table 6.1 - Comparison of combustion phasing parameters at 
1500 rpm 
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Data was sampled at a resolution of 0.5 crank angle degrees, which is too coarse for 
detailed analysis, but does allow gross trends to be compared. The data from %4, V2 
and full load support the observation that ignition delay increases with gaseous fuel 
addition. Where there is a departure from this trend (no load and % load), SOI has 
occurred earlier or later. However, it must be noted that the data for ignition delay is 
subject to the largest degree of error as discussed in chapter five. Ignition delay is 
found from measured SOI and SOC and both parameters could be subject to an error 
of up to 0.49 degrees crank angle. 
Cyclic variability within the data was assessed by recording the peak pressure in each 
of the successive 50 engine cycles logged for each test point, and then taking the 
standard deviation of the maximum pressure and the location of the maximum 
pressure, Selim (2005). As the gaseous fuel concentration is increased, so are the 
cycle to cycle variations until a point where the classic dual fuel combustion process 
is observed such as at the maximum substitution levels at 3/4 and full load. At these 
points, a decrease in variability indicates that the in cylinder conditions allow for a 
stable combustion process. 
6.2.3 Mass Burned Analysis 
The data presented in this chapter uses the `methane equivalence ratio' that was 
calculated from experimental data. Other researchers have used different methods so 
a comparison of the fuelling conditions for the five load cases are presented in 
appendix C. The features of particular interest in the three zone analysis are the 
premixed peak, the diffusion burning phase and the late burning phase, Heisler 
(1995). Additionally, the initial mass burning rates (defined here as up to 3 crank 
angle degrees after SOC) also provide a useful comparison. 
Results at No Load The results presented in figure 6.2 show that as methane 
concentration is increased (with the exception of = 0.01), start of combustion is 
delayed and consequently peak cylinder pressures occur later (table 6.1). This trend 
correlates with the delayed SOI observed as the pilot quantity is reduced. The 
increased combustion duration and late burning phases correlate with increasing 
methane concentrations. At 0=0.01 there is an earlier SOI, resulting in higher peak 
pressures and a greater initial mass burning rates. However, combustion duration is 
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increased compared with the diesel and = 0.04 cases, while there is almost no 
change to the diffusion burning period compared with the higher methane substitution 
levels. The similar diffusion burning period and extended combustion duration are 
most likely caused by near complete combustion of gaseous fuel that is engulfed by 
the wide pilot reaction zone, itself a function of injection timing. 
The data at (D = 0.09 and 0.14 have the same SOC and data at C=0.05 and 0.14 have 
the same SOI. For these pairs of test conditions the observed effects can be related to 
the fuelling strategy: initial mass burning rates are slowed, peak cylinder pressures are 
delayed and combustion duration increases with increased methane concentration. At 
cis = 0.05, the initial mass burning rates are the highest of the four test conditions, but 
peak cylinder pressure is lowest. This suggests that the initial mass burning rates are 
a function of the pilot and the magnitude and position of the premixed peak are a 















Figure 6.2 - 1500 rpm, Results for increasing methane equivalence ratio at no load 
The highest equivalence ratio ((D = 0.15) exhibits a different trend. Injection timing is 
delayed by the greatest extent for this data set due to the small pilot quantity. 
However, combustion duration actually decreases slightly, but diffusion burning rates 
are increased. This suggests that the reaction zone extending from ignition centres 
has increased with methane concentration, but when the pilot is consumed, 
combustion ends. This is an example of a combustion pattern (defined here as 
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`transitional') that can occur between the classic diesel and dual fuel mechanisms as 
methane concentration is raised. 
As the pilot quantity is reduced, the fuel spray becomes increasingly dispersed 
amongst the cylinder with a detrimental effect on atomisation and penetration 
characteristics, Gunea et al. (1998). This leads to the `sluggish' initial mass burning 
rates, and when the pilot characteristics degrade methane consumption is also reduced 
(explored further in section 6.3.4). Whilst the pilot quantity is sufficiently high to 
maintain a positive ignition source, a larger proportion of the gaseous fuel is 
consumed during the premixed combustion phase. Irrespective of the methane-air 
equivalence ratio, the combustion process at no load remains dependent on the pilot, 
although the size of the reaction zone depends on the gaseous fuel concentration. 
Y_ 
Figure 6.3 - Effect of increasing methane equivalence ratio on burned zone temperatures at 
1500 rpm 
and no load 
The effect of increasing methane equivalence ratios on the temperature of the burned 
zone is shown in figure 6.3. Delayed combustion and the slower initial mass burning 
rates result in lower temperatures during premixed combustion. Temperatures during 
diffusion burning are higher where mass burning rates are higher, and ultimately 
higher temperatures are achieved at the end of combustion. This explains the almost 
linear increase in the late burning phase that is observed in figure 6.2. 
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Results at' Load The mass burning rates at 1/4 load are presented in figure 
6.4. For the diesel case and = 0.02 and 0.06, injection and combustion timing were 
constant. The increased methane concentrations have a detrimental effect on the 
initial mass burning rates, but rates then increase during the premixed phase. Peak 
cylinder pressures are also reduced and increasingly delayed, and combustion 











SOC is delayed by 1.5 degrees crank angle for methane equivalence ratios of 0.12 and 
0.20 with the result that peak pressures are also delayed and reduced compared with 
the lower methane fuelling levels. The effect of increased methane fuelling levels is 
that initial mass burning rates are slowed, and peak burning rates and peak pressures 
are reduced through the reduction of the pilot. The rates of mass burning during the 
diffusion phase are significantly higher due to the higher methane equivalence ratio. 
The late burning phase is much increased and combustion duration is extended. The 
burned zone temperature profiles show the same trends as for no load: the 
temperatures during the diffusion period correlate with the methane fuelling levels 
and higher methane concentrations result in a combustion process that proceeds at a 
lower temperature throughout. 
Results at 1/2 Load Figure 6.5 shows that much higher substitution levels 
were achieved here than for lower load conditions. The main effect of increasing load 
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is to increase the in cylinder temperature, which is known to widen the flammability 
limits of the gaseous fuel, leading to more stable operation, Abd-Alla et al. (2000a). 
The first three data sets (diesel, = 0.03 and 0.09) have the SOI, and are compared 
first. The effect of the addition of very small quantities of methane is to widen the 
reaction zone surrounding each ignition centre, as the reduction in pilot quantity is 
slight and unlikely to affect penetration and atomisation characteristics. 
Injection timing was constant at the four highest methane concentrations. Comparing 
these results it can be seen that increased primary fuelling levels increase the 
premixed peak and cylinder pressures. The increased methane levels result in higher 
diffusion burning rates, slightly higher late mass burning rates, and longer combustion 













Results at 3/4 Load At 3 load (figure 6.6), the pairs of results at = 0.13 
and 0.7; and = 0.27 and 0.44 were each subject to the same SOI. As the methane 
concentration is increased, delayed initial mass burning rates and reduced premixed 
peaks are observed whilst diffusion burning rates are elevated. When the cases at (D = 
0.27 and 0.44 are compared, the lower equivalence ratio has faster mass burning rates 
during the premixed phase, but lower diffusion burning rates. The increased mass 




Figure 6.5 - 1500 rpm, Results for increasing methane equivalence ratio at 
'/2 load 
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explained on the basis that methane has reached a limiting concentration that will 
sustain a wide reaction zone around each ignition centre. This demonstrates a 
continued dependence on the pilot throughout the combustion process, and is an 
example of a transition combustion regime that occurs between the classic diesel and 
dual fuel profiles. This pattern is characterised by the diffusion burning rates making 
a much more significant contribution to heat release. However, when the pilot ceases 













Figure 6.6 - 1500 rpm, Results for increasing methane equivalence ratio at 3/4 load 
At 3/4 load, the combustion process was not limited by misfire and higher substitution 
levels were obtained than at '/z load. The highest methane concentration shows a 
combustion pattern that mirrors the `classic' dual fuel profile from chapter two. 
Increasing methane concentrations lead to a greater contribution to mass burning rates 
from the diffusion phase. The premixed and diffusion burning phases remain distinct, 
but previous analysis have suggested that this pattern shows a transition from diesel 
combustion to a flame propagation processes. This is an uncomfortable explanation 
as it is based on the fact that the much reduced pilot quantity, which is known to 
suffer from poor atomisation and penetration, is still consumed first and quickly 
before the flame propagation process begins. The results here have consistently 
shown that the reduction of pilot quantities result in slower initial mass burning rates, 
implying that the pilot combustion is slowed. Therefore, the pilot ignition and 
combustion processes are more likely to continue throughout the combustion period. 
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It is proposed that instead of a transition from one combustion regime to another, the 
mass burning profiles are showing a continual pilot ignition process due to different 
proportions of the pilot becoming prepared for ignition at different stages. 
Combustion duration decreases in this transition regime, and when the pilot is 
consumed, combustion ends. 
Results at Full Load At full load the engine was more difficult to control due 
to the greatly reduced pilot quantities, and power output was ultimately limited by 
knock. The results for = 0.06,0.17 and 0.55 experienced the same SOI, with the 
higher methane levels showing a later SOC and extended ignition delay. It can be 
seen in figure 6.7 that the premixed and diffusion burning peaks remain distinct (for 
these test points); however the diffusion burning period makes a greater contribution 













It is known that there is a need to optimise injection timing according to primary 
fuelling levels, and the much earlier SOI recorded for the = 0.51 shows this effect. 
The earlier SOC results in higher initial rates of mass burned and elevated peak 
cylinder pressures (even though the pilot quantity is reduced). The mass burning rate 
is much closer to those observed in chapter two where the premixed and diffusion 
burning processes are less distinct. However, this data set does not support the notion 
that there is a flame propagation process that is independent of the pilot ignition 
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Figure 6.7 - 1500 rpm, Results for increasing methane equivalence ratio at full load 
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process. Flame propagation in lean gaseous fuel mixtures should be slower than 
diffusion combustion (Borman and Ragland (1998)), and this data set is showing a 
much faster combustion process than diesel or dual fuel cases with higher methane 
equivalence ratios. It is likely that the portions of methane air charge that ignite due 
to the pilot then ignite further portions of methane air charge that are not in direct 
contact with the pilot. Meanwhile, the diesel spray continues to mix and is prepared 
for combustion throughout the process. 
The data set of figure 6.7 shows the clearest changes in combustion patterns of all the 
preceding figures, and at no point is there any evidence of separate stages in the initial 
rates of combustion. Initial burning rates are primarily a function of SOI, but where 
this is held constant, initial burning rates decrease as pilot quantity is reduced. 















The effect of increasing load is to increase the temperatures inside the cylinder, and as 
a result, the flammability limits of the primary fuel are widened. This can be shown 
in two different ways; the first is illustrated in figure 6.8 for varying equivalence 
ratios but where around 70% of the diesel energy was replaced by methane. This type 
of comparison is typical of previous research (Karim (2003), Abd-Alla et al. (2002) 
and Singh et al. (2004)), where the dual fuel engine uses a near constant pilot quantity 
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Figure 6.8 - Effect of increasing load at approximately the same methane substitution 
levels 
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and power is controlled through varying the methane concentration. The data shows a 
definite transition from a CI type combustion pattern where the primary fuel makes 
little contribution, to a dual fuel pattern where the gaseous fuel makes the major 
contribution to mass burned rates. 
The data at full load and half load experienced the same injection timing (10.5 
degrees CA BTDC), and it can be seen that increased load decreases ignition delay 
resulting in an earlier SOC. This result shows the strong dependence of SOC on the 
pilot quantity which was larger at full load. The full and %2 load data sets also show 
that the initial mass burning rates are lower for lower pilot quantities. Initial rates of 
heat release are a primarily a function of the pilot spray characteristics. 
Combustion duration increases with load except at full load. This causes difficulties 
with the argument that the dominant combustion pattern is one of flame propagation, 
which should occur at full load, Karim (2003). Combustion duration increases with 
load for diesel, (figures 6.5 and 6.7), but by a greater extent than is observed for dual 
fuel. This suggests that the dual fuel combustion processes are relatively faster, 
which is plausible if combustion ends when the small pilot quantity is consumed. 
Therefore any flame propagation process is not independent of the pilot. 
The full load data can also be compared with the '/4 load data as they share the same 
SOC. The full load case has a shortened ignition delay, due the larger pilot. The 
initial mass burning rates are higher at full load, and thereafter the combustion process 
proceeds more quickly. It has been argued in section 6.2.3 that this shows that the 
reaction zone surrounding each ignition site is widened, leading to higher 
consumption of methane. This implies that for dual fuel combustion, (even at high 
methane substitution levels), the combustion of the pilot has a dominant effect. 
The combined effect of increasing load (i. e. cylinder temperatures) and methane 
concentrations is that initial mass burning rates decrease and diffusion burning rates 
are enhanced. Combustion duration is increased, except for the full load case, which 
shows a different shape to diesel mass burning patterns; there is little distinction 
between the premixed and diffusion burning. The merging of these two phases 
supports the idea that the pilot acts only as an ignition source, however the shortened 
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combustion duration supports the argument that when the pilot is consumed, 
combustion ends. If the flame propagation explanation of the dual fuel combustion 
mechanism is correct then it actually applies to a smaller part of the engine operating 












A second means by which the data may be compared is for (approximately) the same 
equivalence ratio at increasing load, as shown in figure 6.9. This fuelling strategy is 
not typical of practical dual fuel conversions. When the data is compared, the 
combustion pattern remains the same, except that more fuel is burned at higher loads 
in both the premixed and diffusion burning phases. The transition from diesel to dual 
fuel patterns does not occur as a function of temperature alone at these relatively low 
equivalence ratios. As both the premixed and diffusion burning phases increase by 
approximately the same amount with load, it suggests that the same overall 
combustion process occurs as temperature increases, and any change in combustion 
mechanism is primarily a function of fuelling levels, with temperature having a 
secondary effect. 
It has been assumed that the two fuels bum in fixed proportions throughout the 
combustion process which are used to calculate the magnitude of the temperature of 
the burned zone. However, the shape is a function of the cylinder pressure. As such, 
a comparison of changing temperature profiles during combustion is provided. The 
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Figure 6.9 -Effect of increasing load at approximately the same methane equivalence ratio 
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effect of increasing load on the (approximately) same methane substitution levels are 
shown in figure 6.10, (with an approximate end of combustion (EOC) line). As the 
primary fuel equivalence ratio load is increased, the pilot should become increasingly 
dispersed, weakening the ignition source, Karim et al. (1989). It is unsurprising that 
the highest initial temperatures occur at full load, as although the methane 
equivalence ratio is similar, the pilot fuel quantity is larger at higher load. 
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Figure 6.10 - Effect of increasing load on Tb at approximately constant methane substitution levels 
At the EOC line, the temperatures at all loads converge to a similar value, and then 
become a function of the expansion process. The results show that maximum cycle 
temperature is a function of diffusion burning rates (which is itself a function of 
methane concentration). The initial rates of increase in burned zone temperatures are 
a function of premixed burning rates, which are themselves a function of the pilot. 
6.2.3 Effect of Increasing Speed 
There was no fundamental difference in the results obtained at higher speed to the 
trends observed at 1500 rpm, so only the maximum methane substitution levels at 
increased speed are examined. The minimum methane substitution is neglected due 
to the close similarity to diesel. There is also little difference between the results at '/4 
and no load and 3/4 and full load; thus more stable operating conditions at '/4 and 3/4 
load are examined. Relevant combustion phasing data are shown in table 6.2, and 
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complete data for 1800 rpm and 2100 rpm are presented in appendix D. 
Speed Methane Pmax Pmax Pmax SOI Soc Ignition Duration 
(rpm) ((D) (bar) Location Sdev (CA deg) (CA deg) Delay (ms) (CA degrees) 
'/4 Load 
1500 0.20 45.99 5.00 0.90 -10.00 -2.00 0.444 29.00 
1800 0.23 41.63 6.80 4.13 -8.78 1.00 0.459 35.25 
2100 0.19 43.30 7.50 1.06 -18.00 -2.25 0.938 30.75 
'h Load 
1500 0.29 49.49 6.50 2.90 -10.50 -3.00 0.417 32.00 
1800 0.32 46.88 6.80 0.80 -11.29 -3.00 0.389 39.75 
2100 0.28 46.07 8.25 1.87 -18.75 -2.25 0.982 33.00 
3/4 Load 
1500 0.70 50.32 11.5 1.24 -7.50 -1.50 0.333 32.00 
1800 0.40 52.90 9.30 1.28 -11.29 -4.00 0.342 40.50 
2100 0.52 51.71 11.25 2.55 -17.25 -3.00 0.848 34.50 














Figure 6.11 shows that as speed was increased, the maximum methane substitution 
level was decreased, and limited by misfire. This implies that the entire combustion 
process is strongly dependent on the spray characteristics as the reduced pilot quantity 
was unable to sustain combustion even in higher cylinder temperatures. The 
combustion pattern shows a definite transition from one closely mirroring the diesel 
pattern, to a transition pattern at 1800 rpm where the premixed peak decreases without 
a significant increase in diffusion burning. At 2100 rpm, a dual fuel pattern is 
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Figure 6.11 - Maximum methane substitution at '/4 load 
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established where there is little distinction between the two phases. The primary 
difference between the three speed levels is an increase in pilot quantity, while the 
increased temperatures result in the widening of the flammability limits of methane 
and so an earlier transition into a dual fuel combustion regime. 
Figure 6.12 presents the results at '/z load and maximum methane substitution levels. 
There is a close agreement between SOI and SOC at the three speeds which allows for 
closer inspection of the initial mass burning rates. As speed is increased, the 
transition from a diesel type pattern to a dual fuel pattern at (approximately) the same 
methane fuelling levels is a function of the increasing pilot quantity (as methane 
equivalence ratio is approximately the same). A definite change is observed in the 
combustion process as speed is increased from 1500 to 1800 rpm. More fuel is 
burned during the diffusion period, in spite of a lower methane air equivalence ratio. 
















Figure 6.12 - Maximum methane substitution at 'h 
load 
The results in figure 6.13 show a dual fuel pattern at all three speeds. The maximum 
substitution levels at this operating point were knock limited. The highest methane 
fuelling levels were achieved at 1500 rpm, which would be expected as this is the 
lowest temperature condition. Consequently; three different fuelling conditions are 
being compared, but several important features are revealed. The magnitude of the 
diffusion burning period is mainly a function of the gaseous fuel equivalence ratio: 
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higher methane concentrations cause higher diffusion burning rates. Therefore 
increasing cylinder temperature has less of an effect than the fuel proportions. When 
two very similar fuelling strategies are compared, increasing temperature increases all 















Figure 6.13 - Maximum methane substitution at 3/4 load 
6.3 EMISSIONS RESULTS 
6.3.1 BsNOx 
According to Heywood (1988), in a SI flame propagation process, the fuel air mixture 
is uniform and NOx formation is dependent on cylinder pressure, therefore burned gas 
temperature development. Mixture that burns early is subject to higher temperatures 
as it is compressed by later burning elements of charge, and makes a greater 
contribution to NOx emissions. The later burning portions are compressed as 
unburned gases and reach lower temperatures where NOx chemistry then freezes. 
The situation is more complicated in CI engines where fuel and air mix at a range of 
equivalence ratios and fuel is burned due to spontaneous ignition and flame 
propagation from the ignition sites. This leads to temperature variations clue to ruei 
and air mixing, in addition to temperature variations during combustion and 
expansion. Heywood (1988) reported that most NOx is formed when burned gas 
temperatures are at a maximum (between SOC and just after peak pressure). The 
burned gases then expand and mix with cooler unburned charge, quickly freezing 
NOx chemistry. 
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The dependence of NOx formation on equivalence ratio is explained on the basis of 
oxygen availability and combustion temperatures. Under fuel rich conditions, oxygen 
is limited, while in fuel lean mixtures, NOx chemistry freezes early in the expansion 
stroke due to mixing with cooler unburned charge. The result of both scenarios is low 
NOx emissions. Another extremely important factor is combustion timing. When 
SOC is advanced, NOx emissions are higher as peak pressures and hence 
temperatures are higher where more fuel is burned before TDC. Similarly, NOx 
formation is reduced due to lower peak temperatures when SOC is retarded. 
Heywood (1988) reported that in DI engines most NOx forms within 20 crank angle 
degrees of ignition and the local NOx concentrations peak at the point where local 
equivalence ratio changes from rich to lean (where burned gases mix with air). 
Effect of changing concentrations of gaseous fuel As the speed and load 
tended to fluctuate at each test point, the emissions of NOx are normalised against 
power to simplify the analysis. The results are presented in figure 6.14 at 1500 rpm 
for each load at increasing gaseous fuel concentrations. At no load and 1/4 load, power 
was constant within experimental tolerances and emissions of BsNOx decrease with 
increasing methane equivalence ratio. This correlates closely with an increasingly 
delayed SOC and the lower initial mass burning rates as well as the elevated diffusion 
burning rates (shown in figures 6.2 and 6.4). The higher diffusion burning rates imply 
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Figure 6.14- BsNOx at 1500 rpm 
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a widening to the pilot reaction zone, which consumes more methane at low 
equivalence ratios and hence lower temperatures (figure 6.3). The decreasing BsNOx 
trend also follows from a decreasing pilot quantity in terms of extended ignition delay 
and lower initial mass burning rates. This is consistent with the explanation of NOx 
formation for CI engines, and confirms that dual fuel combustion did show a strong 
reliance on the pilot combustion process at all methane substitution levels. 
At %2,3 and full load BsNOx at first increases then eventually decreases with 
increasing equivalence ratios. Again, this result primarily correlates with SOC (table 
6.1), but where this was held the same BsNOx is a strong function of initial then 
diffusion burning rates: low initial mass burning and high diffusion burning lead to 
reduced BsNOx. Where the combustion pattern was identified as a classic dual fuel 
process (figures 6.6 and 6.7), BsNOx formation rates fall and this is due to a smaller 
pilot and a greater quantity of fuel being consumed late in the expansion process. 
The transition between the diesel and dual fuel combustion mechanisms is more 
difficult to describe, as BsNOx increases even though the pilot decreases. This is 
most likely to be due to increasing, but still lean methane concentrations which widen 
the reaction zone of a pilot that is sufficiently large so that injection performance is 
not degraded. It is also worth noting that NOx chemistry is not `frozen' as quickly as 
when the engine is fuelled with diesel alone due to the widened reaction zone 
surrounding the pilot droplets, Abd-Alla et al. (2000b). 
In all data sets, the initial mass burning rates and pilot quantity are better predictors of 
BsNOx than gaseous fuel concentration and hence the diffusion burning phase. It can 
therefore be concluded that dual fuel NOx emissions are more closely correlated with 
the pilot. The temperature of the burned zone is also a poor predictor of BsNOx, 
because NOx formation occurs in the flame front which is not considered. 
Effect of increasing speed BsNOx emissions are shown for 1800 rpm in 
figure 6.15, and the increasing residual gas concentration lowers BsNOx at the higher 
speed. NOx production is also inversely proportional to diluents the cylinder, 
primarily through a reduction in flame temperatures: the burned gases contain 
increasing amounts of H2O and C02, which increase the specific heat capacity of the 
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charge, thus lowering flame temperatures, Bade-Shrestha et al. (2000). This is of 
importance for CI engines where the composition of the exhaust gases change with 













A different trend at full load to that observed for 1500 rpm is shown. In this case, 
where dual fuel combustion is established at all methane substitution levels, it can be 
seen that emissions of BsNOx remain almost constant, even though the pilot quantity 
and premixed peak are increasingly reduced. This can be explained by the later SOC 
that occurs at full load with increasing methane fuelling that is mitigated by 
increasing maximum cycle temperatures during diffusion combustion. It would also 
suggest that NOx formation does not freeze until later in the cycle, and therefore the 
argument that increased gaseous fuel concentrations reduce NOx is shown to be 
deficient: the pilot processes are far more important. 
In figure 6.16, emissions of BsNOx at 2100 rpm are shown, and are decreased 
compared with 1800 rpm, due to increased diluents. The trends that were previously 
observed at no load and '/4 load are repeated, but the higher load cases show an initial 
decreased in BsNOx emissions. At first, this reduction correlates with a delayed 
SOC, but with further methane addition SOC occurs earlier and BsNOx continues to 
fall. The only consistent correlation here is with the initial mass burning rates. 
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Figure 6.15 - BsNOx at 1800 rpm 
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In terms of NOx formation, the most consistent explanation at all loads, speeds and 
methane concentrations is on the basis of initial mass burning rates (and hence initial 
temperatures), and the dependence on these initial rates is more important than on any 
other parameter. As these initial rates are a function of the ignition process, and this 
is a function of the pilot, it would suggest that the combustion mechanism is 
consistently dominated by the pilot processes, and that dual fuel NOx tends to be 
formed in the initial stages of combustion, Abd-Alla et al. (2000b). This supports the 
idea that even at high loads, high speeds and high methane concentrations, the pilot 
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Figure 6.16 - BsNOx at 2100 rpm 
OA 0.5 
Soot is not considered to be a major problem in SI engines, provided that fuel air 
ratios are not too rich. However, smoke emissions are a significant issue for CI 
engines. Heywood (1988) discussed that soot formation in diesel engines occurs at 
temperatures in the range of 1000K to 2800K and pressures of 50 to 100 bars. 
Although there is sufficient excess air to bum the fuel completely, the injection 
process distributes diesel at a range of air/fuel ratios which remain fuel rich at the 
core. Soot particles first form `nuclei' from condensed gas phase material from 
hydrocarbon oxidation products and or pyrolysis products. The particles then undergo 
surface growth through the attachment and incorporation of gas phase species on the 
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clusters with the result that there is a large distribution in particle size within exhaust 
emissions of soot. 
There is a large spatial and temporal distribution in soot particles within the 
combustion chamber: the highest concentrations occur in the very fuel rich core of the 
fuel spray and reduce with distance from this point. Soot concentrations increase 
rapidly during the premixed phase, but decrease when fuel injection ceases and the 
diesel spray becomes increasingly mixed with air. Meanwhile, soot can be oxidised 
to form CO and CO2 at any time during the formation process. Heywood (1988) 
reported that 90% of the soot formed is then consumed. Soot emissions are thus a 
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In the present research smoke opacity measurements were taken at each operating 
condition. Visible smoke opacity gives an indication of the mass levels of particulate 
matter or soot, but no conclusions regarding ultrafine particulate matter can be drawn. 
These results can be converted from filter number (FSN) to soot concentration (p) in 
g/m3 values using AVL's correlation curve 
p=4.95 FSNexp(0.38FSN) 0.405 
Figure 6.17 illustrates that increased methane fuelling levels reduce emissions of 
visible smoke. This has been attributed by previous researchers to the fact that 
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methane contains no heavy hydrocarbons, and therefore less soot is formed (Gala] et 
al. (2002)). It is also logical that levels would be lower as the pilot spray is 
increasingly reduced, but the core will always be very fuel rich and this suggests that 
soot should still be formed in significant quantities in the engine. There is a close 
correlation between soot levels and the length of the diffusion burning process (where 
significant quantities of smoke are oxidised). The longer diffusion burning processes 
that occur at high methane substitution levels result in reduced smoke emissions. 
The same result was observed at 1800 rpm where diffusion burning periods were 
shorter, and smoke emissions were higher. The question as to whether the primary 
fuel concentration or combustion duration are the most important factor is better 
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Figure 6.18 - Smoke at 2100 rpm 
As load is increased, smoke emissions increase. But increasing load results in a 
longer combustion duration, which includes an extended diffusion burning period. If 
dual fuel smoke emissions could be completely explained on the basis of diffusion 
burning periods, then they should decrease with increased load. Further inspection of 
figure 6.18 shows that at the highest methane substitution levels, and classic dual 
fuel 
combustion patterns, smoke emissions start to increase again. This can partly 
be 
explained by an increasingly rich overall fuel air ratio, but the high levels of methane 
should always reduce smoke emissions, and this is not the case 
here. The answer is 
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provided by the power fluctuations, which result in increased pilot quantities. 











CO formation is a chemical kinetics controlled process, and it is thought that CO is 
formed rapidly in the flame front, but reaches equilibrium conditions within the 
burned gases, Heywood (1988). CO is also increased at higher loads as higher 
cylinder temperatures lead to a greater degree of dissociation, and because the charge 
becomes increasingly fuel rich. (There is insufficient oxygen available in rues ncn 
mixtures to oxidize the fuel hydrocarbons to C02, and the result is increased CO. ) It 
is also reported that CO levels can increase when partial oxidation of unburned 
hydrocarbons from crevice volumes occur (such as during fuel lean operating 
conditions), Shioji et al. (2001). CO emissions are primarily a function of AFR, and 
not thought to be important in CI engines which operate under fuel lean conditions. 
Effect of changing relative concentrations of gaseous fuel The results for CO 
concentration are normalised against power to remove the fluctuations caused by 
variation in torque or speed. A clear trend for increasing CO emissions with 
increasing methane concentrations is shown in figure 6.19. (The discussion and 
trends reported for 1500rpm equally apply to the higher speed cases. ) For the low 
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Figure 6.19 - BsCO at 1500 tpm 
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load cases, CO increases with gaseous fuel concentration, due to the partial oxidation 
of most of the primary fuel. This would support the earlier conclusion that methane 
that is not within the pilot reaction zone does not burn at low loads. For 3/4 and full 
load, CO increases to a peak value and then decreases again. This is an indicator that 
as less air is available, less CO is oxidised to C02, but the decrease at the highest 
methane substitution levels shows combustion becoming more complete, in that less 
partial oxidation of unburned hydrocarbons is occurring. This is borne out by the 
increased diffusion burning rates shown in figures 6.5,6.6 and 6.7. 
Effect of increasing load The increase of load results in higher cylinder 
temperatures, which tends to increase CO production. Previous research (Bittner and 
Aboujaoude (1992)) has concluded that this increase in CO is due to an increasing 
degree of flame propagation through the charge, but this explanation is not entirely 
satisfactory when overall equivalence ratios remain very lean, and similar to diesel 
levels. A better explanation is that the whole of the dual fuel combustion process 
involves the pilot. Individual droplets of diesel fuel continue to bum and this would 
mean that the pilot remains the ignition source for all of the primary fuel, and the 
increased methane concentration widens the reaction zone around the pilot. Local 
fuel air ratios are rich; therefore combustion occurs under stoichiometric or fuel rich 
conditions, even when lean methane concentrations are used. The increased BsCO, 
even at minimum methane substitution levels is explained. 
6.3.4 BsUHC 
Two mechanisms exist in diesel engines by which hydrocarbons can escape the 
combustion process. When fuel is injected into the cylinder, a distribution of fuel air 
equivalence ratio across the spray occurs, and some fuel will be to lean to auto-ignite 
or support flame propagation. The amount of fuel that is too lean to burn is a function 
of the ignition delay (longer ignition delays lead to higher UHC), and the mixing rate 
of the fuel with air. This over-lean mixture can only be consumed through slow 
thermal oxidation reactions which are incomplete. The second mechanism is caused 
by under-mixing where the fuel air mixture is too rich to ignite, or to support flame 
propagation. This occurs during misfire, or more commonly from fuel that leaves the 
injector at low velocity, often late in combustion. 
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Effect of changing relative concentrations of gaseous fuel UHC emissions 
from a dual fuel engine are elevated compared with diesel operation due to the large 
degree of valve overlap that allows some of the methane/air mixture to pass straight to 
the exhaust. The diesel engine also contains large crevice volumes, and this too will 
increase UHC emissions. However, these conditions are the same for the same speed. 
Thus the trends in dual fuel UHC are best explained in terms of over-leaning / under- 
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Figure 6.20 - BsUHC at 1500 rpm 
Emissions of UHC were normalised against power, and the results at 1500rpm are 
presented in figure 6.20, where it can be seen that BsUHC emissions increase with 
methane concentration. This is most likely due to reduced pilot quantities resulting in 
poor atomisation and vaporization. This will lead to under-mixing in part of the pilot 
particularly during the late burning stage. Over-leaning could also occur during 
extended ignition delays; however this is mitigated to some extend by the primary 
fuel being mixed with charge air. BsUHC emissions were particularly high at low 
load and maximum methane equivalence ratios. As a measure of combustion, high 
UHC emissions show that combustion was less complete. 
Effect of increasing load Emissions of BsUHC increase with methane 
concentration at all load conditions, but at lower loads, this effect is much more 
dramatic. Low loads tend to exhibit a diesel type combustion process, and so the 
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most likely explanation is one based on the injector performance; the pilot is over- 
mixed during late combustion. This is also shown by the good correlation between 
the size of the diffusion burning period with BsUHC emissions. In processes where 
combustion ends as soon as the pilot is consumed, BsUHC emissions where high. 
At full load, the increase in BsUHC emissions was less dramatic, but methane air 
equivalence ratios were higher, which supports the idea that the primary influence in 
dual fuel is over-mixing. If the combustion process experienced a definite transition 
from diesel to dual fuel, then BsUHC emissions would show a pronounced change 
too. This does not happen, supporting the argument that there is no definite transition 
to an independent flame propagation mechanism in this data. 
Overall, an increase in load results in a larger pilot and more fuel rich methane to air 
ratio. This leads to a greater reaction zone surrounding the pilot ignition sites and 
consequently UHC emissions decrease with increased load. 
Effect of increasing speed Emissions of UHC decrease with increasing 
speed, which is expected. Cylinder temperatures increase with speed which widens 
the flammability limits of the fuel, thus a more complete combustion occurs. The 
pilot quantity is also higher (even at the maximum methane fuelling levels) and this is 
likely to improve injector performance leading to a smaller degree of over-mixing. 
6.3.5 Noise 
Combustion noise was evaluated by finding the maximum rate of cylinder pressure 
rise, as shown in table 6.3. Increasing gaseous fuel concentration tends to at first 
increase combustion noise, but the continued addition of the gaseous fuel reduces 
combustion noise as the premixed phase is also reduced. Increasing load also 
increased combustion noise. Pilot fuel quantity increases with load: noise is primarily 
a product of the pilot combustion process. 
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1500 rpm 1800 rpm 2100 rpm 
Methane dP/dCA max dP Methane dP/dCA dP Methane dP/dCA max dP 
No Load No Load No Load 
0.00 230492.2 -0.5 0.00 169955.4 - 0.00 204537.3 0 
6.80 320989.4 -2 10.30 159377.2 0.75 10.10 185860.3 0 
26.60 214830.4 -0.5 23.60 152049.1 1.25 24.30 175260.5 0.75 
52.80 233669.6 0 42.20 116384.2 - 42.50 133850 1.5 
79.80 240183.6 0 53.40 119105.3 - 55.90 124799.7 2.25 
84.90 235147.6 0 57.60 119038.6 - 61.30 116332.1 1.5 
90.40 206429 0.5 60.40 118967.2 - Quarter Load 
Quarter Load Quarter Load 0.00 118330.9 -9 
0.00 344585.6 -2 0.00 166033.4 1.25 10.20 162889.1 0.75 
9.80 341655.2 -2 10.40 171802.1 1.25 23.30 192790.5 0.75 
21.90 322932.2 -2 25.00 176335 - 40.00 
44.00 273087.6 -0.5 44.00 164790.3 1.76 55.30 136963.3 2.25 
58.40 290944.2 -0.5 59.50 118774.9 - 60.60 128948.1 2.25 
57.70 278983 -0.5 62.20 118354.7 - Half Load 
63.70 249182.8 0 63.40 147215.7 2.26 0.00 1313 31.7 4.5 
65.40 257408.8 -1.5 67.50 118392.6 - 10.10 139353.5 5.25 
Half Load 68.20 110650.1 - 23.80 153517.6 4.5 
0.00 284875 1 Half Load 44.60 134825.6 3 
9.70 280934.8 0.5 0.00 182012.2 3.26 61.70 141450.7 2.25 
23.90 280784.4 1 10.10 187408.6 3.26 62.20 184277.7 3 
45.90 321246.2 -0.5 24.30 184926.7 2.76 65.50 165438.1 2.25 
64.30 381209.4 -1.5 45.70 205674.9 1.76 Three Quarters Load 
68.00 261347 0 61.40 208156.2 1.25 0.00 166033.4 1.25 
69.50 345223 -1 62.90 214895 1.76 10.20 
71.10 312483.6 -0.5 66.90 196713.4 1.76 23.40 133680 6.75 
Three Quarters Load 69.80 186175.7 1.76 47.90 166126.9 4.5 
0.00 267955.8 2 Three Quarters Load 68.30 199715.2 2.25 
10.50 275716.2 1.5 0.00 198077.5 3.26 73.70 192412.9 1.5 
26.10 306103.8 1.5 9.90 196035.8 3.76 75.80 206195.9 3.75 
50.80 325479.2 0.5 24.00 194060.7 4.26 Full Load 
72.70 290451.6 0.5 46.30 208928.7 3.26 0.00 180568.4 5.25 
75.60 266679.6 1 65.40 230404.8 1.76 10.30 239753.3 3 
79.60 219013.2 1.5 67.20 227504.7 1.76 25.60 168380.9 5.25 
82.00 183712.2 1.5 72.50 229574 1.76 48.20 155867.9 6.75 
Full Load Full Load 69.10 151402.1 7.5 
0.00 306392.8 1 0.00 246361.7 2.76 
9.50 302273.6 1.5 10.40 229267.2 3.26 
25.00 321161.6 2 25.40 231227.1 3.76 
48.50 367832.6 1 48.70 228778.5 4.26 
75.00 357669.8 0 76.20 194910.5 2.76 
80.70 227170.4 3 79.90 250296.6 2.26 
Table 6.3 - Combustion noise and location of combustion noise 
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6.4 CONCLUDING SUMMARY 
The fuelling strategy employed allows for two ways to discuss its effect on the 
combustion process: the first is on the basis of increased methane concentration, and 
the second is on the basis of reduced pilot. The latter effect shows a closer correlation 
to the observed results. 
As the pilot quantity is reduced, initial mass burning rates are at first lower than the 
corresponding diesel case. As the methane concentration is increased it reaches a 
level that is sufficiently high to sustain a wide reaction zone, and premixed burning 
rates are increased compared with diesel. In the diffusion burning phase, rates of 
mass burned are increased compared with diesel baseline and a function of the 
methane concentration: when methane concentration is high, rates of mass burned 
during diffusion combustion are high. However, there is a distinction between 
premixed and diffusion regimes in all the data. 
During the diffusion period, portions of the methane air mixture that are ignited by the 
pilot can then ignite further portions of the primary fuel that is not in direct contact 
with the diesel spray. When the pilot is large, combustion durations are extended, but 
when the pilot is small, they are reduced. This reduction implies that the combustion 
process after the premixed phase is not independent of pilot ignition processes. 
A limited number of observations can be related to the methane concentrations alone. 
The first is that BSEC increases while in cylinder conditions are such that incomplete 
combustion occurs, such as at low temperatures and low equivalence ratios. The 
addition of methane in itself does not result in increased BSEC. The second was that 
increasing primary fuel concentrations result in increased rates of mass burning 
during the diffusion period and an increased late burning phase. The implication is 
that the description of an independent turbulent flame propagation process continuing 
after the end of pilot combustion may only apply to the late burning phase. 
The main effect of increasing load is to increase the in cylinder temperature, which is 
known to widen the flammability limits of the gaseous fuel leading to elevated mass 
burning rates. The increased methane levels and maximum pressures result in higher 
173 
CHAPTER SIX - METHANE RESULTS 
diffusion burning rates, and a slightly higher late burning phase. The initial mass 
burning rates and peak cylinder pressures reduce with reduced pilot quantity 
There is a noticeable change in the combustion pattern of the primary fuel, from a 
pattern that mirrors diesel, to one that is can be identified as `dual fuel'. In all data 
sets there is a smooth increase in initial mass burning rates, and no evidence of a step 
change from stage I (50% pilot and entrained methane) to stage II (remaining pilot 
with wide reaction zone). The combined effect of increasing load (i. e. in cylinder 
temperatures) and methane concentrations is that initial mass burning rates decrease 
and diffusion burning rates are enhanced. 
The full load case shows a different shape to diesel mass burning patterns; there is 
very little distinction between the two premixed and diffusion burning regimes. The 
merging of these two phases supports the idea that the pilot acts only as an ignition 
source, however the shortened combustion duration supports the argument that when 
the pilot is consumed, combustion ends. If the classic flame propagation explanation 
is correct then it actually applies to a smaller part of the engine operating range than 
previously thought: either the very highest methane substitution levels (<82% by 
energy replacement) or the late burning phase only. 
At low load, the decreasing BsNOx trend follows from a decreasing pilot quantity in 
terms of extended ignition delay and lower initial mass burning rates. This is 
consistent with the explanation of NOx formation for Cl engines, and confirms that 
the mass burning analysis did show a strong reliance on the pilot combustion process 
even at the highest methane substitution levels. At high load, BsNOx remains a 
strong function of initial mass burning rates, then a secondary function of diffusion 
burning rates: low initial mass burning and high diffusion burning lead to reduced 
BsNOx In all data sets, the initial mass burning rates and pilot quantity are better 
predictors of BsNOx than gaseous fuel concentration and hence the diffusion burning 
phase. 
This is also true for visible smoke. Although there was a correlation between soot 
levels and the length of the diffusion burning process the pilot was a better predictor. 
The only consistent correlation is provided by the power fluctuations, which resulted 
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in changed pilot quantities. Whenever pilot quantities increase, so does visible 
smoke. 
The increased CO, even at minimum methane substitution levels are explained if the 
whole of the dual fuel combustion process involves the pilot, which is increasingly 
dispersed as pilot quantities are reduced. Individual droplets of diesel fuel ignite 
throughout the combustion process so that the pilot remains the ignition source. The 
increased methane concentration widens the reaction zone around the pilot so local 
fuel air ratios would then be rich. 
BsUHC emissions increase with methane concentration. This is most likely due to 
degradation in injector performance leading to poor atomisation and vaporization with 
reduced pilot quantities. This will lead to under-mixing in part of the pilot 
particularly during the late burning stage. Over-leaning is also likely to occur during 
extended ignition delays; however this is mitigated to some extend by the pilot fuel 
mixing with the primary fuel, as well as air. BsUHC emissions were particularly high 
at low load and maximum methane equivalence ratios were misfire limited. At full 
load, the increases in BsUHC emissions are lower, but methane equivalence ratios are 
higher, which supports the idea that the primary influence in dual fuel is under- 
mixing. 
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CHAPTER SEVEN: PROPANE RESULTS 
7.1 INTRODUCTION 
In this chapter, analysis is made of performance and emissions characteristics 
obtained when the engine was dual fuelled with propane. Newkirk et al. (1996) 
reported that propane is an attractive choice for dual fuel engines. It is a single, 
relatively simple species so engines and after treatment systems can be designed to 
bum it cleanly. It can be stored at atmospheric pressure so there are no evaporative 
losses. Propane has a good volumetric energy content and research octane number of 
more than 100. It is the main constituent of LPG, and Pirouzpanah and Nohammadi 
(1996) concluded that the most suitable use of LPG in engines is dual fuel rather than 
bi fuel. Although propane is normally regarded as a fast reacting fuel, it has much 
extended ignition delays than methane, according to Karim and Rogers (1967). Liu 
and Karim (1995) reported that although it has faster burning rates, it is ultimately 
possible to achieve higher power outputs with the more knock resistant methane. 
7.2 COMBUSTION ANALYSIS 
The engine became more difficult to control at higher speeds due to limitations with 
the experimental apparatus, and data were subject to some fluctuation in load and 
speed. It was previously noted that there was little difference between no load and '/4 
load; and 3/4 and full load. The test engine is used in small diesel genset applications 
between 20 and 60kVA, where the typical duty cycle of this type of engine is for 90% 
of operation to be between %4 and 3/4 load at synchronous speed. For these reasons, 
engine performance and emissions data were obtained under this operating range. 
7.2.2 Brake Specific Energy Consumption 
Data are plotted to compare BSEC for various propane concentrations in figure 7.1. It 
can be seen that as load increases, BSEC decreases although the results at 'h and 3/4 
load are similar. This implies that as load increases, the combustion process becomes 
more complete, due to both the increasing cylinder temperatures, and the increased 
primary fuel equivalence ratio. A slight increase in BSEC with increased propane 
concentration is evident at 3/4 load, which does not follow from the fluctuations in 
power recorded at this test point. The implication is therefore at low temperatures, the 
combustion performance is degraded by the addition of a primary fuel. 
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At 1/2 load, BSEC initially increases, then decreases with increased propane fuelling, 
although this trend follows the power fluctuations. Where the power output is 
constant, BSEC tends to decrease at higher propane equivalence ratios; this is a trend 
also observed at 3/4 load. This may be contrary to what would be expected on the 
basis of low load results. The propane fuel, even at low concentrations contributes 
significantly to the combustion processes and the addition of propane at the higher 








7.2.3 Combustion Phasing Data 
The three zone heat release rate analysis model derived in chapter four was used to 
examine mass burning rates and zone temperatures (as described in chapter six). It 
was demonstrated that the mass burning rates cannot be analysed in isolation, as 
factors such as SOC are primarily a function of injection timing before they are 
affected by fuelling levels. Therefore the analysis begins with a comparison of 
combustion phasing parameters in table 7.1. 
The trends at '/4 load are the most predictable. As the propane concentration was 
increased the magnitude of peak cylinder pressure was decreased, and the location of 
peak cylinder pressure was delayed, while combustion durations where extended. An 
increase in cyclic variation in maximum pressure and its location were also recorded. 
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This demonstrates that the addition of propane at the lowest load conditions will 
degrade the combustion performance compared with diesel, rendering it less stable. 
Propane Pmax Pmax Pmax Power SOI SOC Ignition Duration 
(c») (bar) Location Sdev (kW) (CA deg) (CA deg) Delay (ms) (CA deg) 
'/a Load 
0.00 50.016 4.0 0.469 4.5 -11.0 -4.0 0.389 28.0 
0.01 49.732 4.0 0.406 4.4 -11.0 -4.0 0.389 28.0 
0.03 44.614 4.5 0.685 4.5 -9.5 -2.5 0.389 27.5 
0.07 46.671 5.0 0.942 4.3 -10.0 -2.5 0.417 28.0 
0.10 47.072 5.5 0.886 4.5 -9.5 -2.0 0.417 28.5 
0.11 45.849 5.5 1.078 4.6 -9.5 -1.5 0.444 29.5 
'/z Load 
0.00 50.089 7.0 0.484 9.5 -8.0 -1.5 0.361 30.0 
0.01 50.42 7.0 0.502 9.3 -8.0 -1.5 0.361 30.0 
0.05 53.219 6.0 0.587 9.4 -10.0 -2.5 0.417 29.5 
0.10 54.734 6.0 0.769 9.3 -12 -4.0 0.444 30.0 
0.15 48.447 7.5 1.23 9.6 -9.5 -1.5 0.444 31.5 
0.16 47.308 7.0 1.668 9.4 -9.5 -1.5 0.444 31.0 
' Load 
0.00 49.363 8.5 0.482 14.0 -6.5 -0.5 0.333 31.0 
0.03 50.48 8.5 0.414 14.0 -6.5 -0.5 0.333 31.0 
0.08 62.342 8.5 0.893 14.0 -7.5 -1.0 0.361 31.5 
0.15 51.632 12.0 3.989 13.9 -11.0 -3.5 0.417 28.0 
0.23 52.481 8.0 0.562 13.2 -8.0 -1.0 0.389 30.0 
1 able 7.1 - Combustion phasing results at I DUO rpm 
Maximum pressure increased then decreased at '/2 and 3/4 loads as propane 
concentration was increased. This result is better understood on the basis of SOI as 
maximum pressure follows ignition timing. Where results showing the same SOI are 
compared the same trends are observed as for '/4 load: peak pressure decreased with 
increased propane concentration. The SOI fluctuated throughout the data sets as a 
result of the fuel injection equipment, so comparison of changing combustion 
performance is best made between data sets with the same SOI. 
Finally, ignition delay increased with increasing propane. Although these calculations 
were too `coarse' to allow exact analysis, propane is known to compete with pre- 
ignition reaction processes and impede diesel ignition, Karim et al. (1991). This trend 
can be observed in spite of the variation in injection timing which also proves that 
ignition delay is a strong function of primary fuel concentration. 
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7.2.3 Mass burned analysis 
Results at 1/4 load Results for the mass burned analysis at 1500 rpm and '/4 
load are presented in figure 7.2. The best comparisons (on the basis of SOI) are made 
between diesel and (I) = 0.01; and = 0.03,0.1 and 0.11. The effect of increasing 
propane concentration is to slow the initial rates of mass burning (specifically, the 
first 4 data points after SOC). This supports the observation that propane competes 
with diesel in pre-ignition reactions leading to an initially `sluggish', delayed 
combustion process. It also shows that a reduced pilot becomes increasingly 













Figure 7.2 - Mass burned analysis at '/4 load and 1500 rpm 
This argument is also supported by the reduced premixed peak that occurs with 
increased propane addition. It would be expected that as the quantity of diesel is 
reduced, so would the premixed peak be reduced. An exception to this trend is noted 
at = 0.1 where a possible explanation is that the pilot spray is still little changed 
compared to the diesel case, but the addition of propane has widened the reaction 
zone surrounding the pilot droplets. Below this equivalence ratio, propane inhibits the 
diesel combustion process at the edge of this spray, and beyond this point the 
combustion process is limited by the reduced pilot. This is confirmed by comparing 
the 0.03 and 0.07 cases which have the same SOC point and the higher equivalence 
ratio results in a higher premixed peak. 
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It is also noteworthy that diffusion burning rates increase with increased propane 
concentration. The proportions of fuel burned during the premixed and diffusion 
regimes change as the propane equivalence ratio increases, and favor the diffusion 
process. This is evidence that the combustion process is increasingly a function of the 
gaseous fuel concentration. However, the overall shape of the combustion process 
remains the same as the classic diesel pattern: there is a distinct premixed peak and 
diffusion burning period. The pilot reaction processes must therefore be important 
through the whole of the combustion event. 
Results at 1/2 load The results at 1/2 load are presented in figure 7.3, where 
the best comparisons can be made between diesel and (I)ß. 01; and (D = 0.15 and 
0.16. The addition of propane increases the initial mass burning rates, a different 
result to %a load where propane addition decreased them. The cylinder temperatures 
are higher at %2 load, which promotes a fast reaction process and widens the 
flammability limits of propane, and hence the reaction zone surrounding the pilot. 
The effect of propane addition is still to increase ignition delay, and so propane 
continues to compete with pre-ignition radicals, but the ensuing rapid combustion 
process consumes high proportions of the propane-air mixture. 
Combustion duration is extended by increased propane concentration and diffusion 
burning rates are more pronounced than at V4 load. These effects are closely related. 
The more pronounced diffusion burning rates show that the combustion process is less 
dependent on the pilot ignition processes and that propane is increasingly consumed 
in the reaction. The combustion duration is extended beyond that observed with 
diesel so the propane reaction takes longer to complete. 
The magnitude of the premixed peak at first decreases then increases with propane 
addition. The most plausible explanation is that the premixed combustion phase has a 
strong reliance on the pilot and so decreases with pilot quantity until a limiting 
concentration of primary fuel is reached. At this concentration the reaction zone 
around the pilot widens and for similar large pilots, the premixed peak increases. As 
the pilot is then further reduced the premixed peak is also reduced which supports the 
argument that the combustion process always depends strongly on the pilot. 
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Figure 7.3 - Mass burned analysis at V2 load and 1500 rpm 
Results at 3/4 load The most relevant comparisons that can be made at 3/4 
load (shown in figure 7.4) are between diesel and q) = 0.03. The remaining data 
shows variation in SOI timing, but the 0.08 and 0.23 cases are within 0.5 CA degrees 
so they are also compared. The addition of a small amount of propane greatly 
increases the premixed peak, and the same arguments as for '/z load can be applied. 
Propane is a fast reacting fuel and given the elevated temperatures that occur at higher 
loads, the reaction zone around the pilot is widened. However, the magnitude of the 
premixed peak continues to correlate primarily with the size of the pilot. 
The addition of propane at first increases the initial mass burning rates where the pilot 
is sufficiently large that injection characteristics are not degraded. Then, as the pilot 
is reduced, the competition between propane and diesel for pre-ignition reaction 
radicals then decrease initial mass burning rates. This coincides with the emergence 
of a combustion pattern that can be identified as `dual fuel'. At 4=0.23, an almost 
equal contribution to mass burning rates is made by the premixed and diffusion 
burning phases. The combustion pattern is less recognisable as diesel combustion as 
the propane concentration increases, however, the dependence on the pilot process 
can be identified in all data sets. The pilot continues to act as an ignition source, but 
the reaction zone surrounding it changes. 
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Figure 7.4 - Mass burned analysis at 1500 rpm and 3/a load 
This is in agreement with the decreasing combustion duration. The increased 
diffusion burning rates show that a large proportion of the primary fuel is consumed. 
However, the elevated UHC emissions of figure 7.10 show that there are increasing 
quantities of propane surviving to the exhaust, and so the combustion process of the 
primary fuel are not complete. This suggests that the pilot ignites portions of propane 
nearby, and these subsequently ignite further portions of primary fuel that are not in 
direct contact with the diesel spray. However, when the pilot is consumed, 
combustion ends. This flame propagation process is not independent of the pilot. 
7.2.4 Effect of Increasing Load 
It has already been noted that the effect of increasing load is to increase the 
temperatures inside the cylinder, and as a result the flammability limits of the primary 
fuel are widened. To examine the effect in more detail, three similar equivalence 
ratios with similar injection timing are compared in figure 7.5. 
The results from '/4 and V2 load have the same injection and combustion timing; 
however the '/z load propane equivalence ratio is lower hence the pilot quantity is 
higher. The effect of a higher pilot is increase initial mass burning rates. SOI was 
delayed at 3/4 load compared to the lower load cases. Although the propane 
equivalence ratio was slightly higher, the fuelling strategy means that the pilot 
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quantity was also higher. The result is that there is little difference between the initial 








Figure 7.5 - Effect of increasing load at approximately the same equivalence ratio 
The combustion duration has increased with load. The diffusion and late burning 
phases at 3/4 load are higher as a consequence of increased cylinder temperatures and 
increased equivalence ratio. However, the `shape' of the mass burned profiles are 
similar to diesel with a distinct premixed peak. This suggests that the relative fuelling 
levels are more important than increased temperature in changing the combustion 
mechanism from diesel to dual fuel. 
7.3 EMISSIONS RESULTS 
7.3.1 BsNOx 
As the speed and load fluctuated between test points, the emissions of NOx are 
normalized against power and the results are presented in figure 7.6 against increasing 
propane equivalence ratio. BsNOx emissions are initially highest for low equivalence 
ratios at '/4 load, but as the propane concentration is increased, BsNOx decreases. 
NOx formation is a function of oxygen availability/local equivalence ratio and 
cylinder temperatures by Heywood (1988), so trends are explained on this basis. At 
'/4 load, the engine runs at the leanest overall equivalence ratio, and the greater oxygen 
availability promotes NOx formation. As load is increased and the engine runs at 
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richer equivalence ratios, NOx emissions decrease for the baseline cases. When 
propane is added to the combustion chamber, it displaces increasing amounts of air 
resulting in a richer overall equivalence ratio. Propane was supplied to the engine on 
the basis of percentage diesel energy substitution, and so large flow rates of the 
gaseous fuel were achieved. But, the equivalence ratio remains lean, so a more 
significant effect is the temperature of the in-cylinder gases. Propane burns at lower 
temperatures than diesel, so the effect of increasing equivalence ratio is to lower 









BsNOx emissions decrease with increasing propane equivalence ratio at '/4 load. By 
examining the burned zone temperature profiles in figure 7.7 (where the most relevant 
comparisons are between (D = 0.03,0.1 and 0.11) it can be seen that increasing 
propane reduces the temperatures during premixed combustion. The opposite effect is 
true during diffusion combustion: increased propane levels result in increased 
temperatures. NOx formation is also dependent on there being sufficient time to 
complete the reaction so the higher temperatures recorded at the end of combustion 
have a much smaller effect than the lower early temperatures, Abd-Alla et al. (2000). 
At light load, NOx formation is strongly dependent on cylinder temperatures, as 
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Figure 7.6 - BsNOx emissions at 1500 rpm 
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up to a stoichiometric mixture increases ignition delay. The extended delay causes 
the pilot fuel to become more dispersed through the cylinder, and so the delayed 
combustion occurs at lower temperatures, thus causing a reduction in NOx. At 1/4 
load, most of the energy released in the dual fuel combustion system is due to the 
pilot and the gaseous fuel entrained within the reaction zone. It is also likely that the 
reduced quantity of diesel fuel experiences poor atomization and penetration, which 
would also reduce its size, Turner and Weaver (1994). As the pilot becomes smaller, 




Figure 7.7 - Burned zone temperatures at '/d load and 1500 rpm. 
These arguments equally apply at V2 load, with the exception of 4) = 0.10. Inspection 
of table 7.1 reveals that this test point experienced a significantly earlier ignition 
timing and hence an early SOC with the results that the in-cylinder temperatures 
where higher for a longer time and occurred earlier in the engine cycle. The mass 
burned profiles of figure 7.3 show that this fuelling level was subject to a higher and 
earlier premixed peak. This also demonstrates the fundamental dependence of 
BsNOx emissions on the pilot fuel. 
At 3 load, the addition of a gaseous fuel has little effect on BsNOx emissions up to 
substitution levels of approximately = 0.15. (This anomalous result can also 
be 
explained on the basis of much earlier injection timing. ) Beyond 4=0.15, 
further 
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addition of propane results in a large reduction of BsNOx. In this region, the high 
temperatures associated with the burning of the pilot affect less of the gaseous fuel, 
and most of the energy released is from the diffusion burning of propane. 
What is more interesting in this data set is why the BsNOx emissions remain almost 
constant. The most likely explanation is that at high loads, high charge temperatures 
exist and the gradual reduction of the pilot quantity is mitigated by the increasing 
propane concentration. This is shown by the similar mass burned rates during 
premixed combustion in figure 7.4. Propane has wide flammability limits in the 
higher temperature cylinder conditions at high load, and this leads to a wide reaction 
zone, Newkirk et al. (1996). The net result is that propane initially has little effect on 



















Figure 7.8 - Visible smoke emissions at 
1500 rpm 
The results in figure 7.8 are conclusive: visible smoke is increasingly reduced 
by the 
increased addition of propane. This would be expected as gaseous fuels contain no 
heavy hydrocarbons. The increased propane concentration results in greater mass 
burning rates and higher temperatures during diffusion combustion, and this would 
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tend to result in a greater degree of soot particles being oxidized, Heisler (1995). It is 
also worth noting that the trend for smoke emissions to reduce applied across the data, 
even though SOI fluctuated. However, when similar equivalence ratios are compared, 
it can be seen that smoke is much higher at higher loads, where the quantity of diesel 
is higher. This suggests that the primary controlling variable in smoke production is 
the pilot. 
7.3.3 BsCO 
As for NOx, the emissions of CO were normalized against power to remove the effect 
of load and speed fluctuations. The results are presented in figure 7.9 where some 
straight forward trends exist: the increase in BsCO is almost linear with increasing 
propane equivalence ratio. The most likely explanation for this is the partial oxidation 
of most of the primary fuel, Bittner and Aboujaoude (1992). This increase is an 
indicator that as less air is available, less CO is oxidised to CO2. It is also reported 
that CO levels can increase when partial oxidation of unburned hydrocarbons from 
crevice volumes occur (such as during fuel lean conditions) and the large diesel 
crevice volumes will contain increasing amounts of propane as pilot quantity is 
reduced, Ren et al. (2000). This would support the earlier conclusion that no 
independent flame propagation occurs here: if it did then most of the propane would 
be consumed at high equivalence ratios at high load, with a reduction in BsCO. 
However, the near linearity of the results would imply that even though there is 
variation in pilot characteristics, the primary controlling variable in CO formation is 
the concentration of propane. 
BsCO emissions decrease with increasing load. The increase of load results in higher 
cylinder temperatures, which tends to decrease CO production: the combustion 
process is more complete as CO emissions are reduced per kilowatt, Heywood (1988). 
Previous research (Karim (1991)) has concluded that this increase in CO is due to an 
increasing degree of flame propagation through the charge, but this explanation is not 
entirely satisfactory when overall equivalence ratios remain very fuel lean. If the 
alternative explanation is accepted; that the whole of the dual fuel combustion process 
involves the pilot which is increasingly dispersed; then individual droplets of 
diesel 
will continue to act as ignition sources throughout combustion The pilot remains the 
ignition source for all of the primary fuel, and the increased propane concentration 
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widens the reaction zone around the pilot. Local fuel air ratios are therefore rich even 
when lean propane concentrations are used, leading to a greater concentration of 
partial oxidation products. At higher loads, portions of burning propane-air mixture 











BsUHC emissions are presented in figure 7.10, where similar trends to those observed 
for BsCO can be observed. The BsUHC emissions from a dual fuel engine are always 
elevated compared with diesel operation due to the valve overlap that allows some of 
the unburned fuel/air mixture to pass straight through to the exhaust. The diesel 
engine also contains large crevices and this too will increase UHC emissions, Wang et 
al. (2000). However, these effects would tend to remain the same for the same 
operating condition, but increase proportionally with propane concentration. It was 
therefore concluded in chapter six that BsUHC trends are better explained on the basis 
of over-leaning, under-mixing and incomplete combustion. 
BsUHC emissions increase with propane concentration at all load conditions, but at 
lower loads, this increase is disproportional to the increased propane flow rates. Low 
loads tend to exhibit a combustion process that is very similar to the diesel baseline 
case (figure 7.2). Therefore the injector performance is a good basis for explaining 
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the increased emissions. The reduced pilot quantity is over-mixed, particularly during 
diffusion and late combustion. This is also shown by the good correlation between 
the size of the diffusion burning period with BsUHC emissions: both increase with 
propane (or decreased pilot). 
At 3/4 load, the increase in BsUHC emissions are much less dramatic. Propane-air 
equivalence ratios are higher, and figure 7.4 shows a definite transition to a dual fuel 
process here. If this transition involved a change in combustion mechanism, BsUHC 
emissions would decrease when the propagating flame sweeps through the whole of 
the gaseous fuel. This doesn't happen, supporting the argument that there is no pilot 
independent flame propagation mechanism in this data set. 
Once again, there is a near linear increase in emissions with increased equivalence 
ratio. As the data is subject to variation in the pilot characteristics, this would suggest 
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Figure 7.10 - BsUHC emissions at 1500 rpm 
7.3.5 Noise 
The maximum rate of pressure rise is used as an indicator of combustion noise 
by the 
method of Selim (2001). Results for this maximum value and its location are shown 
in table 7.2. For '/4 load, maximum rate of pressure rise increases and occurs 
later 
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with increased propane equivalence ratio. The results agree with the increased 
propane addition leading to increased premixed combustion rates shown in figure 7.2. 
This would tend to cause more noise. On the other hand, the analysis is entirely based 
on the maximum rate of pressure rise, which is a function of combustion timing, and 






rate of Location 
Quarter Load 
0.00 50.016 4.0 337079.8 -0.5 
0.01 49.732 4.0 334220.8 -0.5 
0.03 44.614 4.5 262602.2 1.0 
0.07 46.671 5.0 265626.6 1.5 
0.10 47.072 5.5 272619.8 2.0 
0.11 45.849 5.5 241844 2.0 
Half Load 
0.00 50.089 7.0 300530.6 2.5 
0.01 50.42 7.0 300470 2.5 
0.05 53.219 6.0 371650.4 1.5 
0.10 54.734 6.0 412155.8 0.0 
0.15 48.447 7.5 260657.2 2.5 
0.16 47.308 7.0 281691.4 2.5 
Three Quarters Load 
0.00 49.363 8.5 260968.2 3.5 
0.03 50.48 8.5 289884 3.5 
0.08 62.342 8.5 331539.6 3.0 
0.15 51.632 12.0 439402.2 0.5 
0.23 52.481 8.0 262096.6 3.0 
Table 7.2 - Maximum rates of pressure rise and location 
At '/z and 3/4 load the location of maximum rate of pressure rise correlates with SOC, 
and rate of pressure rise correlates with peak cylinder pressure magnitude. This is 
unsurprising as the noise analysis follows from the cylinder pressure data and where 
conditions lead to fast initial combustion rates, the noise levels seem to increase. 
There are, however, some notable departures from this trend at 3/4 load where the 
highest peak cylinder pressure does not result in the highest rate of pressure rise 
(although this result may be explained by the earlier SOC). The second departure is at 
the maximum propane substitution where the highest peak pressure results in the 
lowest rate of pressure rise. This coincides with the transition observed in the mass 
burning analysis from a diesel combustion pattern to a dual fuel pattern. 
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This analysis is limited: it doesn't reveal whether combustion noise is increased when 
large mass burning rates occur during the diffusion period. For instance, the 
maximum fuelling rate at 3/4 load has a very low maximum rate of pressure rise and 
low initial mass burning rates. However, diffusion burning rates are high and make 
an almost equal contribution to the combustion process - whether they therefore make 
an equal contribution to the noise levels remain a subject of further research. What 
can be identified is that as the pilot quantity is reduced, so is combustion noise in a 
dual fuelled DI engine. 
7.4 CONCLUDING SUMMARY 
The analysis has identified that three different combustion patterns occur as the 
concentration of propane is increased. At low propane concentrations, the 
combustion pattern closely follows diesel, and at high substitution levels the classic 
dual fuel pattern appears where premixed and diffusion burning periods become less 
distinct. In between the two regimes there is a transition region. Where the pilot is 
large, premixed mass burning rates are elevated compared with diesel due to the wide 
reaction zone. Beyond a limiting pilot quantity, lower injection volumes result in a 
lower premixed peak and an increasing contribution from the diffusion phase which 
depends on propane concentration. It was also noted that when initial mass burning 
rates were lower than diesel, the rates soon increased and overtook the baseline case 
during the premixed regime, as propane has fast reaction rates. 
BsNOx emissions again correlate closely to the pilot processes. Where ignition delay 
is extended and initial mass burning rates are low, BsNOx emissions are low. The 
smoke emissions correlate with the diffusion burning period, (itself a function of the 
propane equivalence ratio), but a fundamental dependence on the pilot is also 
demonstrated. BsCO and BsUHC also showed a clear relationship with the propane 
fuelling levels. Higher propane concentrations resulted in increased levels of both, 
irrespective of whether the combustion pattern could be identified as diesel, dual fuel 
or transitional. However, the transition region between the diesel and classic dual fuel 
combustion patterns offers no benefits in terms of emissions reduction. 
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8.1 INTRODUCTION 
Performance and emissions characteristics obtained when the test engine was dual 
fuelled with butane are analyzed here. Patil (1996) reported that butane is clean 
burning and relatively simple fuel which has greater volumetric energy content than 
propane, and the emissions have a relatively low reactivity in the atmosphere. Goto et 
al. (1994) conducted a dual fuel investigation with butane and found that the engine 
had a higher thermal efficiency than when fuelled with propane, and much reduced 
quantities of diesel were needed for ignition Almost the same output was achieved as 
for diesel over a wide load range and operation was satisfactory at idle with 70% of 
the total heating value being supplied by butane. The butane-diesel engine had the 
same specific fuel consumption, reduced NOx emissions and low smoke compared to 
diesel but CO levels were greatly increased. It was suggested that this effect was 
caused because butane acts as a reducing agent for NOx, but is itself oxidized to CO, 
Goto et al. (1994). Propane and butane are by products of petroleum refining, and 
therefore are attractive fuels from an economic viewpoint, Turner and Weaver (1994). 
8.2 COMBUSTION ANALYSIS 
A limited quantity of test data is available for the comparison, as at 3/ load the highest 
butane substitution level resulted in the failure of an injector tip. At the highest 
butane equivalence ratio (no data was obtained) the engine became impossible to 
control with wild swings in load and speed, and a large degree of audible knock was 
noted. Upon investigation, it was discovered that the tip of one of the injectors had 
burned and a crack had propagated around the tip between all of the orifices. This 
failure ended the experimental program. 
8.2.1 Brake Specific Energy Consumption 
Data are plotted for increasing butane equivalence ratios in figure 8.1. It can be seen 
that as load increases, BSEC decreases. This is expected as an increase in load results 
in increased cylinder temperatures and increased equivalence ratio, both of which 
promote complete combustion. This result is in line with those observed in 6.2.2 and 
7.2.2. The data taken at %2 load was subject to variations in torque and speed, but 
it is 
unlikely that this erratic behaviour was caused by the injector breaking down. 
The 
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data recorded subsequently for 3/4 load did not suffer from this problem. 
At '/4 load, BSEC initially increases with increased butane concentrations. This effect 
can be explained on the basis of the slight torque and speed fluctuations that occurred 
resulting in a reduction in power over the first few test points, hence the slight 
increase in BSEC. From butane fuelling levels of = 0.05 and above, the power 
levels were constant (within experimental tolerance) and there was a slight decrease in 
BSEC with increased primary fuel concentration: the engine power output was not 
degraded significantly compared with diesel operation. Butane has a low LFL so 
even at these lean equivalence ratios, the addition of butane significantly widened the 
reaction zone surrounding the pilot ignition sites. 
The power was held approximately constant at 3/4 load and BSEC decreased with 
increasing butane concentration. The decreasing BSEC is suggestive of a more 
complete combustion process at this test point. The wide reaction zone surrounding 










8.2.2 Combustion Phasing Data 
The analysis begins with a comparison of combustion phasing parameters 
from the 
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consistently identified regardless of variation in SOI and SOC is ignition delay. which 
increases with butane equivalence ratio. 
Combustion duration increases to a maximum, then decreases at '/z and 3/4 load. this 
will be shown in section 8.2.3 to be indicative of a change in the combustion process. 
it was proposed in chapter six that this reduction coincides with a rapid combustion 
process that can occur in the transition regime where the pilot is still large enough for 
injection performance not to be degraded, but the primarv fuel has exceeded a limiting 
equivalence ratio that allows a large reaction zone. 
Primary Pmax Power SOI SOC Ignition Duration 
(4) (bar) Location Sdev P (kW) (CA deg) (CA deg) Delay (ms) (CA deg) 
Butane / Load 
0.00 48.777 4.0 0.719 4.4 -11.5 -5.0 0.361 30.5 
0.02 44.932 4.5 0.823 4.2 -9.5 -3.0 0.361 29.5 
0.03 44.997 4.5 0.866 4.2 -9.5 -3.0 0.361 28.5 
0.06 44.304 4.5 0.747 4.3 -9.0 -3.0 0.333 28.0 
0.11 46.224 5.0 0.572 4.3 -9.5 -3.0 0.361 29.0 
Butane '/a Load 
0.00 49.76 7.5 0.465 9.3 -8.0 -2.0 0.333 30.0 
0.03 49.11 7.0 0.672 9.4 -8.5 -2.0 0.361 29.5 
0.04 48.34 6.0 0.576 9.4 -8.0 -2.0 0.333 30.5 
0.08 49.416 6.5 0.733 9.7 -9.0 -3.0 0.333 30.5 
0.11 46.314 7.0 1.85 9.6 -9.0 -2.5 0.361 30.0 
0.16 54.545 9.5 1.224 10.0 -9.0 -3.0 0.389 28.5 
Butane' Load 
0.00 48.61 9.0 0.514 14.0 -6.0 -1.0 0.278 
30.5 
0.05 48.896 9.0 0.505 14.0 -6.5 -1.0 0.306 
31.0 
0.07 49.235 9.0 0.523 13.8 -6.5 -1.0 0.306 
31.5 
0.12 51.606 9.5 0.742 13.7 -7.5 -2.0 
0.306 32.5 
0.20 57.73 8.5 0.92 13.6 -9.0 -3.5 
0.306 31.5 
Table 8.1 -Combustion phasing results for outane 
An increasing then decreasing pattern appears at '/4 an d '/2 load for maximum cylinder 
pressure, but cylinder pressure increases with butane concentration at 3/4 load. This 
is 
because the maximum cycle pressure occurs during the diffusion burning period; 
but a 
classic dual fuel combustion pattern appears at almost all of the butane concentrations 
at 3/4 load. The lower load conditions shows a switch between diesel and 
dual fuel 
patterns at the higher butane concentrations. 
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The trends in cyclic variability are much more uniform in that they increase with 
increased primary fuel levels, except at '/4 load where the addition of butane 
ultimately leads to a more stable combustion process. SOC and SOI again correlate 
closely with each other, but show that SOC occurs earlier with increased butane levels 
at 3/4 and '/2 load, but later at '/4 load. This shows that the pilot and primary, fuel 
interact differently with butane than the other primary fuels and that mass burning 
rates are a strong function of the butane fuel level. 
8.2.3 Mass burned analysis 
Results at'/4 Load Results for the mass burned analysis at 1500 rpm and I/, 
load are presented in figure 8.2. The most realistic comparisons (on the basis of SOI 
and power output) can be made between c1) = 0.02,0.03 and 0.11, as the diesel data 
were subject to a much earlier SOI. This explains why the data in figure 8.2 appears 
to show a much higher premixed peak for diesel combustion. However, in the all data 
sets presented previously where SOI was held the same, the diesel data and lowest 
primary fuelling levels showed very similar mass burned profiles. Had SOI been 
















Figure 8.2 - Mass burned analysis at '/4 
load and 1500 rpm 
Increased butane concentrations increase initial mass burning rates and the premixed 
peak (except for = 0.06). This anomalous result can be explained on the 
basis of a 
delayed SOI. Given the competition between butane and diesel 
for pre-ignition 
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reaction radicals (Karim and Rogers (1967)), the resulting ignition process was less 
positive and led to a slower initial mass burning rate and reduced peak pressure. For 
the other data sets where SOI and SOC are the same, the increased butane 
concentration leads to a faster initial combustion process, where the reaction zone 
surrounding the pilot engulfs more of the butane-air mixture. 
Combustion duration initially decreases, which supports the arguments that the pilot 
takes part in the whole combustion process: when the pilot is consumed, combustion 
ends. The smaller pilot affects less of the charge, and butane mixture not engulfed by 
the pilot reaction zone is not consumed. The combustion duration then increases 
when the butane equivalence level exceeds a limiting value, and the reaction zone 
around the pilot is widened. 
The shape of the mass burned graphs remains the same as for diesel, and there are 
distinct premixed and diffusion burning phases for all data sets at %4 load. The 
amount of fuel consumed during diffusion burning increases with butane 
concentration, but also tends to increase during the premixed burning phase. This 
would suggest a more complete combustion process occurs. 
Results at /2 load The results at V2 load are presented in figure 8.3 where 
the most realistic comparisons can be made between diesel and C=0.04, and 
between cD = 0.08,0.11 and 0.16. The addition of a small quantity of butane 
competes with diesel for pre-ignition radicals leading to slower initial mass burning 
rates. Mass burning rates then increase during the premixed phase and a higher peak 
is eventually reached. Diffusion burning rates are lower which suggests that the 
reduced pilot and its limited reaction zone affect less of the charge. This is a different 
result than observed in chapters six and seven (explored further in chapter nine). 
There is a change from the diesel mass burning pattern as butane concentration is 
increased. When the pilot quantity is reduced the initial mass burning rates decrease 
and the premixed combustion phase is slower leading to a lower peak. This can 
be 
observed in figure 8.3 by comparing the 0.08 and 0.16 data sets which have the same 
injection timing. For the higher butane concentration, the diffusion burning rates are 
greatly increased but the combustion duration is also markedly reduced. The 
BsUHC 
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graph in figure 8.8 shows high levels of unreacted fuel, which supports the notion that 
the pilot takes part in the whole process and when it is consumed, combustion ends. 
The situation is less clear during the transition between the two regimes. At first, the 
large pilot has a large reaction zone and most of the fuel is consumed very quickly in 
an early premixed combustion process, with reduced rates of diffusion burning. A 
slight increase of butane then results in a sharp drop in the premixed peak, and only a 
slight increase in the diffusion burning rates. So rather than there being one type of 
combustion pattern at intermediate primary fuelling levels, there are two, the first 

















Figure 8.3 - Mass burned analysis at '/z load and 1500 rpm 
Results at 3/4 load The results at 3/4 load in figure 8.4 include all of the data 
that was obtained before the injector failed, and hence are for low butane substitution 
levels. The most relevant comparisons are made between diesel, = 0.05 and 0.07, 
and show that as the butane equivalence ratio is increased the rates of mass burned 
also increase though out combustion. At the highest load point and hence the highest 
in cylinder temperatures, there is no evidence of butane reducing the initial mass 
burning rates as was observed for '/4 and 1/2 load. The addition of butane promotes a 
faster and more complete combustion process. 
Even at low equivalence ratios, a dual fuel combustion pattern emerges. 
As the 
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butane equivalence ratio is increased, the contribution of the diffusion burning period 
to total energy release is increased, and eventually levels exceed those observed 
during the premixed phase. However, the two phases remain distinct due to the low 










Figure 8.4 - Mass burned analysis at 3/4 load and 1500 rpm 
8.2.4 Effect of Increasing Load 
The effect of increasing load is demonstrated in figure 8.5 where data sets at 
approximately the same equivalence ratio of 0.11 are compared. The shortest ignition 
delay was at 3/4 load, but the SOI was later for this data set, which should have 
resulted in a longer ignition delay. This test point demonstrates the tendency for 
higher cylinder temperatures to promote complete combustion. The initial mass 
burning rates were lowest at 3/4 load, which is partly a reflection of the slightly 
delayed SOC compared to V2 load, but also demonstrates the competition between 
diesel and butane for pre-ignition reaction radicals. 
The highest mass burning rates were obtained at 3/4 load. The butane equivalence ratio 
was similar for the three cases in figure 8.5, but the pilot quantity was increased at the 
higher load. The larger pilot results in an increased quantity of fuel being consumed 
during the premixed. The increased rates of burning during the diffusion phase are a 
function of the quantity of butane fuel in the pilot reaction zone. 
The higher 
temperatures lower the flammability boundaries of butane, Luft (2001). 
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As load is increased, the diffusion burning period makes an increasing contribution. 
but remains distinct from the premixed peak. The quantity of butane remains the 
same, so the only explanation for increased diffusion burning rates is that the larger 













Figure 8.5 - Effect of increasing load at 1500 rpm 
8.3 EMISSIONS RESULTS 
8.3.1 BsNOx 
The emissions for NOx are normalized against power and plotted against butane 
equivalence ratio in figure 8.6. It can be seen that BsNOx is reduced with increased 
butane concentrations at '/o load. In chapter seven, it was explained that at light load, 
NOx formation is strongly dependent on cylinder temperatures. The addition of a 
gaseous fuel increases ignition delay due to competition between the pre-ignition 
reaction process of the pilot and primary, Liu and Karim (1995). The longer 
ignition 
delay causes the pilot fuel to become more dispersed through the cylinder, and so 
delayed combustion occurs at lower temperatures, thus causing a reduction 
in NOx. 
At '/4 load, most of the energy released is due to the pilot. Figure 8.2 shows that as 
the 
pilot becomes smaller, less of the gaseous fuel bums in the initial higher temperature 
phase of combustion, and the poorer atomization and spray characteristics reduce 
the 
size of the reaction zone. 
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At 3 load, the trend is for a gradual increase in BsNOx with increased butane 
addition. This is because at high loads, high charge temperatures exist and the 
gradual reduction of the pilot quantity is mitigated by the increasing primary fuel 
concentration. This is shown in figure 8.4 where at the highest butane substitution 
levels an almost equal contribution to heat release made by the premixed and 
diffusion burning phases, so the charge experiences higher cylinder temperatures. 
This effect is combined with a gradual enriching of the butane-air mixture and the end 
result is an increase in BsNOx. 
At V2 load, the addition of butane initially causes the emissions of BsNOx to increase, 
but then decrease beyond equivalence ratios of 0.11. This can be explained on the 
basis of varying power levels and varying Sol. The data for diesel and butane 
equivalence ratios of 0.03 and 0.04 experience earlier injections and shorter ignition 
delays. This causes more of the fuel to bum in higher cylinder temperatures, and 
hence leads to higher BsNOx emissions. In addition, the power output of the engine 
was elevated for the highest three data sets, and this would also cause the normalized 
NOx emissions to decrease compared with the first three cases. Where diffusion 
burning made an equal or greater contribution to energy release, combustion was 
delayed and so BsNOx did not increase. 
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Figure 8.6 - BsNOx emissions at 1500 rpm 
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This view is supported by examining the burned temperature profiles. The 
corresponding profiles to the data of 8.5 are presented in figure 8.7. As load is 
increased, cylinder temperatures are increased. This is not unexpected: it is known 
that increased load leads to increased cylinder temperatures. The larger pilot 
consumes butane in a larger reaction zone leading to the higher initial temperatures. 
The increased temperatures primarily affect the premixed phase of combustion. At '/4 
load the temperature profile increases quickly at first, then at a reduced rate during the 
diffusion burning period. The marked difference between the two phases disappears 
as load is increased and at 3/4 load where diffusion burning makes a much larger 




Figure 8.7 - Comparison of burned zone temperature profiles at 
1500 rpm 
Burned zone temperatures converge to similar values during diffusion burning phase. 
The similar values at the end of combustion would confirm that the early temperatures 
are more important in BsNOx formation. The initial mass burning rates and premixed 
burning phase are primarily functions of the pilot fuel, therefore a fundamental 
dependence on the size of the pilot in dual fuel NOx emissions is demonstrated. 
8.3.2 Smoke 
Figure 8.8 shows that smoke was increasingly reduced by the addition of 
butane. This 
would be expected as gaseous fuels contain no heavy hydrocarbons, 
but a correlation 
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exists between diffusion burning rates and smoke emissions too. For example. at %z 
load and J=0.03, diffusion burning rates decrease, and smoke emissions increase. 
Elsewhere; diffusion burning rates increase and smoke emissions decrease. The 
explanation for this effect is that particulate matter is oxidized during diffusion 
burning so a greater opportunity for oxidation of soot exists. 
Figure 8.8 also shows that smoke emissions decrease as load decreases. The primary 
difference when load is decreased is that pilot quantity is decreased, therefore smoke 











Figure 8.8 - Visible smoke emissions at 1500 rpm 
8.3.3 BsCO 
CO emissions were normalized against power, and the data are shown in figure 8.9. 
The trends here are straightforward; BsCO increases as load is decreased. Increased 
load results in higher cylinder temperatures which lead to a more complete 
combustion process involving more of the butane air mixture. It has been discussed 
in chapters six and seven that if the pilot fuel continues to bum throughout the whole 
of the combustion process, then the increased primary fuel concentration around pilot 
droplets results in an increasingly rich combustion process. More partial oxidation 
products of CO would therefore result. 
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BsCO also increased with increasing concentrations of butane at all loads. The 
primary mechanism for this is believed to be partial oxidation of butane from crevice 
volumes. Also, as the butane concentration is increased, less air is available and so 
less CO is oxidised to C02. The increase in BsCO is near linear, and the deviations 
from a linear relationship can be explained on the basis of fluctuations in power 
output between test points. This would suggest that butane concentration is the 











BsUHC emissions are shown in figure 8.10 where the trends are similar to those 
observed for BsCO. As mentioned in chapter six, the BsUHC emissions trends are 
best discussed on the basis of over-leaning, under-mixing or incomplete combustion. 
BsUHC emissions decrease with load and are highest at '/4 load. Low loads tend to 
exhibit a diesel type combustion process and so the most likely explanation 
for higher 
UHC emissions is that the reduced pilot is over-mixed, particularly during 
diffusion 
burning. At 3/4 load, the increase in BsUHC is less dramatic which supports the 
argument that more of the butane air-mixture is consumed in the combustion process 
as a consequence of the elevated cylinder temperatures. 
203 
0.0 
0.00 0.05 0,10 0,15 020 
Butane Equivalence Ratio 
Figure 8.9 -BsCO emissions at 1500 rpm 
BsUHC increases with increasing equivalence ratio at all loads, primarily due to 
degradation in injector performance leading to poor atomisation and vaporization with 
reduced pilot quantities, Pirouzpanah and Nohammadi (1996). This results in under- 
mixing of part of the pilot fuel during the late burning stage. Over-leaning is also 
likely to occur during extended ignition delays with increased butane fuelling. 
however this is mitigated to some extent by the pilot fuel mixing with the primary fuel 










BsUHC emissions deviate from a linear increase with butane concentration. This is a 
different result to that observed for methane (chapter six) and propane (chapter seven) 
and can partly be explained on the basis of power fluctuations. The deviation at 'h 
load was caused by a reduced diffusion burning phase. These differences are 
examined further in chapter nine. 
8.3.5 Noise 
The maximum rate of pressure rise is again used as an indicator of combustion noise 
and results for this maximum value are presented in table 8.2. Conditions where 
maximum pressures are highest yield the maximum noise levels, as might 
be 
expected. None of the data presented in figure 8.2 to 8.4 show a 
fundamental change 
in the combustion process, and so there are no departures from this trend. 
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Figure 8.10 -BsUHC emissions at 1500 rpm 






of Pressure rise Location 
Quarter Load 
0.00 48.777 4.0 308351.0 
_1.0 
0.02 44.932 4.5 220081.4 1.0 
0.03 44.997 4.5 220997.0 0.5 
0.06 44.304 4.5 209612.0 1.0 
0.11 46.224 5.0 250911.6 0.5 
Half Load 
0.00 49.76 7.5 264503.0 1.5 
0.03 49.11 7.0 262994.4 1.5 
0.04 48.34 6.0 269932.4 2.0 
0.08 49.416 6.5 290360.8 1.0 
0.11 46.314 7.0 226842.2 1.5 
0.16 54.545 9.5 258236.2 1.5 
Three Quarters Load 
0.00 48.61 9.0 234749.2 3.0 
0.05 48.896 9.0 240124.0 3.0 
0.07 49.235 9.0 241995.0 3.0 
0.12 51.606 9.5 265975.0 2.5 
0.20 57.73 8.5 313051.8 1.0 
Table 8.2 - Maximum rates of pressure rise and location 
The location of maximum noise correlates with injection timing, but where this is held 
constant, noise decreases with increased butane concentrations. This is supported by 
the observations made relating to figures 8.2 to 8.4 that initial mass burning rates are 
lower as butane concentration is increased. The result of initial low mass burning 
rates is reduced noise, even when premixed burning rates are ultimately higher. 
8.4 CONCLUDING SUMMARY 
The three zone model has identified that three different combustion patterns occur as 
the concentration of gaseous fuel is increased. At low butane substitution levels, the 
combustion pattern closely follows diesel, and at high substitution levels the diffusion 
and premixed burning phases make an almost equal contribution. The two phases did 
not become indistinct due to a lower knock limited equivalence ratio. 
The transition pattern between the two regimes was different to results from chapters 
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burning rates. It was proposed that the wide reaction zone surrounding the pilot left 
less fuel available for combustion after the premixed phase; a position supported by 
the sharp increase in BsCO and BsUHC noted at this condition. 
BsNOx emissions correlate closely to the pilot processes. Where ignition delay is 
extended and initial mass burning rates are low, BsNOx emissions are low. The 
smoke emissions correlate closely with the diffusion burning period, itself a function 
of the butane equivalence ratio, but the pilot fuelling levels were also noted to have a 
significant influence. BsCO and BsUHC also showed a clear relationship with the 
butane fuelling, and higher equivalence ratios resulted in increased levels of both 
emissions. 
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CHAPTER NINE: COMPARISON OF THE PRIMARY FUELS 
9.1 INTRODUCTION 
The performance of different gaseous fuels is the subject of this chapter, as they have 
not been directly compared in a DI diesel engine. Analysis is made of the 
characteristics resulting from varying pilot quantity and gaseous fuel concentrations 
for three different fuels; methane, propane and butane, as these factors have been 
identified (Gebert et al. (1997), Mbarawa et al. (2001) and Lin and Su (2003)) as 
amongst the most important parameters influencing the dual fuel combustion process. 
It was identified in chapter six that injection timing and power output, which were 
subject to a degree of variance, have a profound affect on the subsequent combustion 
process. Therefore the analysis in this chapter is confined to those data sets where 
these variables are most similar. For each load, a low primary fuel substitution level, 
the maximum and a point with the same equivalence ratio are compared. Selected 
technical data for the tested fuels are presented in table 9.1, and further data is 
available in appendix A 
Fuel Methane Propane Butane Diesel 
Chemical Formula CH4 C3H8 C4H1o C12H26 
Molecular Weight 16 44 58 -170 
Density at STP (kg/M3) 0.647 1.779 2.345 -840 
LHV (Mi/kg) 50.05 46.33 45.73 42.9 
Stoichiometric Air/Fuel 17.2 15.7 15.5 14.5 
Cetane Number -0 -0 -5 40-55 
Flammability U 
Limits L 









Table 9.1 - Technical data for the fuels from BOC data sheets (appendix A) 
9.2 CQMKSTIQN ANALYSIS 
The analysis is confined to synchronous speed (1500 rpm) and three loads 
corresponding to '/., V2 and %. This is relevant as the test engine is used in genset 
applications between 20 and 60kVA where the typical duty cycle of this type of 
engine is to operate for 90% of the time between '/a and 3/, load. 
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9.2.2 Brake Specific Energy Consumption 
Brake Specific Energy Consumption (BSEC) is the ratio of the energy supplied by the 
fuels to the power obtained from the engine. It is calculated from 
BSEC = 
mpflmaryQLCVpnmary +md QLCVd 
(9.1) Power 
where mprwry and and refer to the masses of the primary and pilot respectively and 
QLcv is the lower calorific value of the fuels. 
Results at 1/4 load. Data are plotted to compare the three primary fuels in figure 9.1 
at %a load. As the equivalence ratio is increased, BSEC also increases for all three 
fuels. The BSEC of methane shows a much greater increase than propane and butane, 
which both show only a slight increase. It can be seen that a much higher substitution 
level was achieved with methane than was possible to achieve with propane (which 
exhibited knock at the highest levels) or butane (where the maximum fuel quantity 
was limited by the minimum pilot level that could be supplied). However, when the 
results are compared over the same fuelling range (up to O. 15) methane still shows 
the greater increase. If BSEC is to be taken as a measure of combustion 
completeness, then this would show that large amounts of methane are surviving to 
the exhaust stage unreacted. The second explanation is formed on the basis of energy 
content. Butane and propane are considered more reactive fuels than methane and 
have reduced lower flammability limits (LFL), Badr et al. (1999). The combustion 
reactions of propane and butane are therefore more complete at low loads and hence 
low equivalence ratios. 
Butane shows the lowest BSEC of the three fuels, which was only slightly increased 
compared with diesel operation. However, it is worth noting that due to power 
fluctuations, the tests involving butane were at a slightly lower power. Nevertheless; 
butane is considered the most reactive of the three fuels and has the lowest LFL: 
butanes combustion process was the most complete at low loads. 
An anomalous result appears at methane CD = 0.17. This was observed in chapter six 
to be caused by fluctuations in load and speed resulting in a disproportionately 
decreased diesel injection. Strictly speaking, this result should not be included 
in 
further analysis, but it does show that BSEC increases with decreased pilot quantities. 
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Results at 1/2 load. Data for the three primary fuels at half load are presented in 
figure 9.2, where it can be noted that power levels were held much more constant 
between tests. The performance of methane is somewhat different to propane and 
butane as increasing methane concentrations resulted in an increasing BSEC. Once 
again the maximum equivalence ratio was achieved with methane, but the trend still 
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Figure 9.2 - Comparison of primary 
fuels at'/2 load and 1500 rpm 
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The engine operation with butane was unstable at this test point. The unstable 
operation is not thought to be a symptom of the injector failure (chapter eight). In 
order to better compare the data, a trend line (based on rolling average) has been 
added to the butane data in figure 9.2, which shows that unlike for '/4 load, propane 
exhibited the lowest BSEC. As this result is repeated at 3/4 load. it would seem to be 
valid. 
Results at 3/4 load. The results at 3 load are presented in figure 9.3. For methane 
and propane, BSEC decreased with increasing equivalence ratio. As load is 
increased, and so are cylinder temperatures, the combustion process becomes more 
complete and consumes more of the gaseous fuel. Maximum substitution levels were 
higher for propane than for butane. This is expected, as the engine performance was 
severely limited by knock when fuelled with butane. However, the injector failed at 










Figure 9.3 - Comparison of primary 
fuels at 3/e load, 1500 rpm 
Methane shows an increase with BSEC at low equivalence ratios, then a decrease at 
high equivalence ratios, which cannot be explained by power fluctuations 
(chapter 
six). When this effect was examined with reference to mass burning 
diagrams and 
emissions data, it appears that the addition of methane has at first a detrimental effect 
on the combustion process. When the engine is dual fuelled with methane, there 
is a 
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levels. At first, the methane equivalence ratio is too fuel lean to sustain a wide 
reaction zone around the ignition sites. Most of the energy contribution at these 
points is due to combustion of diesel fuel. As progressively more methane is added, a 
primary fuel equivalence ratio is reached where methane can sustain a combustion 
reaction (coinciding with (D = 0.4 in this data set). The reaction zone then becomes 
progressively wider as the methane concentration is increased and the overall 
combustion process becomes an increasingly strong function of the primary fuel 
concentration through a more significant diffusion burning period. This effect is not 
noted in the more reactive propane or butane fuels. 
9.2.3 Combustion Phasing Data 
Results at '/. load A comparison of combustion phasing parameters for the 
selected data sets at '/4 load are presented first in table 9.2. The data sets chosen for 
analysis were the lowest primary fuel substitution level, the highest level and a point 
having the same equivalence ratio (approximately 0=0.11). The most realistic low 
point comparisons are made between methane 0=0.02 and propane 0=0.01 as they 
have very close injection timings. For butane and propane, 0=0.03 makes an 
excellent comparison. The comparison between methane and butane is difficult as 
methane SOI was earlier. This is due to the engine control strategy: the same 
equivalence ratio of methane replaced a lower pilot quantity. The smaller butane pilot 
experienced much more delayed SOI, which must be considered in the analysis. 
Pm ax 
Primary Pmax Sdev Sdev SOI SOC Ignition Duration 
Location 
(0) (bar) Pmax Location (CA deg) (CA deg) Delay (ms) (CA deg) 
(CA) 
Methane' Load 
0.02 49.98 4.00 0.47 0.35 -11.5 -4.5 0.389 28.5 
0.12 46.99 4.50 0.64 0.31 -10.0 -3.0 0.389 28.5 
0.29 47.35 5.00 0.51 0.61 -11.5 -3.5 0.417 30.5 
Propane' Load 
0.01 49.732 4.0 0.406 0.524 -11.0 -4.0 0.389 28.0 
0.03 44.614 4.5 0.685 0.438 -9.5 -2.5 0.389 27.5 
0.11 45.849 5.5 1.078 0.612 -9.5 -1.5 0.444 29.5 
Butane' Load 
0.02 44.932 4.5 0.823 0.521 -9.5 -3.0 0.361 29.5 
0.03 44.997 4.5 0.866 0.44 -9.5 -3.0 0.361 28.5 
0.11 46.224 5.0 0.572 0.679 -9.5 -3.0 0.361 29.0 
Table 9.2 - Comparison of combustion phasing parameters for the three fuels at 1/4 load 
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As the primary fuel is increased, a greater degree of cyclic variability in the location 
of peak pressure is recorded. It appears that the most unstable and variable low load 
combustion process occurs when propane is used as the primary fuel, and an 
increasing variation in location of peak pressure is noted. The highest peak pressures 
are recorded with methane, as are the most stable combustion processes. Although 
ultimately higher equivalence ratios were obtained, less diesel energy was replaced by 
methane. This larger pilot tends to promote a stable and positive combustion process. 
Propane and butane exhibit decreasing then increasing peak cylinder pressures that 
occur later in the cycle. This indicates some change to the combustion process 
(discussed in section 9.3.3). 
A consistent trend is recorded that ignition delay increases with increased primary 
fuel concentration. This agrees with the findings in chapter two that there is a degree 
of competition between the gaseous and diesel fuel for pre-ignition reaction radicals, 
Karim et al. (1989). The longest ignition delays were recorded with propane (due to 
its high reactivity). Overall, the addition of the primary fuel (allowing for SOI 
fluctuations) results in extended combustion durations, particularly in the late burning 
phase (section 9.3.3). 
Pmax 
Primary Pmax Sdev Sdev SOI SOC Ignition Duration 
Location 
(4)) (bar) Pmax Location (CA deg) (CA deg) Delay (ms) (CA deg) 
(CA deg) 
Methane'/z Load 
0.03 49.40 0.50 0.43 0.27 -8.0 -1.5 0.361 
30.5 
0.18 52.76 5.00 0.59 0.52 -11.5 -4.0 0.417 
30.5 
0.33 51.40 7.00 1.33 0.55 -10.5 -3.0 
0.417 32.0 
Propane'/Z Load 
0.01 50.42 7.0 0.502 0.468 -8.0 -1.5 
0.361 30.0 
0.16 47.308 7.0 1.668 0.657 -9.5 -1.5 
0.444 31.0 
Butane'/: Load 
0.03 49.11 7.0 0.672 0.497 -8.5 -2.0 
0.361 29.5 
0.16 54.545 9.5 1.224 0.54 -9.0 -3.0 
0.389 28.5 
Table 9.3 - (: ompanson of comDusuon pnasu, g lia-u -, - ,ý- 
Results at 1/2 load The results from `/z load are compared in table 
9.3, where 
different trends to those observed previously are recorded. In order to make more 
valid comparisons, the maximum fuelling cases for propane and butane are compared 
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to both the maximum and similar cases of methane = 0.33 and 0.16. At the higher 
load, and hence higher cylinder temperatures, increasing primary fuel concentrations 
increase (but delay) the maximum cycle pressure. Butane has the highest, but most 
delayed maximum cylinder pressure which is indicative of a change from diesel to 
dual fuel combustion patterns. Once again, ignition delay and cyclic vanability 
increases with the primary fuel. 
Results at 3 load Referring to table 9.4, methane shows an increasing then 
decreasing maximum pressure with increased equivalence ratio whereas butane and 
propane show a continually increasing trend. This is possibly due to the ultimately 
lower maximum propane and butane substitution levels that were observed, but also 
indicates the continued reliance of methane on the pilot fuelling levels. 
Pmax 
Primary Pmax Sdev Sdev SOI SOC Ignition Duration 
Location 
(cI) (bar) Pmax Location (CA deg) (CA deg) Delay (ms) (CA deg) 
(CA deg) 
Methane' Load 
0.05 49.63 8.00 0.47 0.38 -6.5 -0.5 0.333 31.0 
0.13 51.10 8.00 0.52 0.36 -7.5 -1.0 0.361 32.0 
0.70 50.32 11.50 1.24 0.93 -7.5 -1.5 0.333 32.0 
Propane' Load 
0.03 50.48 8.5 0.414 0.482 -6.5 -0.5 0.333 31.0 
0.15 51.632 12.0 3.989 1.513 -11.0 -3.5 0.417 28.0 
0.23 52.481 8.0 0.562 0.542 -8.0 -1.0 0.389 30.0 
Butane 3 Load 
0.05 48.896 9.0 0.505 0.619 -6.5 -1.0 0.306 
31.0 
0.12 51.606 9.5 0.742 0.511 -7.5 -2.0 0.306 
32.5 
0.20 57.73 8.5 0.92 0.46 -9.0 -3.5 0.306 
31.5 
Table 9.4 - Comparison of combustion phasing parameters at ra ioau 
7.2.3 Mass burned analysis 
Results at'/4 load The low primary fuel substitution levels at 'A load are 
compared in figure 9.4. Given the variation in SOI and equivalence ratio, the most 
reasonable comparisons can be made between methane = 0.02 and propane (1) = 
0.01; and propane = 0.03 and butane D=0.02 and 0.03. It is difficult to compare 
methane and butane directly as methane has a much earlier SOI. This variation was 
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The combustion pattern is similar in shape to diesel, but similar in magnitude only for 
methane and propane. The mass burning rates during the premixed phase are 
primarily a function of the pilot quantity and injection timing. The propane profile is 
delayed by 0.5 crank angle degrees and slightly reduced compared with methane, and 
has a shorter combustion duration. This follows from the larger pilot quantity for 
methane. 
Butane has the same injection timing, but a much reduced premixed peak compared 
with propane 0=0.03, and the diffusion burning rates are higher. This occurred even 
though the propane pilot was slightly smaller showing that the butane diesel 
interaction is different to the propane diesel one. Butane's competition with the diesel 
pilot for active radicals (Karim et al. (1991)) leads to a much reduced initial mass 







Crank Angle (degrees) 
Figure 9.4 - Comparison of lowest primary fuel substitution 
levels at 1/4 load 
The maximum primary fuel substitution levels are compared at '/4 load in figure 9.5. 
As the maximum methane concentration was significantly greater than for propane 
and butane, a similar methane equivalence ratio ((D = 0.12) is also compared. 
All 
three primary fuels showed reduced mass burning rates during premixed combustion 
and higher diffusion burning rates compared with diesel in chapters six, seven and 
eight. In other words, combustion of the gaseous fuel has begun to make a more 
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significant contribution to overall energy release rates. However, the combustion 
pattern remains similar in shape to that of diesel, so the pilot fuel still has a profound 
effect. Dual fuel combustion is known to be poor at light load, and this is shown by- 
the premixed combustion phase being reduced. Both propane and butane had higher 
diffusion combustion rates compared to methane. The diffusion burning rates of 
propane were the highest, although this is most likely to be due to the late SOC for 
propane, leading to sluggish initial rates of combustion. 
SOI timing was approximately the same for all three fuels, but the addition of propane 
caused a more extended ignition delay than methane or butane. The addition of 
propane has a deleterious effect on pre-ignition processes leading to delayed SOC and 
initially slower rates of mass burning, Luft (2001). However, propane is considered 
to be a fast reacting fuel and in spite of the delayed SOC, mass burning rates 
subsequently exceed those of butane, but do not quite catch up with methane. It can 
be concluded that at low load, a more reactive primary fuel will result in a delayed 
combustion process through its competition for pre-ignition reaction radicals. This 
must be the main cause as butane had a higher pilot quantity than propane and a 
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Figure 9.5 - Comparison of maximum and same equivalence ratios 
at 1/4 load 
The maximum primary fuel levels were limited by misfire at low loads. 
The highest 
energy replacement was with methane, but this is partly a function of an earlier 
SOI 
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which allowed the combustion process to proceed at higher temperatures. The main 
reason is that higher equivalence ratios of methane replaced lower pilot quantities. 
Results at 1/2 load. The lowest primary fuel substitution levels at '/z load are shown 
in figure 9.6. Although the propane equivalence ratio is slightly lower. SOI are 
similar for the three fuels. As for 1/4 load, the mass burned profile is a similar shape to 
that observed for diesel fuel. Methane was noted to have slightly reduced mass 
burning rates during the premixed phase of combustion and almost identical rates of 
diffusion burning to the diesel case in chapter six. Propane has slightly higher rates 
during both phases compared with the diesel case (chapter seven) and the methane 
case. The differences for butane are more pronounced, and although SOC was 
slightly advanced compared with methane and propane, the premixed peak is much 
lower. This is further evidence of butane competing with and impeding the 
combustion process of the diesel pilot as mass burning rates throughout premixed 
combustion were reduced. The distinction between premixed and diffusion burning 
phases is also less pronounced due to a less positive ignition source provided by the 
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Figure 9.6 - Comparisons of minimum primary substitution 
at '/z load 
Butane is considered the most reactive of the three primary fuels and 
has the shortest 
combustion duration, Liu and Karim (1995). The graph of figure 
9.6 shows that for 
all three fuels the combustion process is strongly dependent on the pilot, and 
that 
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when the pilot has been consumed, combustion ends. By examining the unburned 
hydrocarbon graph of figure 9.18 it can be seen that there is a sharp increase in 
BsUHC emissions after butane 4) = 0.03. This would s»uoPzt that at ti,; c i,,.. -. 
equivalence ratio, the combustion process was much more complete and most of the 
primary fuel was ignited directly by the pilot and consumed more quickly. Propane 
again exhibited the longest ignition delay and the slowest initial mass burning rates 
during the premixed phase. This too can be attributed to competition between 
propane and diesel during pre-ignition reactions resulting in a less positive, slower 
combustion process. However, the wider reaction zone ultimately leads to higher 











In figure 9.7 the maximum primary fuel substitution levels are compared. The 
maximum methane equivalence ratio was significantly higher than for propane or 
butane and so a similar methane fuelling level ((D = 0.18) is also compared. A 
different combustion pattern emerges for butane, and is evidence of a fuel rich, quick 
combustion process that can occur at mid point substitution levels. The initial mass 
burning rates and premixed peak of butane are lower than for propane and methane, 
however the diffusion burning rates are greatly elevated. Combustion duration is 
reduced for butane, and the sharp decrease in the rate of mass burning at the end of 
the combustion period would suggest that when the pilot is consumed, the combustion 
process ends. This pattern does not occur for methane, even at the much 
higher 
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Figure 9.7 - Comparisons of maximum and same primary equivalence ratio at '/z load 
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equivalence ratio. The higher methane LFL means that conditions cannot sustain a 
wide reaction zone around the pilot. The dependence on the pilot in methane dual 
fuel combustion is greater than for propane and butane. 
Propane exhibits the same kind of pattern that was observed for butane at the lower 
substitution level where the premixed combustion is reduced due to a lower pilot 
quantity and diffusion burning rates are increased due to a wider reaction zone. The 
longest combustion duration was also recorded with propane. Previous research has 
noted that the use of propane leads to extended ignition delays (Luft (2001)) and this 
has been seen here to reduced initial mass burning rates during the premixed 
combustion phase. However, propane is known to be a fast reacting fuel and so 
portions of the propane air mixture that are ignited by the pilot are able to readily 
ignite further portions of propane that are not in direct contact with the pilot. A 
consequence of this is that both fuels bum more slowly at lower temperatures 
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Figure 9.8 - Comparisons of minimum primary substitution at 
3/4 load 
Results at 3 load. In figure 9.8, the lowest gaseous fuel substitution cases are 
compared, and the overall shape of the combustion process remains the same as 
for 
diesel. This suggests that the combustion process is a strong function of the pilot 
reactions, and because the combustion pattern hasn't changed from that recorded at 
lower loads, increased temperature is less important than fuelling levels. Ignition 
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timing was held constant between the three fuels which allows for a clear comparison 
of the trends. Propane again shows lower initial mass burning rates, but in the higher 
cylinder temperatures at 3 load, this effect is reduced and the mass burning rate 
ultimately exceeds methane and butane. The initial mass burning rates are highest for 
butane, but the continued competition between butane and diesel ultimately results in 
a lower premixed peak. This supports the argument that there continues to be a diesel 
combustion reaction throughout the combustion process. It is also worth noting that 
the pilot quantity was slightly lower for butane compared with propane and methane, 
which contributes to the effect. The diffusion burning rates for butane are higher, 
supporting the argument that butane results in the widest reaction zone surrounding 
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Figure 9.9 - Comparison of same, mid point equivalence ratio at 
3/4 load 
In figure 9.9, the mid point substitution levels are compared. Propane has a much 
extended ignition delay compared with methane and butane, even though injection 
timing was earlier. The combustion process of propane is very similar to that shown 
by butane at V2 load, where the pilot fuel is large enough to make a significant 
contribution to the combustion process, and the concentration of the gaseous 
fuel is 
large enough to sustain a wide reaction zone around each ignition site. 
A very 
complete and fast combustion process occurs. The process is also short: when the 
pilot ceases to ignite, combustion ends. 
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Sol is delayed for butane compared with propane and so premixed mass burning rates 
are reduced. However, the diffusion burning rates are higher and there is less 
distinction between the premixed and diffusion burning phases. The mass burned 
rates are slower during the late combustion period as a result of the retarded SOC. 
When the graphs of BsCO are also compared (figure 9.16), the combustion process 
also appears to be less complete, as butane = 0.12 coincides with an increase in 
carbon monoxide. 
Although the addition of propane had a detrimental effect on the initial phases of 
combustion, the faster reactions then lead to a wider reaction zone for the same 
equivalence ratio. Butane had the longest combustion duration and also a higher pilot 
quantity in this data set. This demonstrates that the pilot plays an important role in 
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Figure 9.10 - Comparison of maximum primary 
fuelling level at 3/4 load 
The maximum substitution levels at 3/4 load are shown in figure 9.10. The maximum 
propane fuelling level was limited by knock, and butane was limited by the 
failure of 
the injector tip. All three fuels show a greatly increased contribution to energy release 
from the diffusion burning period. As it was possible to achieve significantly 
higher 
methane equivalence ratios, the mass burning pattern for methane shows a classic 
dual fuel combustion pattern where mass burning rates continue to 
increase during 
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diffusion burning period. The small diesel pilot ignites and in doing so the methane in 
the surrounding reaction zone also ignites. The high methane equivalence ratio 
allows the burning methane to ignite portions of methane mixture that are not in direct 
contact with the diesel pilot ignition sites and more of a flame propagation process 
occurs. However, there is a definite premixed and diffusion burning phase which 
would imply that flame propagation is not independent of the pilot. 
Initial mass burning rates for propane were slightly lower, but then increase sharply 
and ultimately exceed methane during premixed combustion. The combustion 
process itself appears to be more complete for propane where the rates of mass 
burning decreased more sharply during late combustion, and the combustion duration 
also shorter. This is in agreement with the lower emissions of BsUHC (figure 9.18). 














Figure 9.11 - BsNOx emissions at '/4 
load 
Results at'/4 load The emissions for NOx are normalized against power and are 
plotted at '/4 load for all fuelling levels in figure 9.11. As the primary 
fuel 
concentration is increased, substantial reductions in BsNOx are achieved. In chapters 
six, seven and eight, it was noted that low load NOx formation is strongly 
dependent 
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extended delay causes the pilot fuel to become more dispersed through the cylinder. 
and the delayed combustion occurs at lower temperatures. At '/4 load, most of the 
energy released in the dual fuel combustion system is due to the pilot and the gaseous 
fuel entrained within it. As the pilot becomes smaller, less fuel bums in the initial 
higher temperature phase of combustion. It is also likely that the reduced quantity of 
diesel fuel experiences poor atomization and penetration, which would also reduce the 
size of the reaction zone. 
This analysis is supported by comparing the burned zone temperature profiles at = 
0.11 for the three fuels, shown in figure 9.12. Propane has the lowest BsNOx 
emissions which correspond to a much lower burned zone temperature during 
premixed combustion. Propane consistently exhibited the lowest initial mass burning 
rates, which then exceeded methane and butane rates at the premixed peak. This 
demonstrates that BsNOx emissions fundamentally depend on initial mass burning 
rates, which are strongly related to the pilot. The emissions of butane appear to be 




Figure 9.12 - Burned zone temperature profiles 
At 3/4 load, (figure 9.13) the addition of a gaseous fuel causes an increase 
in BsNOx 
emissions up to substitution levels of approximately 60%. This is because at 
high 
loads, high charge temperatures exist and the gradual reduction of the pilot quantity 
is 
mitigated by the increasing primary fuel equivalence ratio: the net result 
has little 
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effect on BsNOx. Beyond the 60% level, the addition of all gaseous fuels causes a 
large reduction in BsNOx. In this region, less gaseous fuel is burned in the high 
initial temperatures, and the diffusion burning phase makes a greater contribution to 
heat release rates. 
The trends at '/z load are more complicated, (figure 9.14). At first, the addition of 
small quantities of methane and propane cause the emissions of BsNOx to decrease 
slightly, then increase until (approximately) (D = 0.1. At higher equivalence ratios. 
BsNOx subsequently decreases more dramatically. This is because the addition of 
small quantities of the primary fuels at first increases the ignition delay and hence 
lowers combustion temperatures, which would result in reduced NOx. As the 
concentration of primary then approaches the LFL, the reaction zone surrounding the 
pilot is widened, and the pilot is still large enough to directly affect most of the 
charge, thus leading to higher temperatures and hence elevated BsNOx. Eventually, 
the pilot size and reaction zone decrease and more of the energy release is from 
diffusion combustion. The lower temperatures combined with a richer mixture and 















Figure 9.13 - BsNOx emissions at 
3/4 load 
U iý 
Emissions of BsNOx from propane are lower than for methane. 
This is because 
propane is much more reactive than methane and tends to produce more 
intermediate 
species during compression that impede the pre-ignition reactions of 
diesel, slowing 
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initial mass burning rates. The emissions of BsNOx were highest for butane. which 
would also be expected as butane has the highest flame temperatures and the greatest 
energy content. The strongest correlations are with initial mass burning rates. Where 
these are low, BsNOx will be low. The results also suggest that the arIrlitinn of n 










Figure 9.14 - BsNOx emissions at '/2 load 
9.3.2 Smoke 
The trends at all load conditions were the same, so the data for the `worst case' at 3/4 
load are presented in figure 9.15. As the proportion of gaseous fuel is increased, 
visible smoke decreases. The slight deviations from an almost linear decrease can be 
explained on the basis of power fluctuations. For example; the butane smoke 
emissions are slightly higher than propane at (D = 0.06. The power output from the 
engine at this test point was also slightly higher for butane, and the pilot quantity was 
higher. For all data sets, the pilot quantity has a more important influence on smoke 
emissions than the gaseous fuel concentration A small increase or decrease 
in the 
pilot fuelling level results in a disproportionate increase or decrease in smoke. 
A much greater reduction in smoke was obtained with propane. Once again, 
this 
correlates well with the pilot quantity. Even though equivalence ratios were the same, 
less energy was substituted by methane and a larger pilot quantity was required, 
224 
6.0 
0,00 0,05 0,10 0.15 0.20 0.25 0.30 035 
Primary Fuel Equivalence Ratio 
CHAPTER NINE - COMPARISON OF THE PRIMARY FUELS 
leading to higher visible smoke emissions. The higher smoke emissions for butane 
are most likely due to locally fuel rich conditions that occur with the addition of even 
small amounts of butane, and also due to the reduced opportunity for oxidation during 


























0.00 0.10 0.20 0.30 0 . 
40 0.50 0 60 
Primary Fuel Equivalence Ratio 




OM 0.05 0.10 0.15 0.20 0.25 0.30 035 040 0 45 050 
Primary Fuel Equivalence Ratio 
Figure 9.15 - Variation of AVL smoke number with primary fuel equivalence ratio at 3/4 load 
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Due to the similarity only the data at 3/4 load are presented in figure 9.16. From the 
previous analysis, it has been concluded that the pilot fuel continues to burn and act as 
an ignition source throughout the combustion process. As load is increased, so are 
equivalence ratio of the primary fuel and the reaction zones surrounding ignition 
sources. Local equivalence ratios would therefore be fuel rich leading to increased 
BsCO, even at the lowest primary fuel substitution levels 
The increase in BsCO with higher gaseous fuel concentration is due to partial 
oxidation of most of the primary fuel. Significantly higher primary fuelling levels 
were obtained for methane than either propane or butane, and this was reflected in the 
mass burning profiles at 3 load. It was proposed that the combustion mechanism was 
that the increasingly large reaction zone surrounding the pilot fuel caused portions of 
the methane air charge that were not directly in contact with the diesel fuel to react. 
Combustion durations were thus extended as combustion was able to proceed for a 
short time after the pilot was consumed. This positive and wide reaching combustion 
process affected more of the charge and there was less opportunity for partial 
oxidation products to form. BsCO emissions were initially lower for butane than 
propane, but then showed a dramatic increase and were higher beyond (D = 0.12. This 
was identified as a point coinciding with the butane dual fuel combustion process 
becoming less complete. 
9.3.4 BsUHC 
BsUHC emissions were also normalised against power. The results at 'h load are 
presented in figure 9.14 and at 3/4 load in figure 9.18. In both graphs it can be seen 
that as the primary fuel concentration is increased, so are BsUHC emissions. As the 
pilot quantity is reduced, atomisation and vaporization processes will be degraded due 
to the reduced injection pressures. This will lead to under-mixing in part of the pilot, 
particularly during the late burning stage. Where ignition delays are increased over- 
leaning of the pilot can also occur, which is the most likely reason why 
butane 
emissions are lower than methane, and propane with the longest ignition 
delays has 
the highest BsUHC emissions. 
In figure 9.18, methane BsUHC emissions eventually decrease at the 
highest 
equivalence ratios. This also indicates that the combustion process 
is becoming more 
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complete and portions of the gaseous fuel air charge that are not directly in contact 
with the pilot fuel are burned. 
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Figure 9.18 - BsUHC emissions at 3/4 
load 
9.4 CONCLUDING SUMMARY 
Three different combustion patterns occur as the concentration of gaseous 
fuel is 
increased. At low primary fuel substitution levels, the combustion pattern closely 
follows diesel, and the addition of small amounts of methane, and particularly 
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propane, have a beneficial effect on BsNOx and smoke. This is due to slower initial 
mass burning rates which mean that less fuel is consumed in initial high temperature 
reactions, thus reducing NOx. Meanwhile, the pilot quantity is reduced, and diffusion 
burning periods are increased thus reducing smoke. This provides a beneficial way of 
manipulating the classic diesel NOx-particulate tradeoff 
1 
At high substitution levels the classic dual fuel combustion process is observed, but 
between the two patterns there is a transition region The change from one regime to 
another occurs earlier when the gaseous fuel is more reactive, and is a stronger 
function of fuelling strategy than cylinder temperature. The behavior during this 
period is also a function of the primary fuel. Propane had the longest ignition delays 
due its competition with diesel for pre-ignition reaction radicals. However, the mass 
burned rates quickly increase during the premixed phase and exceed those of methane 
and butane. This is because the fast reactions of propane are readily able to ignite 
portions of the propane air mixture that are not in direct contact with the pilot. Of the 
three gaseous fuels, propane exhibited the best emissions performance in an 
unmodified small diesel genset. Conversely, butane suffers from a continued 
competition between the pilot and primary fuel that tends to slow down mass burned 
rates throughout the premixed phased. Diffusion rates were elevated compared with 
methane and propane only, when a limiting concentration of butane was reached. 
Finally, methane shows a much stronger dependence on the pilot that either propane 
or butane and so this mechanism where burning methane ignites other portions of 
methane only occurs at the very highest concentrations. 
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10.1 DISCUSSION 
The purpose of this chapter is to discuss the methodology and consequent findings 
that have been made in previous chapters. It was identified from a literature review 
that there have been periods of intense research activity into dual fuel engines. 
focussing on the most available engines at the time. For example, very early research 
was conducted on large engines, while research up until the 1990's was conducted 
primarily on IDI diesel engines. Although operational trends and characteristics were 
thought to be established, there was a need to confirm the findings for modem DI 
engines. Moreover, whilst research into automotive applications had received a great 
deal of attention, there had been little interest directed towards small diesel gensets. 
Dual fuel is well suited to genset applications, where the engine will operate within a 
well defined duty cycle. A goal of this research was therefore to establish 
performance and emissions characteristics of a small diesel DI dual fuelled genset. 
This genset was not modified beyond the addition of low flow injectors to assess the 
extent to which this technology could be applied to such existing engines. This 
research may also be of interest in hybrid vehicle applications. 
It was further noted that the preferred fuel for use in dual fuel engines is natural gas, 
whose composition can vary depending on its geographical location. Consequently, 
previous research has tended to focus on the effects of different gases as constituent 
parts of natural gas. An opportunity to examine the both engine performance and 
emissions trends with different primary fuels was also identified. 
It was noted that in the dual fuel modelling studies that have been conducted, there is 
an assumption that the two fuels will bum separately and in different stages. It is 
unclear whether the author of the early research (Khan, (1969)) who proposed this 
mechanism intended for it to be understood this way, but the findings 
have 
subsequently been interpreted as a premixed diesel combustion process followed 
by 
an SI type flame propagation process. More recent research, where an optical 
investigation of the dual fuel combustion process was conducted 
has offered no 
evidence in support of this notion. A need to investigate this area was also 
identified. 
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Given these investigative opportunities, a three zone heat release rate model was 
chosen to analyse experimental data in a way that is physically representative of the 
conditions that will be encountered in a dual fuel engine. This tool was chosen as the 
basis for the contested description of the combustion processes was a heat release rate 
model. It is further anticipated that as the three zone model is computational IN- 
efficient, it may be suitable as part of a dual fuel engine control system. 
10.2 THREE ZONE MODEL 
The three zone model was developed from previous work where the technique had 
been applied to diesel engine research. The present formulation allows for a 
description of the pilot injection processes that are based on measured injection 
parameters. An equilibrium combustion model was also incorporated and an error in 
the description of the mass of the burned zone was corrected. 
An assessment of this technique analysis was conducted in chapter five. Each input 
parameter was examined to quantify the magnitude and severity of the possible 
resulting error. Of these, the most serious error results from incorrectly assigning a 
reference pressure. In common with the other input parameters, provided that the 
same methodology was consistently applied to their definition then the error between 
data sets was mitigated. This was also true of the coefficients used in the heat transfer 
model, whose definition was almost arbitrary given the range of values that they have 
taken in literature. There is a need to establish a more reliable heat transfer 
correlation that can be applied to simple diesel engine models. Accurate values for all 
reference conditions are cardinal, but the model was insensitive to artificial values 
used to initiate the calculation. 
In previous research, some problems were identified where the burned zone 
temperature took initial values that were unrealistically low, or else these 
temperatures initially decreased after the start of combustion. This problem 
is 
primarily linked to the compression temperature, which is used to calculate the 
reference internal energy at the start of the three zone calculation. This leads to errors 
in the calculations of the mass of the unburned and burned zones: both are seen 
to 
undergo a step change at the reference point (SOI). This could be improved 
by the 
inclusion of a model for blow-by so that the unburned mass can be corrected. 
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The only way to solve this problem for the burned zone is to employ an iterative 
procedure, on the basis of the measured parameters, to establish a reference value for 
unburned internal energy. However, this would lead to a value that is unrelated to any 
experimental data, and this value would change between data sets rendering 
comparison impossible. For these reasons, this solution was not pursued and instead 
the burned zone temperature profiles were analysed with this problem in mind. The 
trends are accurate, but absolute values are uncertain just after start of combustion. 
There was evidence in some data sets of an incorrect compression temperature that 
resulted in an initial decrease in temperature after ignition. This problem was 
observed (but not commented upon) in previous research In the present contribution, 
more species were considered in the calculation of thermodynamic properties of the 
unburned zone that had been included in previous work. On the basis of this and the 
other improvements, only a small proportion of the data sets here were affected. It 
seems reasonable to conclude that further improvements to the model, such as the 
inclusion of blow-by effects, would resolve this issue. 
The final source of error to be examined was the unsatisfactory description of the 
combustion process: proceeding in three stages and having both fuels burning 
independently within the system. Changes to the derivation of the overall equivalence 
ratio resulted in almost negligible different to the mass burning profile. However, 
changes in the equivalence ratio had a more serious effect. The description of three 
phases of combustion implies that the first phase is fuel rich, and the third phase is 
fuel lean. However, one of the premises of diesel combustion modelling is that the 
fuel should burn at a stoichiometric air fuel ratio. Typically, dual fuel analysis and 
modelling involves the definition of an `equivalent' fuel which is composed of the 
pilot and primary in their experimentally determined proportions. However, this too 
is problematic as neither fuel will bum at its own stoichiometric ratio and yet they are 
assumed to bum independently within the system at presumably any actual AFR. 
It was found that if the equivalence ratio of the assumed fuel was too rich, then a very 
small error would result, but a larger error results from lean mixtures. If more 
diesel 
was burned in any part of the combustion process, the greatest effect would 
be 
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observed at the premixed peak. If more primary fuel is burned, the diffusion burning 
rates would be under predicted. Fortunately, these errors were small. Therefore in 
the absence of specific guidelines for how the fuels actually interact during 
combustion there seemed to be little benefit in deviating from the accepted practice. 
Additionally, previous research has been found to be impaired by assumptions 
relating to the combustion processes so deviation from the accepted method could 
lead to further fallacious results. 
One of the more important findings relates to the argument where stage I combustion 
is thought to be due to approximately half the pilot fuel, and stage II is due to the 
remaining pilot fuel and gaseous fuel entrained by it. It was possible to reproduce this 
effect by changing the ratio of specific heat capacities in the single zone model that 
was compared against the three zone model. The switching point resulted in a sharp 
change of gradient of the initial mass burning rate at that same point. Within the three 
zone model, the specific heat capacities were calculated as a function of the 
composition of each zone, it was not possible to recreate this step. It is reasonable to 
conclude that the two separate initial stages of combustion do not exist. 
10.3 COMBUSTION ANALYSIS 
10.3.1 BSEC and Combustion Phasing 
The combustion analysis began with a comparison of BSEC with increasing primary 
fuel equivalence ratios at different load and speed conditions. It has been traditionally 
thought that BSEC should increase as increased primary fuel results in a less complete 
combustion process compared with diesel mode. For methane and propane, this was 
certainly true at low load conditions. However, BSEC was found to remain constant 
for methane at 3 and full load, and to decrease with increased gaseous fuel levels at Y2 
and 3 load for propane and at all loads for butane. Therefore, BSEC will only 
increase with increasing primary fuel concentration where the in cylinder conditions 
are such that an incomplete combustion process occurs (such as low load and 
low 
temperature). The addition of a primary fuel in itself does not 
degrade the 
combustion performance, whose independence from the primary fuel suggests 
that the 
dual fuel engine combustion mechanism was dominated by the pilot characteristics 
at 
all of the examined equivalence ratios. 
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In terms of combustion phasing parameters, the SOC correlated more closely with 
Sol than any other parameter including pilot fuel quantity for all data sets. However, 
a very consistent trend for ignition delay to increase with increasing primary fuel 
quantity was observed and the longest combustion durations were recorded with 
propane, the shortest with butane. This is in line with previous research, Karim et al. 
(1991). Where this differs is that none of the data analyzed here showed evidence of 
the ignition delay decreasing with continued primary fuel levels. It is possible that the 
primary fuel equivalence ratio was not sufficiently fuel rich to reveal this trend, but 
difficult to explicitly state so. This is because previous researchers have used very 
different definitions to quantify the gaseous fuel concentration: such as equivalence 
ratio of primary, total equivalence ratio, and percentage by mass and volume. Hence 
the basis on which the present contribution compares to previous work it is often 
unclear. It can be stated that the calculation of ignition delay within the three zone 
model is too coarse to allow definite conclusions to be made, and a consistent method 
of defining the proportion of inducted gaseous fuel would be beneficial to the field in 
general. 
Finally, it was noted (contrary to previous work) that the cyclic variations in position 
and magnitude of peak pressure do not necessary continue to increase with the 
primary fuel substitution level. Actually, where the combustion process can be 
identified as a classic dual fuel pattern cyclic variability decreases. This would 
suggest that dual fuel combustion is not inherently unstable, and where this has been 
identified as a problem by other researchers, the degradation of injection 
characteristics may provide a better explanation than the primary fuel quantity. 
103.2 Phases of Combustion 
Four stages were identified that are important during the dual fuel combustion 
process: these were the initial mass burning rates after ignition as they influence 
premixed combustion rates and temperatures; the magnitude and location of the 
premixed peak as this showed a strong relationship to NOx emissions levels; the 
diffusion burning period as this is an indicator of the completeness of combustion and 
related to smoke; and finally the late burning phase, which is also a strong 
function of 
the primary fuel concentration and relates to emissions of CO and UHC. 
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10.3.3 Combustion Pattern 
The analysis conducted in chapter six using the three zone model revealed that as the 
methane concentration was increased a number of different combustion patterns could 
be identified. At low substitution levels, the combustion pattern closely follows 
diesel, and at high substitution levels the classic dual fuel combustion process 
appears. In between the two regimes there is a transition region where, depending on 
initial rates of heat release, the premixed and diffusion periods make an equal 
contribution. In chapters seven and eight, it was found that the change from one 
regime to another occurs earlier when the gaseous fuel is more reactive. In order of 
increasing primary fuel concentration, these patterns can be summarized as; 
1. Diesel Pattern The combustion process closely mirrors that observed at 
the diesel baseline case for the same test point, particularly during diffusion burning 
periods. The premixed phase can be increased slightly compared with diesel and 
initial mass burning rates are higher. While the pilot is still large enough to extend to 
all portions of the combustion chamber, combustion durations are decreased. 
2. Transition: Reduced Pilot Influence The methane concentration is 
increased and the pilot quantity is decreased and consequently the size of the 
premixed peak is reduced compared with diesel and initial mass burning rates are 
decreased. The diffusion burning rates are a strong function of the methane 
concentration, but when the pilot ceases to burn, combustion ends. 
3. Transition: Increased Primary Influence Once the methane 
concentration reaches a limiting value (that is a function of in cylinder conditions 
such as temperature and fuel type), the diffusion burning rates increase. Peak values 
are higher than those recorded during the premixed phase, but there 
is always an 
obvious distinction between the two phases so the influence of the pilot 
is still 
important. This pattern is identified through increased diffusion burning rates, and 
increased quantities of fuel being burned during late combustion and extended 
combustion durations. There is evidence of a mechanism by which portions of 
the 
gaseous fuel ignite other portions of gaseous fuel that are not in 
direct contact with the 
pilot. However, this is not independent of the pilot. 
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4" Dual Fuel The last pattern is observed to be a classic dual fuel combustion 
pattern where the premixed and primary phases amalgamate and are indistinguishable. 
If combustion is significantly delayed, the contribution of the diffusion burning period 
is increased compared with the premixed phase. This pattern was observed in a very 
small amount of data, and it was noted that the combustion duration was often 
reduced under these conditions. The reduced duration supports the idea that when the 
pilot ceases to ignite, combustion will end. 
A better description of the dual fuel combustion process than the -three stages' theory 
would be that overall, the dependence and similarity to diesel is retained, and the 
majority of trends correlate primarily with the pilot. However, the type and 
concentration of the gaseous fuel, and the primary substitution levels are also 
important, especially at higher loads. The pre-mixed charge is subjected to increasing 
temperatures during compression. The intermediates species from these pre-ignition 
reactions such as radicals, aldehydes and CO are produced in significant amounts 
towards the end of compression where they directly influence the pre-ignition 
processes of the pilot, and consequently all subsequent features of the combustion 
processes. 
103.4 Type of Gaseous Fuel 
The performance of the three primary fuels was compared in chapter nine. At low 
load, the combustion pattern is similar in shape to diesel for all three primary fuels, 
but similar in magnitude for only methane and propane. Butane has a much reduced 
premixed peak compared with propane but the diffusion burning rates are higher. 
Butane's competition with the diesel pilot for active radicals leads to a much reduced 
initial mass burning rates and a less positive and less wide reaching ignition process. 
The highest substitution levels were achieved with methane, but comparisons were 
made where the equivalence ratio were similar. All three primary fuels show reduced 
mass burning rates during premixed combustion and higher diffusion burning rates 
compared with diesel. However, because the combustion pattern remains similar 
in 
shape to that of diesel the pilot fuel must have a profound effect. Propane exhibited a 
more extended ignition delay than methane or butane as its addition had a 
deleterious 
effect on pre-ignition processes leading to delayed SOC and initially slower rates 
of 
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mass burning. Propane is considered to be a fast reacting fuel and mass burning rates 
exceed those of butane, but do not quite catch up with methane. 
At '/z load, the lowest primary fuel substitution showed a mass burning profile that 
was similar to diesel. Methane was noted to have slightly reduced mass burning rates 
during the premixed phase of combustion and almost identical rates of diffusion 
burning to the diesel case. Propane has slightly higher rates during both phases 
compared with the diesel case and the methane case. The differences for butane were 
more pronounced with the lowest the premixed peak This is further evidence of 
butane competing with and impeding the combustion process of the diesel pilot as 
initial mass burning rates throughout premixed combustion were reduced. The 
distinction between premixed and diffusion burning phases is also less pronounced 
due to a less positive ignition source provided by the pilot, and a widened reaction 
zone around each ignition point. 
At the highest propane equivalence ratio the premixed and diffusion burning periods 
are less distinct as premixed combustion is reduced due to a lower pilot quantity and 
diffusion burning rates are increased due to a wider reaction zone. Unlike butane, the 
longest combustion duration was also recorded at this point. It was noted in chapter 
seven that propane leads to extended ignition delays and reduced initial mass burning 
rates during the premixed combustion phase. Subsequently; premixed combustion 
rates increase as portions of propane-air mixture that are not in direct contact with the 
pilot, ignite. This mechanism can extend combustion duration. 
At 3 load, the mass burning profiles for the lowest gaseous fuel equivalence ratios 
retain the same shape as for diesel. This suggests that the combustion process is a 
strong function of the pilot reactions. The lowest propane fuelling case has again 
resulted in lower initial mass burning rates, but in the higher cylinder temperatures 
this effect is reduced and the mass burning rate ultimately exceeds methane and 
butane. This shows that the dual fuel performance of propane is more affected 
by 
temperature that the other primary fuels. The initial mass burning rates were 
highest 
for butane, but the continued competition between butane and diesel persists well 
into 
the combustion process an results in a lower premixed peak. The 
diffusion burning 
rates for butane were also slightly higher, supporting the argument that 
butane has in 
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the widest reaction zone surrounding ignition sites. Even though the equivalence 
ratios were very similar, butane replace more of the pilot fuel. 
The maximum propane fuelling level was limited by knock, and butane was limited 
by the failure of the injector tip. It was possible to achieve significantly higher 
methane equivalence ratios and mass burning rates continue to increase during 
diffusion burning period. The small diesel pilot ignites and in doing so the methane in 
the surrounding reaction zone also ignites. However, the high methane equivalence 
ratio allows the burning methane to ignite portions of methane/air mixture that are not 
in direct contact with the diesel pilot ignition sites. However, there is a definite 
premixed and diffusion burning phase which would imply that the pilot combustion 
process is important through out the whole of the combustion process. The 
combustion processes of methane were consistently more strongly dependent on the 
pilot characteristics than propane or butane. 
10.3.9 Genset Performance 
Vast amounts of research attention are being directed towards new technologies that 
can meet increasingly stringent emissions legislation, such as HCCI and hybrid 
vehicles. To some extent, stationary engines have been neglected as their low volume 
production (compared with automotive engines) renders them less likely to absorb the 
cost of advanced technologies (such as high pressure common rail injection) nor 
complex control systems (such as variable valve timing). Although fixed speed 
generator engines are currently exempt from 97/68/EC, they will have to comply with 
Tier III legislation from January 1" 2007. These requirements are that for engines up 
to 37 kW that NOx+HC shall be reduced to 7.5 g/kWh and particulate matter shall be 
reduced to 0.6 g/kWh. Dual fuel presents a method of achieving these reductions 
without the need for traps or reduction catalysts, provided that the combustion process 
can be optimized. Therefore, the area is meritorious of research. 
A further goal of this research was to assess the extent to which this technology could 
be applied to existing genset engines. For this to be practical, the technology must not 
only work, but fuel cost savings must justify the cost of conversion. 
The simple 
answer to these questions is that dual fuel offers a beneficial means 
by which the 
NOx/particulate matter tradeoff can be manipulated in diesel engines. 
In an 
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unmodified genset engine, or other simple, low cost conversion, the penalty of this is 
an unacceptable increase in UHC and CO emissions. Power output will also be 
impaired, but not significantly. In terms of fuel cost savings, the BSEC of the engine 
does not necessarily increase just because a primary fuel has been added, and in fact 
BSEC was noted to decrease under some higher load circumstances. Dual fuel can 
therefore lead to a more efficient combustion processes 
The addition of small amounts of methane and particularly propane allow for 
substantial NOx and smoke reductions, without the unacceptable increase in CO and 
UHC. Power output will not be impaired in this case and all other performance 
characteristics show negligible change compared with diesel operation. Propane was 
shown to have the best emissions and performance characteristics overall, and it could 
be argued that the addition of a propane tank is no more costly or inconvenient that 
adding a urea tank for SCR, particularly when engines of this class are often found in 
locations where propane tanks are available (such as building sites). 
Butane was found to be a most unsuitable fuel for this application. There was little 
emissions benefit obtained at all butane concentrations, and power output and engine 
performance were also noted to be impaired: particularly when operation at % load 
resulted in the destruction of an injector tip! 
In order to avoid emissions penalties it is necessary to optimize the fuelling strategy at 
different load and speed conditions and provide exhaust after treatment. This may 
prove to be feasible on a genset where the operational envelope is small and the duty 
cycle is well defined. If this is done, there would appear to be no barrier to applying 
dual fuel conversions to existing engines, provided that the primary fuel is not butane. 
10.4 EMISSIONS TRENDS 
BsNOx In terms of emissions characteristics, the description of 
NOx 
and smoke emissions trends decreasing with increasing gaseous fuel does not 
fit the 
observed results. Under diesel conditions, the NOx emissions are highest; and where 
the classic dual fuel combustion pattern is observed, NOx emissions are 
lowest. 
There is a tendency for NOx emissions to increase where the combustion pattern 
is 
transitional between the two cases as initial cylinder temperatures are 
high during the 
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premixed phase. The influence of the initial rates of premixed heat release has the 
most significant effect. This phase of combustion is primarily correlated to the pilot. 
and so NOx emissions can be argued as being a function of the pilot. At higher loads 
and for more reactive primary fuels, the increased addition of the primary and 
consequent widening of the pilot reaction zone can at first mitigate the effect of 
reduced diesel quantity and cause the NOx emissions to increase. However, when the 
pilot quantity is further decreased NOx emissions also decrease. A slightly different 
trend is evident for butane, which releases almost the same amount of energy on 
combustion as diesel, Goto et al (1995). Here, NOx continues to increase with 
equivalence ratio at high loads. This is a result of a continued increase in mass 
burning rates leading to significantly higher cylinder temperatures throughout the 
combustion process. 
Smoke The level of visible smoke emissions does correlate with the primary 
fuel concentration as high concentrations lead to elevated diffusion burning rates 
where greater opportunities for smoke oxidation can be found. However, it was noted 
(when slight power fluctuations occurred) that a slight increase in pilot quantity 
resulted in a disproportionately large increase in smoke. In all cases a stronger 
correlation between visible smoke and pilot quantity was observed. This supports the 
argument that the pilot fuel continues to bum though out the combustion process. 
When the three primary fuels were compared, smoke emissions were found to be 
lower for propane than methane under all conditions except when the maximum 
methane substitution exceeds propane. This is because the combustion pattern of 
methane tended to follow diesel to much higher substitution levels, and the pilot leads 
to higher smoke. Propane always tended to have a longer diffusion burning period, 
and so more smoke was oxidized. Butane had the shortest diffusion period of the 
three gaseous fuels and also tended to have high smoke levels due to a reduced 
opportunity for oxidation. 
CO and UHC The trends observed in UHC and CO emissions were more 
straightforward. As the primary fuel concentration increases, CO levels also 
increase 
due to partial oxidation. The gaseous fuel that is not within the pilot reaction zone 
does not bum, which supports the argument that the pilot is always 
involved in the 
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combustion process. The trend for increased CO with increased primary fuel 
equivalence ratio is nearly linear, even though variations in SOI, pilot quantities and 
magnitudes of diffusion burning were observed. This implies that CO emissions are a 
strong function of the gaseous fuelling level, and as less oxygen is available, less CO 
is converted to CO2. There was also no evidence of CO levels eventually decreasing 
with continued addition of the primary fuel. 
As the equivalence ratio increased, UHC emissions also increased. This closely 
follows the magnitude of the diffusion burning period: where rates of diffusion 
burning were low such as at low load, UHC emissions were high. The primary cause 
of UHC was thought to be over mixing of the small pilot quantities leading to a 
smaller proportion of the gaseous fuel being consumed in the reaction zone. 
Noise The noise analysis was of limited importance, but in general 
combustion noise decreased with decreased pilot quantities. 
10.5 CONCLUSIONS 
This research has demonstrated the dependence of the dual fuel combustion process 
on the pilot at all primary fuel equivalence ratios. No evidence was found for the 
combustion processes becoming independent of the pilot characteristics. It is 
proposed that a better way to characterize the performance is to define a diesel 
combustion pattern, a dual fuel pattern and a transition region in between as the 
gaseous fuel equivalence ratio is increased. 
In the transition region, the premixed combustion and diffusion burning can make an 
almost equal contribution. This is also characterized by having shorter ignition 
delays 
and shorter combustion durations. Where initial mass burning rates are 
high, NOx 
emissions are also higher. The transition between the three regimes occurs at 
lower 
gaseous fuel substitution levels when a more reactive gaseous 
fuel is used, and also 
occurs earlier when the reactivity of the gaseous fuel 
is promoted (such as at the 
elevated temperature and pressures occurring at higher loads). 
Dual fuel is not a technology that can be applied to engines without 
complex 
additional control systems. However, the fumigation of a small amount 
of methane or 
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propane has a beneficial effect on reducing NOx and smoke in regions where this 
addition does not elevated initial mass burning rates. Butane use can lead to 
significant engine damage - even in a carefully controlled research environment. 
The emissions of a dual fuel engine are related to the different stages of combustion. 
NOx and noise are related to the premixed phase, as is smoke which is closely 
associated with diffusion burning. UHC and CO are strong functions of diffusion and 
late burning periods. The addition of a second fuel into a diesel engine therefore 
provides an alternative means to manipulate the diesel combustion processes in order 
to improve emissions characteristics. 
10.6 RECOMENDATIONS FOR FURTHER RESEARCH 
Given that the findings of this research have challenged the underlying assumption 
that the two fuels in a dual fuel engine bum independently, there is a need to establish 
how they interact. This could be achieved through an optical technique such as the 
two colour method, which could be applied to the research engine used in this study, 
Matsui et al. (1980). Alternatively, a chemical kinetics modelling investigation could 
also examine exactly how the mass burning rates are changed during combustion. In 
either case, a need for a new mass burning rate description is required. 
The three zone model was found to be computationally efficient and therefore suitable 
for implementation as part of a dual fuel control system. Further research into 
optimising the dual fuel combustion processes and control system would therefore be 
beneficial. This could be achieved through non linear identification methods, 
involving neural networks which are known to be fast, stable and particularly useful 
with noisy or incomplete data, Liu and Fei (2004). If more complex control systems 
are required, then dual fuel would also be suitable for emerging engine technologies 
such as HCCI where the control demands are significant. It had already been noted 
that dual fuel provides the most suitable opportunity for burning natural gas 
in HCCI 
engines, Patterson and Chen (2006). 
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APPENDIX A- TECHNICAL DATA OF THE FUELS 
PROPERTY 
BS / HM Customs 





Cetane Number 51 - 54 
Density at 15 °C(kg/m3) 820 835 834 
Viscosity at 400C (mm2/s) 2.0 4.4 2.69 
Sulphur Content (mg/kg) - 50 40 
Flash Point (°C) 55 - 64 
Carbon Residue (% mass) - 0.3 0.01 
Ash Content (% mass) - 0.01 <0.005 
Water Content (mg/kg) - 200 54 
Particulate Matter (mg/kg) - 24 2.9 
Distillation 
% (VollVol) Recovered at 250 °C 







Table Al - Properties of ESSO Ultra Low Sulphur Diesel from Esso Marketing 
Fuel Methane Propane Butane 
Chemical Formula CH4 C3H8 C4H, o 
Molecular Weight 16 44 58 
Density at STP (kg/M3) 0.647 1.779 2.345 
Lowe Heating Value (MJ/kg) 50.05 46.33 45.73 
Stoichiometric Air/Fuel Ratio 17.2 15.7 15.5 
Cetane Number ~0 0 -5 
U 
Limits L 









Purity (oho) 100 99.0 to 
99.98 99.0 to 99.9 
Autoignition Temperature (°C) 580 480 
365 
Table A2 - Properties of the gaseous fuels from 
BOC Material Satety iiata 31iecL', 
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APPENDIX B- CALLIBRATION OF TEST EQUIPMENT 
DRUCK PDCR 810-0799 GENERAL PURPOSE PRESSURE TRANSDUCER 
Date of Initial Calibration: 28th July 2003 
Calibration verified on 12 'x' August 2005 




PDCR 810-0799 General Purpose Pressure Transducer 491633 2 N/A 
2 DPI 272 Strain Gauge Input Panel Meter 1 N/A 
Weight Voltage Output (V) Average Output Pressure 
kg/cm2 Weight Added Weights Removed V Bar 
0.00 0.00 0.00 0.00 0.00 
1.00 29.09 29.10 29.10 0.98 
1.50 43.19 43.19 43.19 1.47 
2.00 57.27 57.28 57.28 1.96 
2.50 71.37 71.37 71.37 2.45 
3.00 85.44 85.45 85.45 2.94 
3.50 99.53 99.53 99.53 3.43 
Output (V) 99.53 
Pressure (bar) 3.4323275 
Calibration Constant 0.034485356 
Accuracy +/- 0.01 V 
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APPENDIX B- CALLIBRATION OF TEST EQUIPMENT 
KISTLER CYLINDER PRESSURE TRANSDUCER 
Date of Initial Calibration: 18`h August 2003 
Calibration verified on 12 




Item Description Serial Number Connected 
Equipment Settin s g 
I 6053B60 Kistler Pressure Transducer 564707 2 
Z 1631C Teflon Cable 18/08/03 JP I and 3 
3 Type 5011 Kistler Charge Amplifier MM0622 2 and 4 
T=6.5pC/bar 
S=2.0E+1 
4 3435A Digital Multimeter MEA0091 3 DC 20 V 
Weight Voltage Output (V) Average Output Pressure 
Kg/cm2 Weight Added Weights Removed V Bar 
0 0.00 -0.02 0.00 0.00 
10 0.46 0.45 0.46 9.81 
20 0.96 0.95 0.96 19.61 
30 1.46 1.46 1.46 29.42 
40 1.97 1.97 1.97 39.23 
50 2.48 2.47 2.48 49.03 
60 2.98 2.98 2.98 58.84 
70 3.49 3.49 3.49 68.65 
80 4.00 4.00 4.00 78.45 
90 4.50 4.51 4.51 88.26 
100 5.10 5.01 5.06 98.07 
110 5.52 5.53 5.53 107.87 
120 6.03 6.04 6.04 117.68 
130 6.54 6.54 6.54 127.49 
140 7.05 7.06 7.06 137.29 
150 7.56 7.57 7.57 147.10 
160 8.07 8.08 8.08 156.91 
170 8.58 8.59 8.59 166.71 
180 9.09 9.09 9.09 176.52 
190 9.60 9.60 9.60 186.33 
200 10.11 10.11 0.11 196.13 
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APPENDIX B- CALLIBRATION OF TEST EQUIPMENT 
Kistler Cylinder Pressure Transducer and Charge Amp Calibration 
























Output (V) 9.60 
Pressure (bar) 186.33 
Calibration Constant 19.40899479 
Accuracy +/- 0.1 V 
KISTLER 4065A FUEL LINE PRESSURE TRANSDUCER 
Date of Initial Calibration: 21st May 2003 
Calibration verified on 12th August 2005 




I 4065A Kistler Piezoresistive sensor 352996 2 
2 4757A Kistler Extension Cable 1,3 
3 4617A0 Charge Amplifier 352996 2,4 
Power Supply Unit MM1210 3,5 
Channel 2 
20V DC 
5 Digital Volt Meter MM1210 4,6 
0- 
6 BNC to pin cable 
5 
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100 2.00 3.00 4.00 5.00 600 700 800 900 1000 
APPENDIX B- CALLIBRATION OF TEST EQUIPMENT 
Weight Voltage Output (V) Average Output Pressure 
Ka/cmz Weight Added Weight Removed V Bar 
!10.26 





100 1.23 1.23 1.23 98.07 
150 1.72 1.72 1.72 147.10 
200 2.22 2.22 2.22 196.13 
250 2.71 2.71 2.71 245.17 
300 3.21 3.21 3.21 294.20 
350 3.71 3.71 343.23 
400 4.2 4.21 4.21 392.27 
450 
F 
4.71 4.71 441.30 
500 5.20 5.20 490.33 
550 5.70 5.70 539.37 











000 100.00 20000 300.00 40000 50000 
60000 
Pressure (Bar) 
Output (V) 5.44 
Pressure (bar) 539.36575 
Calibration Constant 0.01008592 
Accuracy +1-0.01V 
NOZZLE OPENING PRESSURES 
Date of Test: 16`h June 2004 




Instrumented (No 6) 240 241 243 240 
241 
No. 3 241 241 240 241 
241 
N0.1 240 242 239 240 
241 
No. 13 235 238 238 239 
237 
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APPENDIX C- COMPARRISON OF TEST CONDITIONS 
ivo Load 
Power (kW) 2.7 2.8 2.7 2.7 2.6 2.7 2.4 
Diesel AFR 92.5 96.0 88.7 108.1 139.3 146.5 162.4 
Methane AFR 0.0 1556.5 392.3 197.7 130.8 122.0 114.6 
Total AFR 92.5 90.5 72.3 69.9 67.4 66.6 67.2 
% energy by methane 0.0 6.5 20.3 38.2 54.6 57.5 61.5 
% energy by diesel 100.0 93.5 79.7 61.8 45.4 42.5 38.5 
Quarter Load 
Power (kW) 4.6 4.6 4.5 4.6 4.6 4.5 4.6 40 
Diesel AFR 70.8 75.2 76.4 102.2 123.3 111.1 133.7 97.9 
Methane AFR 0.0 784.9 308.0 147.0 98.9 92.1 85.9 58.4 
Total AFR 70.8 68.6 61.2 60.3 54.9 50.4 52.3 36.6 
% energy by methane 0.0 9.8 21.9 44.0 58.4 57.6 63.7 65.4 
% energy by diesel 100.0 90.2 78.1 56.0 41.6 42-4 36.3 146 
Half Load 
Power (kW) 9.5 9.4 9.6 9.3 9.4 9.3 9.2 2 
Diesel AFR 44.7 48.8 53.8 72.5 101.6 112.2 112.5 113.9 
Methane AFR 0.0 513.7 193.2 96.6 63.5 59.7 55.7 52.3 
Total AFR 44.7 44.5 42.1 41.4 39.1 39.0 37.3 35.8 
% energy by methane 0.0 9.7 23.9 45.9 64.3 68.0 69.5 71.1 
% energy by diesel 100.0 90.3 76.1 54.1 35.7 32O 30.5 28.9 
Three Quarters Load 
Power (kW) 14.1 14.0 14.1 13.8 14.2 14.1 14.6 15.9 
Diesel AFR 32.1 35.2 40.3 58.0 98.6 107.6 127.7 98.5 
Methane AFR 0.0 339.5 128.8 63.5 41.8 39.2 36.9 24.4 
Total AFR 32.1 31.9 30.7 30.3 29.4 28.7 28.6 19.5 
% energy by methane 0.0 10.5 26.1 50.8 72.7 75.6 79.6 
82.0 
% energy by diesel 100.0 89.5 73.9 49.2 27.3 24.4 
20.4 190 
cull Loaa 
Power (kW) 18.5 18.5 18.5 18.6 18.4 18.4 
Diesel AFR 23.1 25.8 30.4 42.6 88.8 116.3 
Methane AFR 0.0 277.3 103.1 51.0 33.4 31.4 
Total AFR 23.1 23.6 23.5 23.2 24.3 24.7 
% energy by methane 0.0 9.5 25.0 48.5 
75.0 80.7 
% energy by diesel 100.0 90.5 75.0 51.5 25.0 
19.3 
Table C. 1 - Fuelling levels for methane at 
1500 rpm 
p 
FUELLING LEVELS FOR METHANE AT 1500 RPM 
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APPENDIX C- COMPARRISON OF TEST CONDITIONS 
FUELLING LEVELS FOR METHANE AT 1800 RPM 
No Load 
Power (kW) 3.30 3.39 3.29 3.20 3.20 3.20 3.29 
Diesel AFR 90.47 93.64 103.46 118.32 124.49 138.26 14103 
Methane AFR 0.00 920.82 377.77 182.98 122.49 114.81 105.77 
Total AFR 90.47 85.00 81.22 71.85 61.74 62.72 60.80 
% energy by methane 0.00 10.30 23.61 42.19 53.42 57.61 60.42 
% energy by diesel 100.00 89.70 76.39 57.81 46.58 42.39 39.58 
Quarter Load 
Power (kW) 5.46 5.47 5.37 5.37 5.08 5.08 5.46 4.80 4.98 
Diesel AFR 72.80 77.54 85.67 100.92 125.96 132.04 129.47 145.95 144.48 
Methane AFR 0.00 750.67 289.86 144.71 96.95 90.61 84.24 79.25 76.14 
Total AFR 72.80 70.28 66.13 59.46 54.78 53.73 51.04 51.36 49.86 
% energy by methane 0.00 10.44 25.01 44.04 59.45 62.19 63.43 67.52 68 17 
% energy by diesel 100.00 89.56 74.99 55.96 40.55 37.81 36.57 32.48 31.83 
Half Load 
Power (kW) 10.83 10.82 10.81 10.85 10.83 11.31 10.84 10.27 
Diesel AFR 47.04 51.00 57.42 74.45 92.98 92.09 103.63 111.17 
Methane AFR 0.00 510.28 202.07 99.67 66.01 61.31 57.93 54.16 
Total AFR 47.04 46.36 44.72 42.62 38.60 36.81 37.16 36.42 
% energy by methane 0.00 10.14 24.28 45.74 61.39 62.90 66.88 69.85 
% energy by diesel 100.00 89.86 75.72 54.26 38.61 37 10 33.12 30.15 
Three Quarters Load 
Power (kW) 16.40 16.30 16.20 16.20 16.39 16.40 15.85 
Diesel AFR 33.81 36.44 41.48 55.95 80.22 83.11 100.20 
Methane AFR 0.00 372.80 148.52 73.27 47.93 45.75 42.89 
Total AFR 33.81 33.19 32.42 31.72 30.01 29.51 30.03 
% energy by methane 0.00 9.94 23.97 46.29 65.38 67.22 
72.50 
% energy by diesel 100.00 90.06 76.03 53.71 34.62 32.78 
27.50 
Full Load 
Power (kW) 21.96 21.87 21.88 22.00 21.38 21.88 
Diesel AFR 24.25 27.09 31.77 43.60 95.74 111.47 
Methane AFR 0.00 262.95 105.06 51.88 33.69 31.57 
Total AFR 24.25 24.56 24.39 23.69 24.92 24.60 
% energy by methane 0.00 10.42 25.44 48.68 
76.23 79.94 
% energy by diesel 100.00 89.58 74.56 51.32 23.77 
20.06 
Table C. 2 - Fuelling levels 
for methane at 1800 rpm 
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APPENDIX C- COMPARRISON OF TEST CONDITIONS 
FUELLING LEVELS FOR METHANE AT 2100 RPM 
iNo t, oa( 
Power (kW) 4.58 4.58 4.69 4.59 4.90 4.37 
Diesel AFR 82.82 86.54 96.30 110.30 125.58 138.33 
Methane AFR 0.00 872.53 336.92 168.35 111.79 98.68 
Total AFR 82.82 78.73 74.89 66.64 59.14 57.59 
% energy by methane 0.00 10.07 24.39 42.51 55.91 61.27 
% energy by diesel 100.00 89.93 75.61 57.49 44.09 38.73 
Quarter Load 
Power (kW) 6.12 6.11 6.22 6.33 6.11 6.1 66.40 
Diesel AFR 73.26 77.54 82.91 95.09 113.28 122.67 101.54 
Methane AFR 0.00 773.38 307.62 156.50 103.27 89.91 68.69 
Total AFR 73.57 70.47 65.31 59.15 54.02 51.88 40.97 
% energy by methane 0.00 10.17 23.32 40.68 55.32 60.63 62.52 
% energy by diesel 100.00 89.83 76.68 59.32 44.68 39.37 37.48 
Half Load 
Power (kW) 11.90 12.09 12.03 12.01 12.01 12.16 12.23 113 
Diesel AFR 49.29 51.31 57.98 74.86 98.12 96.26 101.75 106.64 
Methane AFR 0.00 515.59 210.05 104.76 68.84 66.14 60.49 54.67 
Total AFR 49.29 46.67 45.44 43.66 40.46 39.20 37.94 36.14 
% energy by methane 0.00 10.10 23.75 44.64 61.66 62.16 65.50 68.76 
% energy by diesel 100.00 89.90 76.25 55.36 38.34 37.84 34.5O 31.24 
Three Quarters Load 
Power (kW) 18.38 18.38 18.25 18.28 19.39 18.45 17.81 
Diesel AFR 34.06 36.76 43.02 58.43 89.92 107.54 91.50 
Methane AFR 0.00 365.74 150.71 71.75 47.18 43.29 32.80 
Total AFR 34.06 33.40 33.47 32.20 30.95 30.86 24.15 
% energy by methane 0.00 10.19 24.37 47.89 68.26 73.71 75.89 
% energy by diesel 100.00 89.81 75.63 52.11 31.74 26.29 24.11 
Full Load 
Power (kW) 24.50 24.68 24.62 24.70 24.26 
Diesel AFR 25.38 27.75 32.53 44.04 73.87 
Methane AFR 0.00 274.07 106.93 53.37 37.30 
Total AFR 25.38 25.20 24.94 24.13 24.79 
% energy by methane 0.00 10.26 25.56 48.22 69.09 
% energy by diesel 100.00 89.74 74.44 51.78 30.91 
Table C. 3 - Fuelling levels for methane at 
2100 rpm 
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